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SUMMARY

Flow mechanisms affect transport processes during condensation. Most studies on two-
phase flow regimes are qualitative in nature, typically providing only information to
guide the identification of the respective regimes and the transitions between them. These
studies have, however, not yielded quantitative information to assist the development of
pressure drop and heat transfer models. Such qualitative studies have also yielded results
with considerable variability between investigators. A comprehensive investigation of
flow mechanisms, void fraction, pressure drop and heat transfer during condensation of
R404A in microchannels was conducted. In contrast to all prior investigations, high-
speed video recordings and image analyses were used to directly measure void fraction,
slug frequencies, vapor bubble velocity, vapor bubble dimensions and liquid film
thicknesses in tube diameters ranging from 0.508 to 3.00 mm. Experiments were
conducted at reduced pressures and mass fluxes ranging from 0.38 to 0.77 and 200 to 800
kg m™ s, respectively, to document their influences on the condensation process at local
vapor qualities ranging from O to 1. This information was used to develop a model for
the void fraction in condensing flows. A complementing set of heat transfer and pressure
drop measurements were conducted on the same geometries at similar conditions, and the
void fraction model was used in conjunction with these measurements to develop
improved heat transfer and pressure drop models. This comprehensive set of experiments
and analyses yields a self-consistent and accurate treatment of high-pressure
condensation in small hydraulic diameter geometries. Furthermore, the heat transfer
model was found to agree well with condensing ammonia and carbon dioxide data that
were obtained at significantly different conditions in different tube diameters. The added
physical understanding of the condensation process and the models developed will serve
as important building blocks for the design of microscale condensers and thermal

systems.

XX1
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CHAPTER 1: INTRODUCTION

Miniaturized heat exchangers that use microchannels have been implemented in many
applications. Heat rejection to the ambient is often the limiting case in such applications,
and to shrink the envelope of the system, special attention must be given to reducing the
condenser size. The use of a microchannel condenser in this and other such applications
allows for the reduction in size, working fluid charge, and material requirements due to
the increased surface area-to-volume ratios and larger heat transfer coefficients that such
geometries offer. Predicting the amount of working fluid charge in a miniaturized system
can also be important in reduction of the overall package size, because in the case of a
vapor compression system, the accumulator is often one of the largest components. To
accurately size the accumulator, one must be able to accurately predict the required fluid
charge and the volume change during operation. In such situations, accurate void

fraction models in each system component are needed for accurate sizing.

The use of high pressure refrigerants such as R404A is of particular interest in
applications such as high-temperature-lift space conditioning because of its low ozone
depletion potential. Refrigerant R404A is a replacement for lower pressure refrigerants
R22 and R502 which are being phased out in accordance with the Montreal Protocol
starting with the freeze of production and consumption in 2013 and complete phase out
by 2030. Several other refrigerant blends (e.g., R410A) and natural refrigerants (e.g.,
CO,,) which are in consideration as more environmentally benign replacements for

common refrigerant applications, also operate at high reduced pressures.

There have been various liquid-vapor condensation studies, but most have focused on

flow through large tube diameters (D > 3 mm,) or are limited in a variety of other ways.

For example, many two-phase flow studies have been conducted with either pure
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refrigerants at low reduced pressures or air-water mixtures. Heat transfer and friction
losses are expected to be substantially different for high pressure refrigerants due to their
significantly different fluid properties (e.g., liquid-vapor density and viscosity ratios.) In
addition, surface tension at high reduced pressures can be significantly lower than at low
reduced pressures, and therefore, findings from investigations at high reduced pressures
in larger diameter tubes may not be applicable because they most probably do not capture
the influence of surface tension. In small tube diameters, the effects of surface tension
forces can be significant. In addition, the models previously developed for heat transfer
and pressure drop were not typically based on direct measurements of important

parameters such as void fraction, adding to the uncertainties in the models.

For example, in annular flow, Garimella et al. (2005) modeled pressure drop by applying
a force-momentum balance to compute the shear stress at the vapor-liquid interface. The
void fraction in this case can be used for the computation of bulk liquid-phase flow
velocities. This can be combined with the overall mass flux information and the vapor-
liquid quality to yield the slip ratio. In the absence of void fraction models for
condensing refrigerants in small channels, they used a void fraction model developed for
two-phase liquid metal flow by Baroczy (1965). Wavy flow heat transfer coefficient
correlations often rely on void fraction models to predict tube perimeter in contact with
gravity driven film condensate or with convective pool heat transfer. Several models,
including that of Cavallini et al. (2002), rely on void fraction models like the Zivi (1964)
correlation, which was developed for water-steam two-phase flow. While the models
available are often capable of predicting the data from which they were developed, most
models are unable to accurately predict condensation data under different operating
conditions and geometries. While the mechanisms of heat transfer in condensing flows
are well known qualitatively, some of the inaccuracies can be attributed to poor

predictions of the vapor-liquid distribution.
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In the present study, high-speed video recordings are taking over a range of tube
diameters, mass fluxes and saturation temperatures for condensing high pressure
refrigerant R404A. Flow regimes are observed from the high-speed video recordings and
image analyses conducted to measure void fractions, vapor bubble velocities, vapor
bubble lengths and slug frequencies. The void fraction data from the present study are
used to develop a void fraction model, which is used with the flow regime predictions as
a basis for pressure drop and heat transfer models. This approach allows for accurate
quantification of the vapor and liquid distribution (e.g., film thicknesses, wetted
perimeter ratios) throughout the condensation process. A complementing set of pressure
drop and heat transfer experiments are conducted under similar operating conditions for
validation and refinement of the pressure drop and heat transfer models. This results in a
comprehensive approach to predicting pressure drop and heat transfer coefficients based
on a void fraction model developed specifically for high pressure condensing refrigerant

through microchannels.

This dissertation is organized as follows. A review of relevant literature on two-phase
flow mapping, void fraction and condensation pressure drop and heat transfer is
presented and the research needs highlighted in Chapter 2. The experimental approach
and test facilities and equipment used are described in Chapter 3. The analysis
techniques used to evaluate the two-phase flow conditions, pressure drop, and heat
transfer coefficients are presented in Chapter 4, with detailed illustrations of the analyses
based on representative data points. The image analysis program used to deduce void
fraction is explained in Chapter 5 using a representative data point as the basis. Flow
regime maps, and void fraction, pressure drop, and heat transfer results are presented and
compared with relevant models from the literature in Chapter 6. Void fraction, pressure

drop, and heat transfer models for condensing flows in microchannels are presented in
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Chapter 7. Conclusions from this study and recommendations for future investigations
are provided in Chapter 8. The appendices detail uncertainty propagation, representative
experimental data points, primary loop pump heat addition calculations, a preliminary

intermittent pressure drop model and void fraction, pressure drop and heat transfer

calculations.
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CHAPTER 2: LITERATURE REVIEW

An overview of the literature pertinent to this study is presented here. First, work on flow
regime mapping is presented, followed by relevant studies on void fraction, pressure

drop, and heat transfer during condensation.

2.1 Flow Regime Maps

Accurate flow regime prediction is often the initial step in the modeling of heat transfer
and momentum loss in two-phase flow. A significant number of studies have been
conducted on flow regime mapping in two-phase flow. Literature related to this work is
presented in this section. The section is divided into adiabatic and condensing flows with
an emphasis on the difference between large diameter (D > 3 mm) and small diameter (D

< 3 mm) tube sizes.

2.1.1 Adiabatic Flows: Large Diameter Tubes

Two-phase flow research has been conducted for many years with much of the original
focus being on air-water, steam, and oil-gas mixtures. Some of the earliest flow regime
mapping was conducted by Baker (1954) based on experiments on adiabatic oil-gas
mixtures in tube diameters ranging from 101 to 254 mm. He observed and described
several different flow regimes and presented criteria for transition from one regime to
another. The flow regimes reported by him included bubble, plug, stratified, wavy, slug,
annular and spray. He found a strong dependence of the established flow regime on the
gas mass flow rate and the ratio of gas-to-liquid mass flow rate. Correction factors for
each of the two terms that served as the axes for a flow regime map were developed. The
gas mass flow rate correction factor was a function of phase densities and the correction
factor for the ratio of mass flow rates was a function of liquid density, viscosity, and

surface tension. The correction factors and mass flow rates were used as x- and y- axes
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and transition lines were drawn based on visual observations. The correction factors are
empirical in nature and the transitions lines were defined subjectively. Baker was one of
the first researchers to realize the importance of the different flow regimes on momentum
transfer and developed flow regime specific two-phase multipliers to predict pressure

drop.

Similarly, Mandhane et al. (1974) developed a flow regime map based on a large
database of air-water flows. The database consisted of air-water experiments conducted
in tube diameters ranging from 12.7 to 165.1 mm, and superficial gas and liquid
velocities varying from 0.043 to 170.7 m s™ and 0 to 7.315 m s™' respectively. The data
consisted of six observed flow regimes; bubble, stratified, wave, slug, annular-mist, and
dispersed bubble. They compared their data with previous maps, including Baker (1954),
Hoogendoorn (1959), and Govier and Omer (1962), and concluded that new transition
criteria were required to better capture flow regime transitions. They proposed a flow
regime map for the air-water data based on superficial phase velocities and empirical

property corrections.

Taitel and Dukler (1976) developed a flow regime map based on a theoretical approach to
understanding flow regime transitions. They predicted five different flow regimes during
two-phase flow in horizontal channels, including annular-dispersed, dispersed-bubble,
stratified-wavy, stratified-smooth, and intermittent. The transition from stratified to
annular-dispersed or from stratified to intermittent flow was based on an interfacial
stability analysis. They suggested that the faster moving vapor core led to surface waves
because of a Bernoulli effect and that these surface perturbations were dampened by
gravity. Therefore, they proposed using the Kelvin-Helmholtz stability theory to develop
their transition criteria. The resulting transition criterion is a density ratio modified

Froude number. The transition from annular-dispersed to intermittent was predicted to
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occur when the liquid level reaches half of the channel height. They found that for
horizontal tubes, this occurred at a constant Martinelli parameter of X = 1.6. Taitel and
Dukler (1976) hypothesized that the transition from stratified smooth to stratified wavy
occurred at the onset of wave generation in the lower liquid film. They used wave theory
presented by Jeffreys (1926) as the basis for a transition criterion that was a function of
non-dimensional phase areas and a wave sheltering number. = They predicted the
transition from intermittent to dispersed bubble flow by comparing buoyancy forces to
the shear forces acting on the vapor bubbles. They found satisfactory agreement with the
map of Mandhane et al. (1974). Their flow regime map is cited frequently in many
studies, and several other maps use it as a starting point, because of the physical

considerations used in its development.

Many of these early studies focused solely on air-water or air-oil fluid pairs at
atmospheric pressure where fluid and interfacial properties do not change significantly.
Weisman et al. (1979) investigated the influence of fluid properties and tube diameter on
flow regime transitions. Air-water flows in tube diameters ranging from 11.5 to 51 mm
were studied and the flow regimes were categorized based on visual observations and
dynamic pressure drop signals.  The flow regimes observed included plug/bubble,
stratified, wavy, slug, annular and dispersed. The liquid properties were systematically
altered such that their influence on flow transition could be investigated. The liquid
viscosity was altered by adding glycerol to the liquid, the surface tension by adding a
surfactant, and the liquid density by adding potassium carbonate solution. The effect of
vapor density on flow regimes was investigated by running closed loop experiments on
evaporating Freon 113. This was one of the first experimental investigations on
refrigerants and it was noted that much higher gas mass flow rates were needed to
transition to annular flow than was the case when air was the gas phase. Weisman et al.

(1979) found significant deficiencies in models available in literature, for example, those
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by Mandhane et al. (1974) and Taitel and Dukler (1976), and developed their own flow
regime map using property corrections similar to those by Mandhane et al. (1974). They
found that the most influential parameters for the transition lines were the superficial

phase velocities.

While most flow regime maps have been based on observations, there have been efforts
to quantitatively assess flow regimes as well. Caniere ef al. (2007) investigated adiabatic
air-water flow in 9 mm tubes. In an effort to remove subjectivity from the analysis, they
observed flow regimes and simultaneously used capacitance sensors. This allowed for
local void fraction measurements and the dynamic signal also allows for quantitative
assessment between different regimes using void fraction values and frequencies. The
regimes were classified into four major categories; annular, wavy, stratified and
intermittent flow. They hypothesized that the signal frequency and amplitude domain

would allow for classification of flow regimes through statistical categorization.

2.1.2 Adiabatic Flows: Small Channels

One of the first investigations of capillary effects on two-phase flow was conducted by
Suo and Griffith (1964). They investigated gas-liquid flows (air-water, N,-water,
Heptane-He, and Heptane-N,) in 1-mm diameter tubes. They noted that surface-tension
forces dominated at this scale and that capillary slug flow existed regardless of tube
orientation. They obtained correlations of transition lines from phase velocity ratios and
film thickness using a dimensional analysis. They found that the transition from annular
to slug flow could be predicted well when comparing phase velocities to the capillary
number. The transition criterion from slug to bubbly slug flow was developed by
comparing bubble Reynolds and Weber numbers. It is important to note that in their

analysis, they assumed pi/py >> 1 and w/uy > 25, which is consistent with air as the vapor
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phase. The property ratios in condensing refrigerants, specifically at high pressures, do
not meet these criteria. For example, the liquid-to-vapor density and viscosity ratios of

R404A vary from 18.6 and 8.1 at T, = 30°C to 4.8 and 4.2 at Ty, = 60°C.

Barnea er al. (1983) also investigated the effects of surface tension and decreasing tube
diameter on flow regime transitions. They conducted experiments on air-water flows
through tube diameters ranging from 4 to 12 mm. The flow regime map presented by
(Taitel and Dukler, 1976) predicted all transitions well except for the transition from
stratified to slug flow in horizontal tubes. This transition criterion was modified by
considering the effects of surface tension. They theorized that surface tension aids in
pulling the liquid wave up the tube to allow for a liquid bridge to form while gravity
resists this action. From a force balance, a transition criterion was developed by
evaluating the minimum vapor height that must exist to prevent intermittent flow from
existing. This replaced the Kelvin-Helmholtz stability transition criterion at small tube

diameters.

Damianides and Westwater (1988) furthered the understanding of the effects of tube
diameter and channel geometries on flow regimes. Visualization experiments were
conducted on air-water flows through an offset-fin heat exchanger design and through
several round tubes ranging in diameter from 1 to 5 mm. Simultaneous high frequency
pressure drop data were obtained to aid in flow regime classification. The observed flow
regimes were categorized as bubble, annular, and intermittent. Smooth stratified and
wavy stratified flows were not observed in the smallest channels. It was observed that
the flow regime at this scale was most influenced by the superficial liquid velocity and
that the superficial gas velocity had less of an influence. The flow transitioned directly
from annular to intermittent, which was caused by the generation of roll waves because

of the absence of the stratified region. They described this transition region as a pseudo-
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slug region where both annular and intermittent flow is present. They compared their
data to the Taitel and Dukler (1976) map and found reasonable agreement with their
largest tube data (5 mm) but as tube diameter decreased, agreement worsened.
Damianides and Westwater (1988) attributed these inaccuracies in transitions to different
mechanisms that were driving transition in small tubes compared to the theoretical

considerations for large tubes used by Taitel and Dukler (1976).

Fukano et al. (1989) studied the influence of surface tension forces in adiabatic air-water
flows in tube diameters ranging from 1 to 4.9 mm with a focus on transition criteria for
intermittent flow. Bubbly, plug, slug and annular flows were observed and were
classified based on visual inspection and dynamic pressure drop signals. It was noted
that at this length scale, any separated (stratified) flow was nonexistent. Good agreement
with their data and the transition criteria presented by Barnea ef al. (1983) was found
assuming that plug and slug flow were both considered intermittent. Fukano et al. (1989)
found poor agreement with the Mandhane et al. (1974) map, which they concluded was a
result of the influence of tube diameter. Fukano er al. (1989) developed pressure drop
correlations for each flow regime and developed vapor bubble velocity and length models

as the basis for their intermittent model.

The effect of hydraulic diameter and tube geometry was studied by Coleman and
Garimella (1999). Adiabatic air-water flows through circular and rectangular channels
were investigated for hydraulic diameters ranging from 1.3 to 5.5 mm. The flow regimes
were classified into four major regimes and several flow patterns. The flow regimes
observed were classified as either dispersed, intermittent, stratified, or annular flow. The
dispersed flow regime was subdivided into bubble and dispersed flow patterns. The flow
patterns in the intermittent flow regime were subdivided into elongated bubble and slug

flow. The stratified regime was categorized as either stratified smooth or stratified-wavy
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flow patterns, and the annular regime consisted of annular-wavy and annular film
patterns. The stratified smooth pattern was not observed throughout their experiments.
Their data were compared with flow regime maps presented by Taitel and Dukler (1976),
Damianides and Westwater (1988), Fukano er al. (1989), and Weisman et al. (1979).
Coleman and Garimella (1999) found poor agreement between their data and the flow
regime maps that did not account for decreased tube diameter and surface tension effects;
namely the Taitel and Dukler (1976) and Weisman et al. (1979) maps. Good agreement
between the data obtained in their study and that of Damianides and Westwater (1988)
and Fukano er al. (1989) was found and it was observed that tube diameter and surface
tension were less influential at tube diameters in the range of 10 mm and greater, but at
smaller diameters, these parameters become important. Coleman and Garimella (1999)
found that channel geometry also had an influence on flow regime transitions. A
comparison between their observations from a rectangular channel (D, = 5.36 mm, and
AR = 0.725) to that of a circular tube with a similar diameter (D = 5.5 mm) was made to
determine the effects of channel geometry. It was hypothesized that the effect of surface
tension in the rectangular channel would be more significant as a result of the liquid
getting pulled to the corners. The transition to dispersed flow was observed to occur at a
much higher superficial liquid velocity and the transition from intermittent to annular, or
intermittent to stratified flows occurred at a much lower superficial vapor velocity.
Regardless of tube geometry, it was found that decreasing the hydraulic diameter resulted
in annular and intermittent flow regime regions increasing in importance and in the

elimination of the wavy flow regime.

Similarly, Triplett et al. (1999b) independently investigated circular and semi-triangular
channels with hydraulic diameters ranging from 1.09 to 1.49 mm. Superficial gas and
liquid velocities were varied from 0.02 to 80 m s' and 0.02 to 8 m s™, respectively, and

bubbly, churn, slug, slug-annular and annular flow were observed. The stratified flow
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regime was absent from both geometries signifying the dominance of surface tension.
The data obtained in this study were compared with relevant two-phase flow maps and
data. Poor agreement between their data and the transition criteria of Suo and Griffith
(1964) was found, but there was satisfactory agreement between their data and Taitel et
al. (1980). Triplett et al. (1999b) stated that this agreement was most probably
coincidental, given that the assumptions used in developing the Taitel ef al. (1980) map
are not applicable in microchannels. They found good agreement between their data and
that of air-water studies conducted under similar conditions and tube diameters
(Damianides and Westwater, 1988; Fukano and Kariyasaki, 1993). The only difference

was in the naming and description of similar flow regimes in the two studies.

While air-water studies provide insights into two-phase phenomena, their properties can
vary significantly from those of refrigerants. Yang and Shieh (2001) conducted an
experimental investigation of adiabatic two-phase flow of air-water and R134a in tubes
ranging from 1 to 3 mm in diameter. The R134a experiments were conducted under
adiabatic conditions at a saturation temperature of 30°C (p, = 0.19.) Like several
previous studies, they noted the increased importance of surface tension forces at smaller
tube diameters. Six flow regimes were observed in their study; bubble, slug, plug, wavy
stratified, dispersed and annular flow. It was noted that it was difficult to obtain clear
transition lines from one flow regime to another, specifically slug-to-annular in air-water
experiments but that the transitions in R134a experiments were more defined and sharp.
Good agreement was found between their air-water data and those of Damianides and
Westwater (1988). Yang and Shieh (2001) observed a shift in the transition from annular
to slug flow for R134a, which was found to occur at much lower superficial vapor
velocities as compared to air-water data. It was also noted that there were significant
deviations in transition lines from bubble to plug and slug flow. They attributed this to

differences in fluid properties and suggested that the large difference in surface tension
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had the biggest impact. It was hypothesized that surface tension acted to minimize
interfacial surface area which allows for bubbles to maintain their circular shapes and
delayed the transition to annular flow. It was found that none of the existing flow pattern
maps were able to predict both air-water and refrigerant data well because of the
significantly different fluid properties. Therefore, one should be careful extrapolating
two-phase flow maps developed for air-water studies to fluids with significantly different

properties.

More recent studies have focused on sub-millimeter air-water flows. Serizawa et al.
(2002) examined hydraulic diameters ranging from 20 to 100 pm for air-water flow and
50 um for steam-water flow. Several interesting flow patterns were observed including
disperse bubbly, gas slug, liquid ring, liquid lump, annular, frothy or wispy annular,
rivulet, liquid droplet flow. Void fraction measurements were obtained from the visual
data and found good agreement with the Armand (1946) correlation. As a result of the
increased importance of surface tension at the microscales, Serizawa et al. (2002)
hypothesized that surface roughness and cleanliness would influence observed flow
regimes and transitions. The 100 um tubes were systematically cleaned and the same set
of visualization tests were conducted for comparison. Different flow regimes were
observed following the cleaning, which was attributed to better surface wettability. Their
observed data compared well with the Mandhane et al. (1974) map, which tended to
capture the general flow regime trends despite being constructed from data for tubes with

diameters an order of magnitude greater.

Kawahara et al. (2002) investigated N,-water flow through a silica tube with a diameter
of 100 um. They measured void fraction and pressure drop while simultaneously taking
high speed video. The flow regimes observed were intermittent and semi-annular which

they categorized further into five flow patterns. The flow patterns observed were liquid
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alone (or liquid slug,) gas core with a smooth-thin liquid film, gas core with a ring-
shaped liquid film, gas core with a smooth-thick liquid film, and a serpentine-like gas
core with a deformed liquid film. During experimentation, it was noted that several
different flow regimes occurred under the same operating conditions and a probability
analysis was conducted to divide the observed flow regimes into four categories for
mapping: slug-ring, ring-slug, multiple, and semi annular. Some discrepancies between
their observed results and those reported by Damianides and Westwater (1988), Fukano
and Kariyasaki (1993), and Triplett et al. (1999b) were observed. While Kawahara et al.
(2002) noted some differences in the locations of the transition lines, the largest
difference compared to previous work was the observation of the "multiple" flow regime
and the absence of the bubbly and churn flow regime. The lack of the bubble and churn
flow regimes was attributed to the existence of laminar flow throughout their
experiments. Due to the subjective nature of flow visualization, it is possible that the
"multiple" flow regime observed here may be a result of different observations of the
same flow structure. It is also possible that the regime was observed due to the

oscillation and inability to operate the tests steadily.

Chung et al. (2004) studied the influence of tube geometry by comparing flow regime,
pressure drop and void fraction data for air-water flows in circular (D = 100 pum) and
square (Dy = 95.6 um) channels. As mentioned in their previous work (Kawahara et al.,
2002), bubbly or churn flow patterns were not observed and their data were categorized
into four patterns; slug-ring, ring-slug, semi-annular and "multiple" flow. In the square
channels, the liquid-ring flow regime was not observed, which the authors attributed to
surface tension forces from the corners. Slight deviations in transition between circular
and square data were found, and different flow regime maps were developed for both

geometries.
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2.1.3 Condensing Flows: Large Diameter Tubes

There have been a plethora of flow regime studies on air-water adiabatic two-phase flow,
but studies on condensing fluids have been limited. The difference in fluid properties
between air-water and refrigerants is significant and therefore it is expected that the
transition criteria will be different. Also, many of the experimentally based flow regime
maps for air-water experiments are presented in terms of superficial velocity plots. This
may lead to poor predictions of transitions for other fluids because superficial velocities
assume that each phase takes up the entire cross-sectional area of the tube. Studies on

flow regimes in phase-change flows have primarily focused on larger tube diameters.

Traviss and Rohsenow (1973) investigated condensation of refrigerant R12 in an 8-mm
diameter circular tube. Experiments were conducted with saturation temperatures
ranging from 10 to 40°C (0.10 < p, < 0.23) and mass fluxes ranging from 100 to 990 kg
m? s, They observed dispersed, annular, semi-annular and slug flow. While it was
stated that the observed flow regimes could be divided into more detailed flow patterns, it
was stated that the observations were complex enough and that the objective of the study
did not warrant such description. Their data and the data of Soliman and Azer (1971)
were compared to the Baker (1954) and Scott (1963) maps. The Scott (1963) map is a
modification of the Baker plot with the addition of transition regions instead of discrete
transition lines. Traviss and Rohsenow (1973) found reasonably good agreement with
the Scott (1963) map and stated that the effect of condensation on the prevalent flow
regime was not substantial for these tube diameters. However, it was noted that the maps

did not include the semi-annular (or partially stratified regime) and a transition criterion

for this transition using a constant film Froude number of 45 was suggested.
One of the earliest studies on the influence of tube diameter on condensing refrigerants

was conducted by Breber et al. (1980). The effects of tube diameters ranging from 4.8 to
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22, 50.8 mm and properties of several different fluids (R11, R12, R113, steam, n-
pentane) during condensation were investigated. The experimental data were taken from
a large database that included flow visualization work from 10 different studies. Breber
et al. (1980) compared these data to the Taitel and Dukler (1976) map and found
relatively good agreement for data with tube diameters ranging from 8 to 22 mm. For the
small tube data (D = 4.8 mm,) the Taitel and Dukler (1976) map predicted all of the wavy
and slug flows as annular, which Breber er al. (1980) attributed to the lack of
consideration of surface tension forces in the formulation of the transition criteria. In an
effort to develop a simple and useful design tool, Breber et al. (1980) focused on dividing
the condensation process into two modes: inertial and gravity driven. They differentiated
between the zones using a dimensionless gas velocity, JG*, and the Martinelli parameter,
X. In addition, they developed a map that predicts flow regimes with transition regions
instead of abrupt transition lines. For each regime, a specific heat transfer coefficient is
suggested and when in the transition region, a linear interpolation of the two regimes was

suggested.

Tandon et al. (1982) developed a flow regime map based on data from previous
researchers such as Breber et al. (1980) on condensing R12 and R113 in tube diameters
ranging from 4.8 to 15.9 mm. Five different flow regimes were observed; spray, annular
and semi-annular, wavy, slug and plug. Transition criteria between slug, wavy, annular
and spray flow regimes were developed based on the same dimensionless vapor velocity,
Jg*, as Breber et al. (1980) and a volumetric liquid to vapor ratio (1-a)/a. They
estimated the void fraction using the Smith (1969) correlation, which was developed
based on boiling and air-water experiments. The flow regimes were categorized using
constant values of the two parameters which allowed for simple graphical representations

of the transitions.
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Many of the early refrigerant studies focused on low pressure refrigerants where fluid
properties can be significantly different than those at high pressures. Dobson and Chato
(1998) investigated flow regimes and their effect on condensation heat transfer for
various refrigerants (R12, R22, R134a, and near azeotropic blends of R32/R125) through
3.14 and 7.04 mm smooth tubes. The saturation temperatures of the experiments ranged
from 35 to 60°C (0.21 < p. < 0.57.) Flow regimes observed from the study were
stratified, wavy, wavy annular, annular, annular-mist and slug flows. Dobson and Chato
(1998) stated that the most dominant influence on observed flow regime was of mass flux
and quality. This is similar to air-water work where the superficial phase velocities were
found to be the most dominant factors. At the lowest mass flux (G = 25 kg m? s™',) the
smooth-stratified regime was observed during condensation. As the mass flux was
increased, interfacial waves were observed, and at low qualities slugging occurred. Only
at high mass fluxes (G > 500 kg m™ s™') was wavy annular, and annular flow observed.
The fluid properties and diameter had more subtle influences on the observed flow
regime transitions. The range of qualities at which annular flow existed was found to
increase with decreasing saturation temperature. It was hypothesized that this was a
result of increasing difference in vapor and liquid phase properties and surface tension.
Agreement between their data and the Mandhane et al. (1974) map was poor, which was
attributed to the difference in properties between the refrigerants and air-water mixtures.
The Taitel and Dukler (1976) map predicted the transition from stratified to wavy flow
well but failed to accurately capture the transition from slug to annular, slug to annular-
wavy and slug to wavy flows. The data agreed well with the transition criteria from
wavy to annular flow presented by Soliman (1982). Similar to Breber er al. (1980),
Dobson and Chato (1998) focused on determining the transition between shear and
gravity driven flow as a basis for their heat transfer models. Based on their observations,
it was concluded that all flows with mass fluxes less than 500 kg m? s should be

considered to be in the gravity driven regime. In instances where the mass flux is greater
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than 500 kg m™ s™, the modified Froude number presented by Soliman (1982) was used
to differentiate between gravity and shear-driven condensation. For Frg, > 20 the flow is
considered shear driven. These criteria developed by Dobson and Chato (1998) are most
applicable to fluids and tube diameters used in their study, and also use dimensional
parameters such as mass flux to define the transitions. Also, given the discrete nature of
the transition lines, discontinuities in predicted heat transfer coefficients across the

transitions can be expected.

Cavallini et al. (2002) developed a two-phase flow regime map based on a survey of the
literature and applied it to a large heat transfer and pressure drop data base of condensing
refrigerants at various pressures. Comparing transition criteria from Breber et al. (1980),
Sardesai et al. (1981), Tandon et al. (1982), Dobson and Chato (1998) and Rabas and
Arman (2000), they determined that annular flow will always exist when the
dimensionless gas velocity, Jg , is greater than 2.5. When the dimensionless gas velocity
is less than this threshold, a constant turbulent-turbulent Martinelli parameter is used to
determine the transition from stratified-annular to intermittent or stratified. Cavallini et
al. (2002) used these transitions as the basis for the development of multi-regime heat
transfer and pressure drop models for several refrigerants (R22, R134a, R125, R32,
R236ea, R407C, and R410A) in a circular tube of 8 mm.

Trying to use the similarities in phase-change processes, El Hajal et al. (2003) presented
a condensation flow regime map that they adapted from the flow boiling map of Kattan et
al. (1998a). The map was originally based on transition criteria presented by Taitel and
Dukler (1976). The major flow regimes predicted by the map are fully-stratified,
stratified-wavy, intermittent, annular, mist, and bubble flow. They developed a void
fraction correlation based on heat transfer coefficient analysis, which enabled liquid level

height predictions to be used for flow transition criteria. It is important to note that the
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transition from annular to intermittent flow was suggested to occur at a turbulent-
turbulent Martinelli parameter of X, = 0.34. For most refrigerants, this corresponds to a
transition quality of about 0.5, which indicates an intermittent flow region much larger
than has been reported in the literature for condensing flow. It was stated that their flow
regime map agreed reasonably well with maps in literature. The transition lines from
wavy to annular agreed with those of Sardesai et al. (1981) and Dobson and Chato
(1998). What is particularly interesting is that the agreement between the work of the
map presented here by El Hajal ef al. (2003) and that of Cavallini et al. (2002) is poor
despite having some of the authors being common to both papers. Much of the wavy
regime from the Cavallini ef al. (2002) map overlapped the annular and intermittent
regime of El Hajal er al. (2003). EIl Hajal er al. (2003) attributed this discrepancy to the
vague description of the transition and stratified-wavy regimes. They state that this flow
regime map is applicable for 16 < G < 1532 kg m™ s, 3.14 < D < 21.4 mm, 0.02 < p; <
0.8 and 76 (We/Fr) < 884 and for over 20 fluids, although substantiation for the wide

applicability range is not provided.

More recently, Jassim et al. (2007); Jassim et al. (2008b) and Jassim et al. (2008b) noted
the difficulty in observing specific flow regimes in discrete regions and concluded that
taking a probabilistic approach to predicting flow conditions would yield continuous
functions when used as the basis for heat transfer and pressure drop models.
Visualization experiments were conducted on refrigerant R134a at 25, 35, and 49.7°C (p,
=0.16, 0.22, 0.32) and R410A at 25°C (p, = 0.3351) condensing through tubes ranging in
diameter from 1.74 to 8.00 mm. They developed image recognition tools that observed
the flow regime in real time and categorized it as either intermittent-liquid, stratified or
annular flow. The time fraction for each flow regime within each data point was deduced
from this. While this is a unique approach to predict flow regimes for heat transfer and

pressure drop modeling because it allows for continuous functions across transitions,
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some of the results from these maps appear not to be physically feasible. For example, it
is unlikely that annular, stratified and intermittent flow occur simultaneously as predicted
by their weighting function. This is either a result of predicting large amplitude waves as
liquid slugs as the flow transitions from wavy to annular, or perhaps predicting a thin film
as annular flow as the flow transitions from intermittent to annular. The flow regimes
could also be misinterpreted if the field of view is not wide enough to observe all the
characteristics of the flow. For the examples presented in their work, the field of view

was approximately three tube diameters, which may not be sufficient.

2.1.4 Condensing Flows: Small Channels

Coleman and Garimella (2000a, b, 2003) investigated the effects of hydraulic diameter
and channel geometry on condensing flows of R134a at saturation temperatures of
interest (T, = 52°C, T, = 0.52, p, = 0.34) for heat rejection in air-conditioning systems to
the ambient .Condensing flow was visualized in a 4.91 mm circular tube, 1 to 4 mm
hydraulic diameter square channels, and two different orientations for rectangular
channels of 4 x 6 mm and 2 x 4 mm. Four major flow regimes were observed;
intermittent, wavy, annular and dispersed. Several different flow patterns were observed
within each major flow regime. It was found that the hydraulic diameter is more
significant in determining flow regimes and transitions than shape or aspect ratio. As
tube diameter decreased, it was found that the extent of wavy flow on the flow regime
map diminished. This was attributed to the decreasing importance of gravity and the
increased importance of surface tension forces at the smaller diameters. It was also found
that the extent of the intermittent flow regime increased as tube diameter decreased. Their
results were compared with the Wang er al. (1997) and Weisman et al. (1979) flow
regime maps with good agreement. The discrepancies that were there were primarily due

to different nomenclature and interpretations of the observed regimes. For example, what
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Coleman and Garimella referred to as "disperse wave," Wang et al. (1997) labeled wavy-
annular. Similarly, Weisman et al. (1979) designated mist, annular, and dispersed wave
as annular flow. Coleman and Garimella also compared their R134a data with
observations made in a previous investigation using air-water (Coleman and Garimella,
1999). They concluded that simply using superficial velocity plots for flow regime
mapping led to poor predictions for fluids with significantly different phase properties
and that the use of non-dimensional numbers, such as the Froude number, would yield
more accurate transition criteria. From their observed data, they developed a flow regime
map for condensing R134a using mass flux and quality as the axes. In the absence of
detailed quantitative information about the cross-sectional areas occupied by the different
phases or the distribution of the phases, they decided to use mass flux and quality as the
coordinate axes, because these are directly measured parameters and do not require
assumptions such as those that would be necessary to obtain superficial velocities and

other similar variables.

Nema (2007) used the flow regime data from Coleman and Garimella (2000a, b, 2003)
and developed transition criteria for condensation in channels with small hydraulic
diameters using dimensionless parameters. Using a systematic dimensional analysis, he
found that the two best parameters for developing transition lines were the vapor Weber
number, We,, and the modified Froude number, Fry,.q. He incorporated several physical
observations from Coleman and Garimella (2000a, b, 2003) into these transition criteria.
The first was the absence of wavy flow in small tube diameters. Nema (2007)
differentiated between large and small tube diameters using the Bond number, Bo. The
critical Bond number was determined based on the force balance introduced by Barnea et
al. (1983) for two-phase flow through small diameter tubes. If the Bond number is less
than this critical value, wavy flow is absent and the flow is predicted to transition directly

from annular to intermittent flow. If the Bond number is greater than the critical value,
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the flow transitions from intermittent to wavy to annular. Another key feature of the
transition criteria presented in this work is the transition to intermittent flow. The
original work by Taitel and Dukler (1976) considered this transition to arise due to large
amplitude waves overcoming gravity forces to bridge the vapor core to the top of the tube
for wavy to intermittent flow and used a constant Martinelli parameter for the transtion
for annular to intermittent flow. The force balance between gravitational and inertial
forces for this transition is also accomplished through the use of a constant modified
Froude number by Taitel and Dukler (1976), or in the case of Breber et al. (1980),
Tandon et al. (1982), and Cavallini et al. (2002), a non-dimensional vapor velocity, JG*,
is used. However, both transition criteria result in counter-intuitive trends to what is
observered for the transition to intermittent flow as diameter decreases. To capture this
trend, i.e., as the diameter decreases, the extent of intermittent flow regime increases,
Nema (2007) predicted the transtion from wavy or annular flow to intermittent flow using

the vapor Weber number.

Jassim and Newell (2006) conducted visualization studies of two-phase flow through a
multiport microchannel test section. The test section consisted of six parallel tubes with a
diameter of 1.54 mm. Adiabatic experiments were conducted on air-water flows, and
condensing refrigerants R134a and R410A were investigated at a saturation temperature
of 10°C (R134a, p, = 0.10, R410A, p. = 0.22.) Using the image recognition tools
developed in a previous study, they evaluated the flow regimes through each tube for a
given data point and developed probabilistic flow regime models. Only intermittent and

annular flow was observed.

2.1.5 Summary
There has been extensive work on flow regime determination as seen in this review of the
literature and summarized in Table 2.1. From these investigations, it can be seen that

there are three different approaches to determine the dominant flow regime under a given
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operating condition. The most common approach is through the use of superficial
velocities. This approach yields good results for a given fluid combination and tube
diameter but cannot be accurately extrapolated to different fluids. A majority of the
experimental studies have focused on adiabatic air-water studies, which have drastically
different fluid properties than those of refrigerants. As a result, one should use the
original flow regime maps developed by Baker (1954) and Mandhane et al. (1974) with
caution. The inadequacy of transition criteria developed from air-water studies to predict
refrigerant transitions was demonstrated by Coleman and Garimella (2003),which they

attributed to drastically different properties of the two fluid pairs.

The second approach is through the use of non-dimensional parameters explained
through physical interpretations of the transition phenomena. This approach is more
fundamentally sound, but can often ignore the effects of some relevant forces and
dimensions depending on the assumptions used to formulate the transition mechanism.
The most widely used map because of its theoretical basis is the Taitel and Dukler (1976)
map. Many researchers have used this as the basis to develop specific maps for specific
situations and geometries, and also in an attempt to extend its range of applicability.
Researchers in condensation have often simplified the transition criteria and focused
solely on the transition from gravity to shear driven flow. Breber et al. (1980), Tandon et
al. (1982), Dobson and Chato (1998), and Cavallini et al. (2002) all used some form of a
modified Froude number to predict this transition. While this is the most important
transition in large tubes, the gravity driven regime is not very prevalent in small tubes and

the intermittent regime becomes more likely.

One of the most important properties that affects transitions in small tubes is surface
tension, which is not considered in the Taitel and Dukler (1976) map. Several

researchers highlighted above have investigated these effects in small tube diameters for
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air-water flows, but there has been less emphasis on condensing refrigerants. However,
there have been few studies focusing on the increased importance of surface tension in
small channels for refrigerants. Nema (2007) used the visualization data from Coleman
and Garimella (2000a, b, 2003) to develop dimensionless transition criteria in small tube
diameters, and accounts for the influence of surface tension. This approach was based on
the physical mechanisms applicable at small diameters, but was based on data from only

R134a at one specific operating condition, and needs to be validated with more data.

The methods discussed above result in discrete transition criteria, and using them as the
basis for predicting heat and momentum transfer can often lead to unrealistic
discontinuities in the prediction of heat transfer coefficients and pressure drops. This is
overcome by interpolations in the transition regions between multiple regime-specific
correlations. The prediction of flow regimes using a probabilistic approach minimizes
such discontinuities without defining specific transition regions. For example, Jassim et
al. (Jassim and Newell, 2006; Jassim et al., 2007; Jassim et al., 2008a) used probability
weighting functions for condensing flows as the basis for void fraction, pressure drop and
heat transfer models. While this approach leads to continuous functions throughout, the
weighting functions are highly empirical and often result in unduly high overlaps

between flow regimes without a corresponding physical basis.
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Table 2.1: Summary of Flow Regime Literature

Investigator(s) | Fluid(s) D, | Pr | Comments
Adiabatic - Large Diameter Tubes
Baker (1954) Oil-gas 101 - 254 e Superficial velocity coordinate map
mm with empirical property corrections
Mandhane et al. Air-water 12.7-165.1 e Superficial velocity coordinate map
(1974) mm with empirical property corrections
Taitel and Dukler | Air-water e Theoretical basis for flow regime
(1976) transitions
Weisman ef al. Air - water 11.5-51 ¢ Modified Mandhane et al. (1974) map
(1979) /glycol mm using property correction terms
/surfactant /
potassium
carbonate
Canicre et al. Air-Water 9 mm ¢ Flow regime assessment using
(2007) capacitance sensors
Adiabatic - Small Tubes
Suo and Griffith | Air-water, I mm e Dimensionless transition criteria for
(1964) N2-water, flow patterns within intermittent flow
Heptane-He, e Criteria for surface tension dominated
Heptane-N2 region
Barnea et al. Air-water 4 -12 mm ¢ Modified Taitel and Dukler (1976) to
(1983) account for surface tension for
intermittent flow transition
Damianides and | Air-water 1-5mm ¢ Agreement with Taitel and Dukler
Westwater (1988) (1976) worsens with decreasing D
(decrease in stratified regime)
Fukano et al. Air-water 1-4.9 mm ¢ Good agreement with Barnea ez al.
(1989) (1983)
Coleman and Air-water 1.3-55 ¢ Hydraulic diameter more influential
Garimella (1999) mm than geometry
(circular); e Stratified diminishes and intermittent
5.35 (AR = regime increases as D decreases
0.725,
rectangular)
Triplett et al. Air-water 1.1, 1.45 e No stratified flow observed
(1999b) mm ¢ Data agreed with Damianides and
(circular) Westwater (1988), Fukano et al.
1.09, 1.49 (1989), and Fukano and Kariyasaki
mm (1993)
(triangular)
Yang and Shieh Air-water, 1,2,3 mm e Air-water transitions difficult to
(2001) R134a 0.19 decipher and R134a transitions
clear/sharp
e Properties significantly different and
map to capture transitions of both
unlikely
Serizawa et al. Air-water 20-100 pm e Observed several new regimes at this
(2002) Steam-water | 50 um scale
¢ Investigated surface contamination
effects
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Table 2.1 continued...

Investigator(s) Fluid(s) Dy, Pr Comments
Kawahara et al. N, - water 100 pm ¢ Did not observe stratified or bubbly
(2002) flow
¢ Developed flow regime map based on
probability of occurrence
Chung and N,-water 100 pm ¢ Investigated effects of channel
Kawaji (2004); (circular) geometries and found slight
Chung et al. 95.6 pm deviations
(2004) (square)
Condensation
Traviss and RI12 & mm 0.10- | e Reasonable agreement with Baker
Rohsenow (1973) 0.23 (1954)
¢ Semi-annular regime transition
defined by Fr
Breber et al. R11,R12, 4.8 - 22 mm e Large database of visualization data
(1980) R113, 50.8 mm ¢ Developed transition criteria using
steam, n- dimensionless gas velocity, Jg ', and
pentane Martinelli parameter, X
e Transition regions instead of abrupt
lines
Tandon et al. R12,R113 4.8-159 ¢ Developed transition criteria using
(1982) mm dimensionless gas velocity, Jg ', and
volumetric liquid/vapor ratio using
Smith (1969) a model
Dobson and R12, R22, 3.14,4.57, 0.21 - e Differentiated between shear and
Chato (1998) R134a, 7.04 mm 0.57 gravity driven condensation using G
R32/R125 and Frg,
Coleman and R134a 491 mm 0.34 ¢ D is more influential than AR for
Garimella (circular) transition criteria
(2000a,b, 2003) 1-4 mm e Intermittent and annular flow
(square) increase, stratified decreases as D
4.8,2.7 mm decreases
(rectangular) e Transition criteria using G-x
Cavallini et al. ¢ Developed transition criteria using
(2002) Dimensionless gas velocity, Jg , and
Martinelli parameter, Xj;, based on
data from several sources
El Hajal et al. ® Modified Kattan et al. (1998a) flow
(2003) boiling map
Jassim and R134a 1.54 mm 0.10 e Used image recognition program to
Newell (2006) R410A 0.22 capture flow regimes in 6 parallel
tubes
¢ Developed probabilistic flow regime
maps for microchannels
Jassim et al. R134a 1.74 - 8.0 0.16 - | e Developed image recognition tools
(2007), Jassim et | R410A mm 0.33 for flow regime observation

al. (2008b) ¢ Presented probabilistic flow regime
maps
Nema (2007) ¢ Developed non-dimensional transition

criteria based on Coleman and
Garimella (2000a, b, 2003) data

Bo to determine when wavy flow was
present, We, and Fr,,q for regime
transitions
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2.2Void Fraction

Similar to the literature on flow regime mapping, there is an abundance of experimental
studies on void fraction in adiabatic air-water flows, with the same limitations of
extrapolation to condensing refrigerant flows as was seen in flow regime mapping. This
review focuses primarily on condensing refrigerant studies and air-water studies at small
diameters. The review of the literature on void fraction presented here is divided into two

main categories; large and small diameter channel studies.

2.2.1 Large Diameter Channels

One of the earliest studies on void fraction was conducted by Armand (1946) on air-water
two-phase flow. He developed empirical correlation in which a constant multiplier of
0.83 was applied to the homogeneous void fraction. Because of the simplicity of this

model, it is often used and modified by researchers to estimate void fraction.

Another early void fraction study was conducted by Isbin et al. (1959). Void fractions of
steam-water flows were measured through a horizontal tube with a diameter of 12.29 mm
using a radiation-absorption method. Vapor and liquid phases have significantly different
densities, which results in different absorption characteristics of electromagnetic
radiation. An electromagnetic wave is passed through the two-phase flow and the
intensity of the wave is measured using a scintillator combined with a photomultiplier.
The intensity of the signal is calibrated using completely liquid and completely vapor
filled tubes to allow for quantification of the void fraction. Pressure drop was also
measured simultaneously. A sufficient amount of data to justify a correlation was not
obtained but it was possible to evaluate the influence of void fraction on the pressure
drop two-phase multiplier. They found that the liquid two-phase multiplier had an inverse

relationship with the liquid fraction, or one minus the void fraction.
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In many cases, researchers have developed theoretical models to predict void fraction
because of the challenges in measuring void fraction. Zivi (1964) developed an
analytical slip model to predict void fraction in steam-water flows. His theory was based
on the concept that under steady-state conditions, a thermodynamic process will reach a
state of minimum entropy generation. With this assumption, he developed a slip ratio
model for three cases. The first case was for annular flow with no liquid entrainment in
the vapor core, and assuming no wall friction. This yielded the simplest result where the
slip ratio was found to be S = (pl/pv)m. Slip ratio models were also developed that
consider the wall shear stress and liquid entrainment. Despite being developed for steam-
water flows, the Zivi (1964) void fraction model is often used in refrigerant two-phase
flow models. For example, the stratified-wavy heat transfer model presented by Cavallini
et al. (2002) relies on the Zivi (1964) void fraction to predict the wetted perimeter

fraction in contact with the stratified pool.

Baroczy (1965) investigated void fraction in two-phase flow for liquid mercury-nitrogen
and air-water flowing through channels. He tabulated liquid hold-up, or (1-a), versus
Martinelli parameter. Butterworth (1975) developed a Martinelli parameter based void
fraction correlation based on this table which is commonly used in two-phase flow
because of its simplicity (Equation 6.23.) It was recommended by Rice (1987) for
refrigerants and is used in the pressure drop and heat transfer models developed by

Garimella and co-workers (Garimella er al., 2005; Bandhauer et al., 2006).

An early study on void fraction in two-phase flow, which serves as the basis for
refrigerant models, is that of Rouhani and Axelsson (1970). They studied void fraction in
boiling steam flows through vertical annuli, rod clusters and rectangular channels ranging
in hydraulic diameter from 4.4 to 46.5 mm. They proposed a modified version of the

Zuber and Findlay (1965) drift-flux model based on their data for vertical flows. They fit
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flow regime specific distribution parameters and found excellent agreement with their

data in the sub-cooled and saturated boiling regions.

Another theoretical void fraction formulation was developed by Ishii (1977), in which a
flow regime specific drift flux model for disperse, churn-turbulent and annular, annular
mist flow was developed. Distribution functions and vapor drift velocities were
developed for each regime by taking into account specific interfacial geometries, and
body-force and shear balances. They found good agreement with a large database of void
fraction measurements available from the literature. Channel geometry specific
distribution functions were also developed signifying a predicted influence of geometry
on void fraction. While theoretically based, the formulations of drift-flux and distribution
parameters from this author are often a function of void fraction, which makes the

solution iterative, and thus challenging to implement.

The Chexal-Lellouche drift flux correlation (Chexal et al., 1992) was developed using an
extensive void fraction database. The data included a wide range of diabatic and
adiabatic steam, air-water and refrigerant studies. The refrigerants included in the study
were R11, R12, R22, R113, and R114 in tubes ranging in diameter from 30 to 120 mm.
The goal of the study was to develop a reliable correlation that could predict void fraction
in a wide range of geometries typical of Pressurized Water Reactor and Boiling Water
Reactor fuel assemblies. Therefore, efforts were made to develop a correlation that was
continuous and did not depend on flow regime or spline fitting. The resulting correlation
is highly empirical and iterative but was found by the authors to predict void fraction data
well for various fluids over a wide range of operating conditions and tube orientations.
However, the smallest hydraulic diameter considered was 5 mm for adiabatic steam-

water experiments, and the correlation has not been validated at small tube diameters.

29

www.manaraa.com



Yashar et al. (2001) conducted a series of condensation and evaporation void fraction
studies on refrigerants R134a and R410A in smooth and Microfin tubes. The evaporation
experiments were conducted on 7.3 and 8.9 mm tubes with 0 and 18 degree helix micro
fins, while the condensation experiments were conducted only on the set of 8.9 mm
tubes. Experiments were conducted at saturation temperatures of 5 and 35°C (R134a: p,
= 0.08, 0.22, R410A: p; = 0.18, 0.43.) A shut-off valve method was used to capture the
two-phase flow within the test section during steady state operation. By measuring the
amount of trapped refrigerant accurately, the void fraction was deduced with a stated
uncertainty of 10%. Void fraction data from smooth tubes ranging from 4.3 to 8.9 mm
were included in the analysis. They found that in general, the void fraction results were
insensitive to hydraulic diameter but hypothesized that tubes with diameters less than 4.3
mm may be sensitive to diameter given the increased amount of intermittent flow present.
They also found that despite the difference in heat transfer characteristics between
smooth and enhanced tubes, the void fraction was unaffected during evaporation.
However, they found that under the same operating conditions, the measured void
fractions in the microfin tube were less than those in smooth tubes. They developed a
void fraction correlation as a function of the Froude rate and the turbulent-turbulent
Martinelli parameter. It was stated that the Froude rate captures the energy dissipation of
gravitational lift and falling waves while the Martinelli parameter addresses the energy
dissipation as a result of the vapor-liquid interactions. It was expected that their data
would either fall under the gravitational (wavy-stratified) or inertia (annular) regimes,
and they stated that this combination of non-dimensional parameters best describes the
forces of interest. In small tube geometries, gravitational forces are most likely
unimportant so it is expected that this correlation would not predict void fraction in such
geometries well. It is also interesting to note that although the authors stated that the void
fraction is insensitive to tube diameter, the correlation they suggested is a function of

diameter.
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Due to the difficulty in obtaining void fraction data, some researchers have attempted to
obtain void fraction from heat transfer data. El Hajal er al. (2003) developed a void
fraction correlation based on the reduction of a large database of condensation heat
transfer coefficients. They stated that void fraction was a significant parameter when
predicting heat transfer coefficients and developed a flow regime specific frame work
which relied on void fraction for film thickness and wetted perimeter values. From the
heat transfer database, they deduced the void fraction that would be required for their
model to accurately predict their heat transfer results. At low reduced pressures, the
Rouhani and Axelsson (1970) correlation predicted their results well despite being
developed for evaporating flows. El Hajal e al. (2003) hypothesized that as the reduced
pressure of the refrigerant approaches unity, the void fraction should approach the
homogeneous model. The Rouhani and Axelsson (1970) correlation does not approach
the homogeneous model in this range, therefore El Hajal et al. (2003) recommended a log
mean average of the homogeneous and Rouhani and Axelsson (1970) models. The model
developed El Hajal et al. (2003) was not experimentally validated directly for condensing
flows, and is based on a database of heat transfer data for geometries with diameters

greater than 3.14 mm.

Many heat exchanger designs include enhanced features. The effect of Microfins on void
fraction in two-phase flow was investigated by Koyama et al. (2004). Void fraction was
measured using the quick-closing-valve method for adiabatic two-phase flow of
refrigerant R134a through a smooth tube with a diameter of 7.52 mm and a Microfin tube
with a diameter of 8.86 mm. Experiments were conducted at mass fluxes ranging from
90 to 250 kg m™ s and reduced pressures of 0.20 and 0.30. They found good agreement
between their smooth tube results and the Baroczy (1965) and Smith (1969) correlations.

These two correlations were therefore recommended for smooth tube void fraction
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prediction. Poor agreement was found between their data and the Microfin tube model
developed by Yashar et al. (2001). It was found that the saturation pressure had the
largest influence on void fraction and that mass flux did not appreciably affect void
fraction. However, it was noted that mass flux did have a larger impact on void fraction
in Microfin tubes than in smooth tubes. Void fraction models in the stratified-annular
regime and in the purely annular regime were developed for Microfin tubes based on a

momentum analysis.

Jassim et al. (2008a) developed a void fraction model for evaporating and condensing
flow using their probabilistic flow regime approach. A different void fraction correlation
was recommended for each flow regime coupled with a weighting function based on the
likelihood of appearance of each regime under a given operating condition. For annular
flow they suggested the Rouhani and Axelsson (1970) model, for stratified flow the
Yashar et al. (2001) model, and for intermittent flow, they suggested the Graham et al.
(1998) model. They chose these models because they were in the best agreement with
each flow regime when compared to the large database of refrigerant void fractions. The
void fraction database included condensing, evaporating and adiabatic two-phase flow of
refrigerants (R11, R12, R22, R134a, R410A) in tube diameters ranging from 4.26 to 9.58
mm and saturation temperatures ranging from 5 to 35°C (0.086 < p; < 0.43.) Agreement
between their model and the data was very good with 92.7% of the data predicted within

10%.

2.2.2 Small Channels

Mishima and Hibiki (1996a, b) studied two-phase flow of air-water mixtures in vertical
small channels (1 < D < 4 mm) and measured bubble velocities, void fraction and

pressure drop through aluminum tubes using neutron radiography and an image
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processing technique. From their data, they developed flow regime specific drift flux

correlations for bubbly, slug, churn, and annular flow.

Triplett et al. (1999a) analyzed air-water photographs in circular tubes with diameters of
1.1 mm and 1.45 mm and in semi-triangular channels with hydraulic diameters of 1.1 and
1.49 mm. In bubbly flow, they approximated the bubbles to be spheres or ellipsoids based
on the diameter and shape of the bubbles. In slug flow, they idealized the vapor slugs as
cylinders with spherical caps. Annular flow was not analyzed in this manner. To
determine the uncertainty in this technique, they repeated the calculations several times
on the same photograph as well as on other photographs taken during the same test
condition. In each case, the results deviated by about 10% and therefore, they estimated
their uncertainty to be within 15%. They compared their results with the homogeneous
model and other relevant correlations in the literature. It was found that the
homogeneous model predicted their data the best in the bubbly and slug flow regime, but

that all models from the literature over predicted their data in the annular flow regime.

A similar air-water study on microchannel tubes was conducted by Serizawa et al. (2002)
on tubes with diameters of 20, 25 and 100 pm using a high-speed flow visualization. A
set of experiments for steam flows was also conducted on a 50 um tube. These images
were used to calculate void fraction in the bubbly and slug flow regimes by assuming an
axi-symmetric shape of the bubbles. At these very small diameters, they found good

agreement between their data and the Armand (1946) correlation.

Kawahara er al. (2002) used a technique similar to that of Serizawa et al. (2002) to
measure void fraction of Nj-water mixtures through 100 pm diameter tube. They
declared the void fraction to be either 1 where a large vapor core appeared with small thin

film, or O when only liquid was present in the frame. For thicker films, they accounted
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for the liquid inventory by using the diameter of the vapor core and the length of the tube
to calculate the volume of the vapor. . The stated uncertainties in measured void fraction
were -0.05 to -0.01. They found weak momentum coupling between the two phases and
found that the void fraction was insensitive to superficial vapor velocity. As a result,
typical correlations in the literature did not predict their void fraction data well.
Therefore, they developed an empirical correlation that is solely a function of
homogeneous void fraction and empirical constants. This approach leads to the surprising
predictions of slip ratios that are an order of magnitude higher than those reported for

channel diameters greater than ~1 mm.

Jassim and Newell (2006) measured void fraction of refrigerants R134a, R410A, and air-
water through a six port microchannel test section of circular tubes with a diameter of
1.54 mm. The void fraction data were obtained in a previous study by Nifio (2002) by
pneumatically crimping the microchannel tubes and weighing the tube filled with
refrigerant. This approach is similar to a quick-closing-valve method where the test
section is suddenly isolated from the flow loop. It was stated that this method could
achieve uncertainties of 0.7% when the tubes were perfectly sealed. There was
significant scatter in the data, specifically for high pressure refrigerant R410A, which
might imply that the test sections were leaking. Using their probabilistic flow regime
map as a basis, a void fraction model was developed. The Armand (1946) correlation
was recommended for the intermittent regime, the Nifio (2002) correlation for annular
flow, and O or 1 where pure vapor or liquid, respectively, were predicted. The model was

able to predict only about 70% of the refrigerant data within 20%.

More recently, Winkler et al. (2012) developed an image analysis program to obtain void
fraction from video frames collected in the flow regime studies of Coleman and

Garimella (2000a, b, 2003).  First, the area based void fraction was determined for the
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camera viewing plane. The volume of the vapor was approximated by a specific shape
factor for intermittent flows (circular shape for square and circular, and elliptical shape
for rectangular geometries,) or based on the average vapor height for wavy flows. A total
of 140 data points were obtained in the intermittent, intermittent-wavy, and wavy flow
regimes for condensing R134a in square, rectangular and circular channels with hydraulic
diameters ranging from 2 to 4.91 mm. It was found that void fraction in the wavy flow
regime depended strongly on quality but showed little sensitivity to hydraulic diameter
and mass flux. These trends were not as clearly observed in the intermittent or
intermittent-wavy overlap regime. From their data they developed a flow regime specific
drift flux model and a slip ratio model for the wavy flow regime. It was difficult to
define the distribution parameter and vapor drift flux with relavant two-phase flow
parameters, therefore, a best fit using empirical constants was chosen. The model
predicted 79% of the data within 20% but predicted 95% of the wavy flow data within
11%.

2.2.3 Summary

The relevant studies on void fraction presented here are summarized in Table 2.2. Few
studies have measured void fraction of condensing refrigerants in small diameter
channels, and none in tubes with diameters smaller than 1 mm or reduced pressures
greater than 0.34. Jassim and Newell (2006) measured void fraction in multiport
channels using a crimping technique analogous to the quick-closing-valves method.
While the stated uncertainty was low, there were concerns about the validity of the
method given that the tubes may not have always sealed correctly. This is most likely the
result for their often larger than normally observed void fraction results and large scatter
in data. Although Winkler et al. (2012) investigated refrigerant flows in small diameter

channels, they were only able to analyze wavy, intermittent-wavy, and intermittent flow.
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Table 2.2: Summary of Void Fraction Literature

Investigator(s) | Fluid(s) | Dy, | Pr | Comments
Large Diameter Tubes
Armand (1946) Air-water ¢ Simple multiplier to homogeneous
void fraction
Isbin ef al. (1959) | Steam-water | 12.29 ¢ Radiation absorption method
e Related a to two-phase multiplier
Zivi (1964) ® Theoretical a formulation based on

minimum entropy
¢ 3 models developed; simplest was slip

ratio
Baroczy (1965) Mercury-N, e Tabulated liquid hold-up versus
Air-water Martinelli Parameter

¢ Butterworth (1975) fit table and
developed correlation; Recommended
by Rice (1987) for refrigerants

Rouhani and Steam Annulus, 0.08 - | e Experiments conducted in vertical
Axelsson (1970) | (boiling) rod 0.23 orientation
bundles, * Modified Zuber and Findlay (1965)
rectangular drift-flux model
channels
44-374
mm
Ishii (1977) e Derived distribution functions and

vapor drift flux velocities from body-
force and shear balances for several
flow regimes and geometries

Chexal et al. ¢ Empirical drift-flux correlation based
(1992) on large database of experiments
e All data D > 5 mm, Refrigerant data
D >30 mm
Yashar ef al. R134a 43-8.9 0.08 - | e Quick-close valve experiments on
(2001) R404a mm 0.43 evaporating and condensing
(smooth) refrigerants
7.3, 8.9 mm ® D has no influence on a
(Microfin) ® Microfin surface only affects

condensation o
e correlation using Ft, X,

El Hajal et al. ¢ Developed void fraction correlation

(2003) from large database of refrigerant
condensation heat transfer data (D >
3.14 mm)

¢ Log mean average of f and Rouhani
and Axelsson (1970)

Koyama et al. R134a 7.52 mm 0.2, ¢ Quick-closing-valve experiments

(2004) 8.86 mm 0.3 * Recommended Baroczy (1965) and

(Microfin) (Smith, 1969) for smooth tubes

¢ Influence of mass flux negligible in
smooth tubes, more pronounced in
Microfin tubes

¢ Presented stratified-annular and
annular o model for Microfin tubes
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Table 2.2 continued...

Investigator(s) | Fluid(s) | Dy, | Pr | Comments
Large Diameter Tubes
Jassim et al. e Used probabilistic flow regime
(2008a) approach and recommended Graham

et al. (1998) correlation for
intermittent flow, Yashar ez al. (2001)
correlation for stratified flow, and
Rouhani and Axelsson (1970)
correlation for annular flow

e Compared to large database of o for
adiabatic, condensing and evaporating
flows (D > 4.26 mm, p, < 0.43)

Small Diameter Tubes
Mishima and Air-water I -4 mm e neutron radiography and image
Hibiki (19964, b) processing

Drift flux correlation for vertical
bubbly, slug, churn and annular
regimes

Triplett et al. Air-water 1.1, 1.45 ¢ Image analysis technique
(1999a) mm e f3 predicted bubbly, slug data well,
(circular) over-predicted annular data
1.1, 1.49
(semi-
triangular)
Serizawa et al. Air-water 20, 25, 100 ¢ Image analysis technique
(2002) um ® Good agreement with Armand (1946)
Steam 50 um
Kawabhara ef al. N,-water 100 pm ¢ Image analysis technique
(2002) ® ¢ insensitive to superficial vapor
velocity
e [ based empirical model with large
slip ratios predicted
Jassim and R134a, 1.54 mm 0.10 ¢ Probabilistic flow regime model as
Newell (2006) R410A 0.22 basis of prediction; Armand (1946)
for intermittent, and Nifio (2002) for
annular flow
Winkler et al. R134a 2-4.91 0.34 ¢ Image analysis technique based on
(2012) (circular, viewing plane o measurements and
square, flow regimes
rectangular) e Drift-flux model with empirical
constants for intermittent and wavy
flow regime
e Slip ratio correlation for wavy flow
regime

At the combination of hydraulic diameter and fluid properties investigated, wavy flow
was still present, indicating that the flows established were not fully characteristic of
microchannel flow The Jassim and Newell (2006) and Winkler ef al. (2012) studies were

both conducted at low reduced pressures (p; < 0.34.) As previously noted, refrigerant
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properties and air-water properties can vary significantly. Furthermore, refrigerant
properties at low reduced pressures can be quite different from those at high reduced
pressures. Therefore, studies such as those by Jassim and Newell (2006) and Winkler et
al. (2012) that are conducted at a single saturation temperature are unable to definitively
provide insights into the effects of fluid property variations on void fraction. While these
investigators have studied void fraction for condensing refrigerants in small diameter
channels, there have not been any studies that account simultaneously for the increasing
influence of surface tension at the small diameters on the one hand, and the decreasing
surface tension in refrigerants as the critical point is approached with increasing

pressures.

2.3 Pressure Drop
Pressure drop in two-phase flow through large diameter tubes has been extensively

investigated. This large body of work has been conducted on several fluids, including
refrigerants, for larger tube diameters (D > 3 mm.) In smaller tube diameters, however,

the focus has mostly been on adiabatic and evaporating flows.

Three classical correlations, Lockhart and Martinelli (1949), Chisholm (1973a), and
Friedel (1979), form the basis for many of the correlations in the literature. Of these
three, only the Friedel (1979) correlation directly considers surface tension effects, which
can be significant at the smaller diameters. Although such correlations are widely used,
their predictive abilities are often inadequate. This is primarily due to the use of these
correlations outside their originally intended range of applicability, and also because such
correlations do not differentiate between the vastly different flow regimes for which they

were developed.
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Friedel (1979) developed a pressure drop correlation using a database of 25,000 frictional
pressure drop measurements. The database was obtained from experiments on horizontal
and vertical flow of single and two-phase flow through circular tubes. The fluids used
included water, R113, R22, R12, R11, N», NH;3, Ne, 1Na99K, 8Na92K, air-water and air-
oil.  This empirical correlation uses a two-phase multiplier that considers both
gravitational and surface tensions forces by using the Froude and Weber number. Friedel
(1979) found much better agreement with the data than that of Chisholm (1973a)
predicting 83% versus 72% of the data within 30%. This model serves as the basis for

many two-phase pressure drop correlations in the literature.

Mishima and Hibiki (1996b) investigated the influence of small tube diameters in two-
phase flow. This is the same study that was presented in the flow regime and void
fraction sections. They measured pressure drop while simultaneously observing the flow
regime in air-water vertical flows in tube diameters ranging from 1.05 to 4.08 mm.
Despite capturing several different flow regimes, Mishima and Hibiki (1996b) compared
all their data to the two-phase multiplier constant presented by Chisholm (1967).
Mishima and Hibiki (1996b) observed that as tube diameter decreased, the Chisholm
constant decreased and developed an empirical correlation to account for this. The
correlation only considers the tube diameter and no other fluid properties. Their results
were compared to horizontal air-water data from Sugawara et al. (1967) and ammonia
data from Ungar and Cornwell (1992) for circular tubes. Good agreement was found and
it was concluded that their correlation was valid for vertical and horizontal tubes. This
approach was extended to vertical and horizontal ducts by fitting their empirical constant
to air-water data from Sadatomi et al. (1982), and R113-N, data from Moriyama et al.
(1992). This approach only took into account hydraulic diameter, but does not account

for the effects of aspect ratio. The empirical constant derived for noncircular channels is
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only slightly different from that derived for circular channels (-0.333 vs. -0.319) and

physical interpretations for these values are not provided.

Zhang and Webb (2001) conducted a study on pressure drop in refrigerants through small
channels. They investigated adiabatic single- and two-phase flow of refrigerants R134a,
R22, and R404A in a multi-port extruded tube with a hydraulic diameter of 2.13 mm, and
circular tubes with diameters of 3.25 and 6.25 mm. Experiments were conducted at
various reduced pressures ranging from 0.21 to 0.51. The Friedel (1979) correlation was
found to predict data well at low reduced pressures but tended to over-predict data as
reduced pressure was increased. To account for the effect of reduced pressure on
pressure drop, a modification to the Friedel (1979) correlation was suggested by
replacing property ratios with reduced pressure. The We and Fr number dependence was
also replaced by the reduced pressure and it was stated that the exponents in the original
model were very small and thus the two-phase multiplier dependence was very weak.
They found reasonable agreement between their data and the reduced pressure based
correlation. It predicted 85% of the data within 20%, and they recommended it for tube
diameters between 1 and 7 mm and reduced pressures greater than 0.2. They also
compared their model to that of Tran ef al. (2000) and found that it agreed well at low
qualities but that as quality increased, deviation between the two predictions worsened.

They attributed this to the difference in properties at higher reduced pressures.

Cavallini et al. (2002) developed a correlation for a data bank on refrigerants R22,
R134a, R125, R32, R236ea, R407C and R410A flowing through an 8-mm tube. A multi-
regime pressure drop model was developed for condensing flow of refrigerants. The
transition criteria were discussed in Section 2.1.3. A two-phase multiplier correlation for
annular flow was developed by modifying the Friedel (1979) equation. They stated that

gravitational effects are insignificant in annular flow and removed the Froude number
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term from the correlation. For intermittent and stratified flow, they suggested the original

Friedel (1979) correlation.

Some of these correlations based on large databases lead to reasonable predictions;
however, they may not accurately account for the underlying physical mechanisms
because the corresponding sub models may not model the physical mechanisms well.
Garimella and co-workers developed a multi-regime pressure drop model with special
attention to the specific vapor-liquid interactions. An intermittent flow pressure drop
model was developed for condensing refrigerant R134a in circular (Garimella et al.,
2002), and non-circular (Garimella er al., 2003b) tubes for channels with hydraulic
diameters ranging from 0.4 to 4.9 mm. These models superimposed the contributions of
pressure drop at the vapor-liquid film interface, liquid slug, and the transition regions fore
and aft of the bubble to estimate the overall pressure drop. The transitional pressure drop
was approximated by the method presented by Dukler and Hubbard (1975). Garimella et
al. (2002, 2003b) predicted the number of transitions, or the number of unit cells (vapor
bubble and liquid slug,) based on measured pressure drop values. An annular flow
pressure drop model was also developed by Garimella et al. (2003a) based on a shear
balance at the vapor-liquid interface. The interface, or film thickness, was approximated
using the Baroczy (1965) void fraction correlation. The correlation for interfacial friction
factor was developed from their data with the Martinelli parameter, the liquid Reynolds
number, and a modified capillary number from Lee and Lee (2001) as parameters. They
combined the sub models for these different regimes to develop a multi-regime pressure
drop model (Garimella et al., 2005). A transition region between intermittent and annular
flow was modeled using transition criteria from Coleman and Garimella (2003) based on
mass flux and quality. The resulting model predicted 82% of the data within 20%. While
the model presented by Garimella et al. (2005) is physically based, the data were all

obtained at one nominal saturation temperature and for one fluid. Validation and
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refinement of the model with experiments conducted at different saturation temperatures

with different fluids is needed.

Garimella and co-workers have also investigated condensation of near-azeotropic
refrigerant blends at high reduced pressures. Jiang (2004), Mitra (2005), and Andresen
(2007) investigated near critical (p; = 0.8, 0.9) condensation of refrigerant R410A and
R404A in single tube test sections with diameters ranging from 3.048 to 9.40 mm.
Andresen (2007) also conducted condensation experiments on near-critical R410A in
multiport microchannel test sections with circular channels ranging in diameter from 0.76
to 1.52 mm. He developed a pressure drop correlation using the high pressure data from
all three studies. A two-phase multiplier was developed based on the correlation of
Lockhart and Martinelli (1949) that was later modified by Chisholm (1967). Similar to
Mishima and Hibiki (1996b), Andresen (2007) modified the Chisholm constant to
account for the effects of tube diameter. The effects of surface tension and tube diameter
were addressed by using the confinement number, and inertial effects were addressed by
including the liquid Reynolds number. The model was able to predict 85% of the data
within 25%. However, the difference in properties between reduced pressures of 0.8 and
0.9 are quite small and while the model was able to capture the pressure drop trends from
their experiments, extrapolation of the results to lower reduced pressures should be done
with caution. For example, the correlation developed by Andresen (2007) over predicts

the R134a pressure drop data and the corresponding model of Garimella et al. (2005).

Jassim and Newell (2006) developed a probabilistic pressure drop model based on
experiments conducted on R134a and R410A at a saturation temperature of 10°C in a
multiport test section with tube diameters of 1.54 mm (p; (R134a) = 0.10, p; (R410A) =
0.22.) They developed pressure drop equations for liquid, vapor, intermittent and annular

regions and assigned weighting functions to each to calculate the total pressure drop.
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This approach results in continuous pressure drop functions; however, it appears from the
images of the two-phase flow that they obtained simultaneously, that there may be flow
mal-distribution in the channels, which may be the reason for different flow regimes

occurring in different channels under the same operating conditions.

2.3.1 Summary

The pressure drop literature reviewed in this section is summarized in Table 2.3. There
have been extensive studies on pressure drop of condensing refrigerants. The large
database used to develop the Cavallini et al. (2002) model addresses to some extent the
effects of reduced pressure and properties on condensing flows in large diameter
channels. However, in large diameter channels, the influence of surface tension is lower.
In addition, as reduced pressure increases, surface tension decreases substantially. Large
diameter correlations that do not consider the influence of surface tension on the one
hand, and small diameter correlations that do consider surface tension effects on the
other, may both be unsuitable to address two-phase pressure drop in small diameter
channels as reduced pressure is increased. The investigations of Garimella et al. (2002;
2003b; 2005) on several tube diameters and shapes at the small scale are a promising start
to predicting pressure drop in condensing flows. However, the effect of increasing
reduced pressure on pressure drop in these small diameter channels needs further

attention.

2.4 Heat Transfer
Studies on condensation heat transfer in small diameter tubes are more limited than those

on large diameter tubes because of the low mass flow rates and heat duties characteristic
of flows through microchannels, coupled with high heat transfer coefficients that require

accurate measurement at small temperature differences.
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Table 2.3: Summary of Pressure Drop Literature

Investigator(s) Fluid(s) D, Dr Comments
Lockhart and Air-water/ 1.5-26 ¢ Two-phase multiplier a function of gas
Martinelli (1949) | benzene/ mm and liquid Re
kerosene/ ¢ Chisholm (1967) correlated two-phase
oils multiplier from data using X
Chisholm Steam-water ® Modified Baroczy (1966) procedure
(1973a) and equation which resulted in more
convenient two-phase multiplier
correlation
Friedel (1979) R113,R22, ¢ Empirical fit that incorporated surface
R12, E11, tension and gravitational forces into
N2, NH3, two-phase multiplier
Ne, ® Most commonly used framework for
INA9IK, small diameters because of the
8Na92K, inclusion of surface tension effects
air-water,
air-oil
Mishima and Air-water 1.05 - 4.08 ¢ Found exponential dependence of
Hibiki (1996b) mm Chisholm parameter on diameter
¢ Separate empirical constants for
circular and rectangular geometries
Zhang and Webb | R134a, R22, | 2.13, 3.25, 0.21 - e Adiabatic study
(2001) R404A 6.25 mm 0.51 e Friedel (1979) agreed well at low p,
but agreement worsened as p,
increased
e Reduced dimensionless property
variables with p,
Cavallini et al. R22,R134a, | 8 mm ¢ Developed multi-regime pressure drop
(2002) R125, R32, model based on large database of
R236ea, pressure drop data
R407C, e Modified Friedel (1979) correlation in
R410A annular regime by removing Fr and
adjusting empirical constants
e For all other regimes, recommended
original Friedel (1979)
Garimella et al. R134a 04-49 0.34 ¢ Mechanistic, multi-regime pressure
(Garimella et al. mm drop model for intermittent, discrete
(2002); Garimella wave and annular regimes
et al. (2003b); e Annular correlation relies on
Garimella et al. interfacial area prediction (Baroczy
(2005)) (1966) o correlation)
¢ Conducted at single saturation
condition
Jiang (2004), R410A, 0.76 -9.40 | 0.8, ¢ Andresen (2007) developed two-phase
Mitra (2005), R404A mm 0.9 multiplier using confinement number
Andresen (2007) and Re, to predict Chisholm constant
Jassim and R134a, 1.54 mm 0.10, e Multi-regime model using
Newell (2006) R410A 0.22 probabilistic flow map
¢ Single phase liquid, vapor, intermittent
and annular empirical models
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Condensation heat transfer in large diameter tubes is generally considered to be governed
by either gravitational or shear forces based on the operating conditions. At smaller tube
diameters, the influence of gravity decreases and is therefore unlikely to govern
condensation. Shear-driven condensation heat transfer models are based on a few basic
approaches. One of the more common approaches is the modification of the single-phase
heat transfer coefficient with a two-phase multiplier. Shah (1979) developed a two-phase
multiplier for the single-phase heat transfer coefficient based on the vapor quality and
reduced pressure of the fluid. The formulation was originally developed for evaporation
with an entirely wetted perimeter and was validated using data for various fluids (water,
R11, R12, R22, R113, methanol, ethanol, benzene, toluene, trichloroethylene) in
horizontal, inclined, and vertical tubes, and annuli with hydraulic diameters ranging from
7 to 40 mm. The reduced pressures of the fluids ranged from 0.002 to 0.44. The
correlation was able to predict the large database of condensation data with an average
deviation of 17%. Despite its largely empirical form, the Shah (1979) correlation is one
of the most commonly used. However, the correlation was developed for low pressure
fluids in large tube diameters and its applicability to small diameter channels at high

reduced pressures needs validation.

Another approach in modeling shear-driven condensation is through the use of the heat-
momentum analogy. Traviss et al. (1973) developed a shear-driven model based on this
analogy and the von Karman universal velocity distribution in the liquid film. For
annular flow to occur in large diameter tubes, the vapor Reynolds number must be very
large (Re, > 35,000.) The pressure drop was calculated using a two-phase multiplier
correlation and the momentum term was evaluated under the assumption that the film
thickness was comparatively very thin. The model showed good agreement with data
taken for condensing refrigerants R12 and R22 in an 8-mm tube at reduced pressures

ranging from 0.024 to 0.35. The agreement with data was not as good at low qualities (x

45

www.manaraa.com



< 0.1) where intermittent flow is likely, and at high qualities and mass fluxes where mist
flow is most probable. The resulting heat transfer coefficient is heavily dependent on the
pressure drop correlation, and many researchers have used the same approach but with

modifications to the pressure drop term used as the input.

Considerations of both driving forces are accounted for in predictive techniques for cases
where neither gravity nor shear-driven mechanisms dominate. In general this is
accomplished by the development of flow-regime-specific correlations. Flow regime
maps are used for predicting the applicable regime, and the influence of each mechanism
during transition is accounted for by weighted parameters. Cavallini et al. (2002)
presented a method for predicting heat transfer coefficients based on a large database of
refrigerants (R11, R12, R22, R113, R134a, R125, R32, R236ea, R407C and R410A) in
tube diameters ranging from 3 to 21.4 mm. They recommended or modified previously
available correlations for four major flow regimes (annular, stratified, wavy and slug) and
suggested linear interpolation based on transition parameters for the transition regions
between these regimes. For the annular regime (or shear driven condensation,) they
modified the heat-momentum analogy approach of Kosky and Staub (1971). For the
stratified regime (or gravity driven condensation,) a Nusselt falling-film type correlation
was used to predict condensation along the upper portion of the tube and a two-phase
multiplier term was used for predicting the heat transfer in the stratified pool region of
the flow. In the annular-stratified region, they suggested a linear interpolation between
the two correlations while in the intermittent regime they suggested a linear interpolation
between wavy and single phase flow. The heat transfer database did not include any
data in this region; therefore, they were unable to validate this portion of their model.

Overall the model predicted their data well with an absolute average deviation of 10.4%.
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Using the same database, Thome et al. (2003) developed a multi-regime heat transfer
model based on the flow regime map developed in previous work by their group (El
Hajal et al., 2003). In the annular regime, Thome et al. (2003) developed an empirical
Nusselt number correlation similar to that of Shah (1979). Thome et al. (2003) stated
that void fraction is the most important parameter when predicting heat transfer
coefficients. Due to the lack of void fraction data and models, specifically at high
reduced pressures, void fractions were inferred (El Hajal ef al., 2003) from a heat transfer
database to develop a void fraction model. The same heat transfer database was also used
later to develop their heat transfer coefficient correlation. They used the void fraction
model to predict the film thickness of the condensate for annular flow, which they used as
the characteristic length in a Nusselt number correlation. The gravity driven correlation
used a similar Nusselt falling-film type correlation for the upper portion of the tube but
used the same annular shear driven correlation to account for the convective heat transfer
in the pool. They approximated the liquid at the bottom of the tube as a film with
uniform thickness instead of treating it as a stratified pool. The film thickness is based on
their void fraction model, and the annular heat transfer model was used to predict the heat
transfer coefficient along this portion of the perimeter. This approach led to a smooth
transition from stratified to annular flow without direct interpolation. Their model
predicted results very similar to those of Cavallini et al. (2002), which is to be expected
because it was developed from a similar data base. Cavallini ef al. (2006a) used the same
heat transfer data base with some additional studies which included hydrocarbons
(propane, butane, iso-butane, propylene,) carbon dioxide, steam, and ammonia to develop
a new heat transfer model. They modified their approach to predicting multi-regime heat
transfer coefficients focusing solely on differentiating between condensation regimes that
are sensitive to tube wall temperatures and those that are not. This effectively groups
intermittent and stratified flow together. The transition criteria are estimated by the

dimensionless gas velocity like in their previous work. The transition value is adjusted
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based on fluid properties and whether the fluid is a refrigerant or a hydrocarbon. The
temperature independent heat transfer model in this newer work is an empirical two-
phase multiplier while the temperature dependent model uses the same form from their
previous work but with newly derived constants. Good agreement was found with their
data with an absolute average deviation of 12%. It is important to point out that this
deviation is greater than what was achieved in their previous models, which are most
likely the result of newer fluids being added that have much different properties. While
the extensive database used to deduce heat transter models leads to the understanding of
fluid properties, all of the experiments under consideration were conducted at tube
diameters greater than 3 mm. Therefore, it is unlikely that they were able to accurately
account for the influence of surface tension, which is an important parameter at small

diameters.

There has been significant effort to understand the effects of small tube diameters on
condensation in the literature over the past decade. Typically, either a two-phase
multiplier or the shear driven heat-momentum models are developed because of the
dominance of the annular flow regime observed in small geometries. Webb and co-
workers (Yang and Webb, 1997; Webb and Ermis, 2001; Zhang and Webb, 2001)
investigated the effects of hydraulic diameter and Microfin enhancements in extruded
aluminum microchannels ranging in hydraulic diameter from 0.44 to 2.64 mm. They
conducted their experiments on refrigerants R134a and R12 at a saturation temperature of
65°C (R134a, p; = 0.47, R12, p, = 0.41.) They found that the Shah (1979) correlation
over-predicted their smooth channel data and that the Akers et al. (1959) correlation was
in good agreement. For the Microfin tubes, Yang and Webb (1997) developed a heat
transfer correlation that accounted for the effects of surface tension and their interaction

with the Microfins. They documented that the heat transfer coefficient increased with
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decreasing hydraulic diameter but did not make any conclusions regarding the effects of

aspect ratio on rectangular channels.

Garimella and co-workers (Garimella and Bandhauer, 2001; Bandhauer, 2002;
Bandhauer et al., 2006) also investigated the influence of hydraulic diameter and channel
geometries for condensing R134a through extruded aluminum microchannels. They
measured heat transfer coefficients of condensing R134a in hydraulic diameters ranging
from 0.424 to 1.524 mm at a single saturation temperature of 52°C (p, = 0.34.) Multiple
parallel channels were used for the small hydraulic diameters to overcome the small heat
duties associated with low mass flow rates. The effect of channel shape was evaluated by
comparing rectangular and triangular results to circular geometries with similar hydraulic
diameters. They found that the triangular shaped channels had the highest heat transfer
coefficients, while there was not a significant difference between the heat transfer
coefficients for other tube shapes. Bandhauer et al. (2006) developed a model from the
circular geometry data using the model of Traviss and Rohsenow (1973) for shear
dominated flow as a starting point. They used the pressure drop model developed by
Garimella et al. (2005) to determine the shear stress to yield better accuracy, because this
model was developed for microchannels and accounts for surface tension effects. The
resulting model predicted their data well, with 86% of the data being predicted within
20%. However, all their data were obtained for the same fluid at one nominal saturation
temperature. Validation of the model using various fluids is required to evaluate its
robustness and applicability. More recently, Andresen (2007) investigated condensation
of refrigerants at near-critical conditions (R410A, p, = 0.8, 0.9) through circular extruded
aluminum test sections (D = 0.76, 1.52) and a single copper tube (D = 3.048 mm) and
found that models available in literature over-predicted his data. He also used the near-
critical data from Jiang (2004) and Mitra (2005)for condensing R404A and R410A in 9.4

and 6.2 mm to developed a multi-regime heat transfer correlation. Andresen (2007) used
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the transition criteria from Cavallini et al. (2002) to predict whether the flow was annular
or wavy. He developed a two-phase multiplier model for annular flow and a Nusselt film
and convective pool model for wavy flow. However, the properties of refrigerant R410A
do not change significantly over this reduced pressure range and additional results over a
larger range of reduced pressures are needed to enhance and validate its range of

applicability.

Baird er al. (2003) investigated the effects of heat duty on condensing refrigerants R123
and R11 through microchannels (D = 0.92, 1.95 mm.) A novel technique for measuring
local heat fluxes using thermoelectric coolers was developed. A significant influence of
heat flux on heat transfer coefficients was observed, especially at high vapor qualities.
Their data showed poor agreement with several models from the literature. Similar to
Yang and Webb (1997), Baird et al. (2003) found the Shah (1979) correlation
consistently over-predicted their data. They developed a shear-driven heat transfer model
that utilizes the heat-momentum analogy like several previous researchers including
Traviss et al. (1973). They found that their model was able to capture the trends of
varying saturation temperatures, mass fluxes and qualities, but failed to capture their
observed trends of the influence of heat flux. The influence of heat flux during gravity or
film condensation has been documented previously but no other study has shown this
effect in shear driven condensation. It is thus unclear whether this is a realistic
phenomenon or if it is the result of the difficulty and uncertainty in measuring heat

transfer in microchannels.

Rose and co-workers (Wang and Rose, 2005, 2006; Su et al., 2009; Wang and Rose,
2011) investigated the effects of surface tension on condensation heat transfer
computationally. Wang and Rose (2005) developed a theoretical model for predicting

heat transfer coefficients for condensing flows through microchannels. They presented
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results for square and triangular channels with hydraulic diameter ranging from 0.5 to 5
mm for refrigerants R134a, R22, and R410A. They conducted a laminar flow analysis
with attention to the interfacial characteristics at small scales while accounting for surface
tension, interfacial shear stress, and gravity. Their model enables the investigation of the
effects of each of these governing forces individually or in coupled fashion. When
surface tension and gravity were both neglected, they found that the heat transfer
coefficients predicted were significantly lower, especially at high qualities. The
importance of gravity was noted when comparing heat transfer coefficients in square
channels. Buoyancy forces cause the vapor core to float towards the top of the channel,
resulting in a very thin film along the top surface. They stated that their results agreed
well in relative magnitude with data in the literature, but needed further validation. Wang
and Rose (2006) investigated the effects of channel shape on heat transfer coefficient
using their computation model. They evaluated square (1 mm), triangular (I mm side),
rectangular (1 x 1.5 mm, 1.5 x 1 mm) and circular (D = 1 mm) geometries at a constant
refrigerant mass flux of 500 kg m™ s and a nominal saturation temperature of 50°C.
They found that the heat transfer coefficients in noncircular channels are greater than
those in circular tubes with similar hydraulic diameters, especially at high qualities,
where surface tension appears to be most important. This is because of the transverse
motion of the liquid film into the corners due to surface tension, which leaves a thin film
on the heat transfer surfaces, leading to high heat transfer coefficients. Su et al. (2009)
compared four different correlations developed for condensing R134a in the literature.
Of the models compared, only the Cavallini er al. (2005) and Bandhauer er al. (2006)
correlations directly accounted for surface tension in their formulation. Su et al. (2009)
found reasonable agreement between the predictions of these correlations and the
theoretical model of Wang and Rose (2005) when predicting heat transfer coefficients in
R134a, but found different results when predicting heat transfer coefficients for

condensing ammonia. They suggested that while these correlations may be valid for
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refrigerant fluids similar to R134a, caution must be used when using them outside the
stated range of applicability. Wang and Rose (2011) modified their computational model
to account for tube inclination and investigated additional condensing fluids including
ammonia, R152a, propane and CO,. They observed a surface tension dominated region
where gravity and shear stress were negligible and developed a Nusselt number
correlation using a non-dimensional analysis. They stated that the Nusselt number

correlation allows for easy implementation for condenser design.

Jassim et al. (2008b) examined condensation of R134a at 25°C in 8.915-mm tubes and
developed a model based on these data as well as other data from the literature. Similar
to the void fraction and pressure drop model developed by them, the heat transfer model
used a weighting function for each flow regime (annular, stratified, and intermittent) and
used models available in the literature to predict heat transfer characteristics in each
region. Application of this approach to small geometries could yield a simpler approach
because the only flow regimes in these diameters are intermittent, intermittent-annular

and annular.

Recently, Cavallini et al. (2011) presented data for condensing refrigerants R32 and
R245fa through a single tube with a diameter of 0.96 mm. Experiments were conducted
at a saturation temperature of 40°C, which corresponds to a reduced pressure of 0.43 and
0.07 for R32 and R245fa, respectively. Their data was compared with the Moser et al.
(1998) model modified by Zhang and Webb (2001) and their model developed for shear-
driven condensation (Cavallini et al., 2006a) in large diameter tubes. The modified
Moser model was found to predict R32 data well but failed to capture the trends in the
R245fa data. Cavallini er al. (2011) found very good agreement between their shear

driven correlation for large diameter tubes and their microchannel data.
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A summary of the relevant heat transfer studies reviewed here is presented in Table 2.4.
Numerous studies on condensation in large diameter tubes and at low reduced pressures
have been conducted. Researchers have assembled large databases of condensation data
and developed correlations to address the trends in data based on influences of operating
conditions and properties. For large diameter tube data, Shah (1979), Cavallini et al.
(2002), Thome et al. (2003), and Cavallini et al. (2006a) have developed such models.
However, physical inconsistencies can occur in some situations when using such an
approach. For example, the annular correlation of Thome et al. (2003) predicts an
increase in heat transfer coefficient with increasing saturation temperature, which is
counter to what is observed. Similarly, the wavy flow model presented by Cavallini et al.
(20064a) is similar in form to their previous model (Cavallini et al., 2002), but differs
significantly in terms of the empirical constants obtained from the data. While the results
are similar for the class of fluids examined, it is unclear which model accurately captures

the physical trends of the process.

Recent investigations have focused on smaller tube geometries with several of
experiments conducted on refrigerants condensing at low reduced pressure refrigerants.
For example, Garimella and co-workers (Garimella and Bandhauer, 2001; Bandhauer,
2002; Bandhauer et al., 2006) have extensively investigated microchannel condensation
but for a single operating pressure for a low pressure refrigerant. High pressure fluids
have significantly different properties and validation of models developed for low
pressure refrigerants at high reduced pressures is needed. The investigation by Andresen
(2007) at near critical pressures demonstrated that models in the literature over-predict
heat transfer data at high reduced pressures.  Additionally, the limited data on high
reduced pressures in larger diameter tubes may not be applicable in predicting the
corresponding behavior in small tube diameters because of the increased influence of

surface tension and the effect of high reduced pressures on surface tension. . Rose and
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Table 2.4: Summary of Heat Transfer Literature

Investigator(s) Fluid(s) D, Dr Comments
Traviss et al. R12,R22 8 mm 0.24 - | e yon Karman heat-momentum analogy
(1973) 0.35 ¢ Two-phase multiplier pressure drop
input
e Poor agreement at low qualities
where intermittent flow is likely
Shah (1979) Water, R11, 7 - 40 mm 0.002 - | e Large database of condensation data
R12,R22, 0.44 ¢ Empirical two-phase multiplier
R113, ® Most commonly cited due to
methanol, simplicity and range
ethanol,
benzene,
toluene, tri-
choroethylene
Webb and co- R12, R134a 0.44-2.64 | 041, ¢ Extruded aluminum multi-port
workers (Yang 0.47 rectangular channels
and Webb ¢ Smooth and Microfin tubes
(1997), Webb ® Akers et al. (1959) in good agreement
and Ermis with smooth data, developed Microfin
(2001), Zhang correlation
and Webb
(2001))
Garimella and R134a 0.424 - 0.34 ¢ Extruded aluminum multi-port
co-workers 1.524 mm channels
(Garimella and ¢ Investigated effects of tube shape
Bandhauer e Modified Traviss et al. (1973) model
(2001), for shear-driven condensation
Bandhauer e Triangular insert tubes had highest
(2002), heat transfer coefficients, no
Bandhauer er al. significant difference between
(2006)) circular and rectangular channels
Cavallini et al. R11,R12, 3to21.4 <0.8 e Multi-regime heat transfer model
(2002) R22, R113, mm ¢ Annular model - modified Kosky and
R134a, R125, Staub (1971) heat-momentum
R32, R236ea, analogy
R407C, e Stratified - o weighted Nu film and
R410A pool two-phase multiplier
Baird et al. R123,R11 092,195 | 0.02- | eInvestigated Q" effects using novel
(2003) 0.11 TEC test sections
e Observed increased Q" as x increased
e Modified Traviss et al. (1973) model;
did not capture Q" effects
Thome et al. e Same database as Cavallini et al.
(2003) (2002)
® Multi-regime model using a and flow
map from El Hajal et al. (2003)
¢ Annular- two-phase multiplier, 6 used
as length scale
o Stratified - o weighted Nu film and
pool two-phase multiplier same as
annular; smooth transition
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Table 2.4 continued...

Investigator(s) | Fluid(s) Dy Pr Comments
Jiang (2004), R404A, 0.76 -9.4 0.8. ® Models in literature over-predict data
Mitra (2005), R410A mm 0.9 ¢ Andresen (2007) developed multi-
Andresen (2007) regime model (annular, wavy) from
data using Cavallini et al. (2002)
transition criteria
Rose and co- R134a,R22, | 0.5-5mm ¢ Computational model that accounts
workers (Wang R410A, (square, for surface tension, interfacial shear
and Rose, 2005, Ammonia, triangular, stress and gravity
2006; Su et al., R152a, rectangular, e Investigated effects of geometries
2009; Wang and Propane, CO, | circular) ¢ Developed Nusselt number
Rose, 2011) correlation for surface tension
dominant region
Cavallini et al. Propane, 3to21.4 <0.8 e Same database as Cavallini et al.
(2006a) butane, mm (2002) but with additional fluids
isobutane, e New map based on 7, independent
propylene, and dependent
CO,, steam, e T, independent (Annular) - two-
NH; phase multiplier
o Ty dependent( Stratified,
intermittent) - Re-fit of empirical
constants of Cavallini et al. (2002)
stratified model
Jassim et al. R134a 8915mm | 0.164 | e Probabilistic flow regime map used
(2008b) for condensation heat transfer model
Cavallini et al. R32,R245fa | 0.96 mm 0.43, ¢ Found good agreement with shear
(2011) 0.07 driven model from Cavallini et al.
(2006a)

co-workers (Wang and Rose, 2005, 2006; Su et al., 2009; Wang and Rose, 2011) have
computationally investigated the effect of surface tension on condensation in small
channels. The effects of reduced pressures over a wide range on microchannel

condensation are not well understood and can be significant given the changes in surface

tension over this range and its importance in small geometries.

2.5 Specific Research Needs

The above discussion shows that much of the flow visualization literature is on adiabatic
air-water flows in large diameter tubes. While in recent years, attention has shifted to
small diameter tubes, the use of air-water mixtures in adiabatic flows precludes the
These limitations are

applicability of these studies to phase change in refrigerants.

particularly important when phase-change phenomena in refrigerant mixtures such as
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R404A operating at high pressures are of interest. The refrigerant condensation studies in
the literature were generally conducted at lower reduced pressures (p; < 0.4) where there
is a much larger difference between liquid and vapor properties. These conditions
generally correspond to saturation temperatures too low for ambient heat rejection and
outside the design envelope for most practical systems. The effects of reduced pressure
on void fraction over a large range of conditions for refrigerants have not been
investigated and reported in the literature. The importance and influence of flow
phenomena on pressure drop and heat transfer characteristics of two-phase flow has been
well noted but the implementation of these mechanisms has been driven by qualitative
assessment of the flow. Void fractions, in particular, have not been directly measured for
the working fluids, geometries, and operating conditions of interest here. These previous
studies have also led to the development of separate models for different flow regimes
that require interpolation from one flow regime to the other to ensure a continuous
prediction. Several of these deficiencies in the literature are addressed in the present
study; in particular, the collection of accurate void fraction data, and pressure drop and
heat transfer coefficient measurement at high reduced pressures in small diameter tubes.
The void fraction model allows for the prediction of film thicknesses, wetter perimeter
ratios, and phase velocities, which will serve as the building blocks for pressure drop and

heat transfer models.

2.6 Objectives and Tasks

The objectives of this work are to obtain a clear understanding of two-phase flow in
microchannels at high pressures, quantify flow parameters relevant to the modeling of
condensation, and use these parameters to refine models for pressure drop and heat

transfer. The specific tasks are as follows:
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® Visualize condensation of R404A in microchannels ranging in hydraulic diameter
from 0.508 to 3.00 mm at saturation temperatures ranging from 30 to 60°C (0.38
<p:<0.77.)

¢ Analyze the visualization data to deduce void fraction, slug frequencies, vapor
bubble velocities, and vapor bubble dimensions for different flow regimes, as
applicable.

e (Conduct pressure drop and heat transfer experiments during condensation of

R404A at similar experimental conditions.

® Develop flow-mechanism-based void fraction, pressure drop and heat transfer

coefficient models based on the above mentioned experiments and analyses.
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CHAPTER 3: EXPERIMENAL METHODS

Condensation experiments were conducted over a wide range of tube diameters, 0.508 <
D < 3.05 mm, reduced pressures, 0.38 < p, < 0.77, and mass fluxes, 200 < G < 800 kg m?
s across the vapor-liquid dome. Flow visualization, pressure drop, and heat transfer
experiments were conducted for these different diameters under similar conditions. Two
separate experimental facilities, one for large diameter (D = 3.00 or 3.05 mm) and
another for small diameter (0.508 < D < 1.55 mm) channels, are used to obtain
simultaneous high-speed flow visualization and pressure drop measurements, or pressure
drop and heat transfer coefficient measurements for the wide range of tube diameters,
mass fluxes and reduced pressures stated above using refrigerant R404A as the working

fluid.

The Phase-Change/Supercritical Heat Transfer and Pressure Drop Test Facility (Large
Tube Facility) was originally developed for studies of flow regimes, pressure drop and
heat transfer during condensation of refrigerant R134a by Coleman and Garimella
(2000b, 2003), and Bandhauer et al. (2006). The facility was later modified such that
condensation and supercritical cooling experiments on R404A and R410A could be
conducted on 0.76, 1.52, 3.05 6.22 and 9.40 mm diameter tubes (Jiang, 2004; Mitra,
2005; Andresen, 2007). Modifications and re-calibrations were made to the facility to
allow for flow visualization of high-pressure refrigerant blend R404A in 3.00 mm tubes

for the present study

The Microchannel Condensation Heat Transfer and Pressure Drop Test Facility (Small
Tube Facility) was originally developed by Cavallini et al. (2005) for condensing R134a
in rectangular channels ranging in hydraulic diameter from 100 to 160 pum and aspect

ratios from 1 to 4. Modifications and re-calibrations were made to the test facility to
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enable visualization, pressure drop and heat transfer tests on high-pressure refrigerant

blend R404A in circular tube diameters ranging from 0.508 to 1.55 mm.

3.1 Phase-Change Tests

This section provides a detailed description of the two test facilities, followed by a

description of the visualization and heat transfer test sections.

3.1.1 Test Facility Details

A schematic of the large diameter tube test facility (D = 3 mm) is shown in Figure 3.2.
The numbers on the schematic note the different state points within the refrigerant loop.
The refrigerant exits a tube-in-tube coiled evaporator in the superheated state [1]. Heat is

supplied by steam utilities in the laboratory. The superheated state is verified by

Figure 3.1: Photograph of Large Diameter Tube Facility
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Figure 3.2: Schematic of Large Diameter Tube Test Facility
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temperature and pressure measurements at the entrance to the pre-condenser. Either the
tube-in-tube or shell-and-tube heat exchanger is chosen for the pre-condenser based on
the necessary heat duty to acquire the desired data point. The tube-in-tube condenser has
a smaller UA and is used for high quality and low mass flux data where a low heat duty is
required to achieve the desired test section inlet state. The shell-and-tube condenser has a
larger UA and is used for low quality and high mass flux data where a larger heat duty is
required to achieve the desired test section inlet state. A summary of the pre- and post-
condenser heat exchanger dimensions are displayed in Table 3.1. The flow rate of the

cooling water in the pre-condenser is adjusted to condense the refrigerant to the desired
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Table 3.1: Pre- and Post-Condenser Dimensions

Pre-Condenser

Shell-and-Tube

Tube-in-Tube

Exergy Inc.: 35 Series Model 00256-1 (in-house)
Length L5 (mm) 460 Length Ly (mm) 432
Insulation Diameter | Dy ins,s (mm) | 100 Insulation Diameter | Dpyeins; (mm) | 100
. Outer Tube, Outer
Shell, Outer Diameter | Dy, (mm) | 38.1 Diameter Dy o (mm) 12.7
. Outer Tube, Inner
Shell, Inner Diameter | Dy ;s (mm) | 34.8 Diameter Dyre i (mm) 10.9
Tube Outer Diameter (mm) 3.18 Tnner Tube, Outer (mm) 6.35
Diameter
Wall Thickness (mm) 0.32 Tnner Tube, Inner (mm) 4.57
Diameter
Heat Transfer Area (mz) 0.27
Tube Length: Condenser | L, pre-o-test 914 Tube Length: Condenser| L, yre-o-test 914
to Test Section (mm) to Test Section (mm)
Tube/Baffle Count 55/11
Post-Condenser
Shell-and-Tube Tube-in-Tube
Exergy Inc.: 35 Series Model 00256-1 (in-house)
Length Lpos,s (mm) 206 Length Lot (mm) 1295
Insulation Diameter | Dpog inss (mm)| 100 Insulation Diameter | Dpogins (mm)| 100
. Outer Tube, Outer
Shell, Outer Diameter | Dpog o (mm) | 38.1 Diameter Dyost o (mm) | 12.7
. Outer Tube, Inner
Shell, Inner Diameter | Dpogis (mm) | 34.8 Diameter Dyos i (mm) 10.9
Tube Outer Diameter (mm) 3.18 Tnner Tube, Outer (mm) 6.35
Diameter
Wall Thickness (mm) 0.32 Tnner Tube, Tnner (mm) 4.57
Diameter
Heat Transfer Area (m% 0.13
Tube Length: Condenser | L est-to-post 914 Tube Length: Condenser| L test.to-post 914
to Test Section (mm) to Test Section (mm)
Tube/Baffle Count 55/7
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thermodynamic state at the test section inlet [2]. The saturated inlet state (i.e. quality) of
the refrigerant is evaluated using the pressure measurement at the test section inlet,
energy balances across the pre-condenser, and temperature and pressure measurements at
the superheated state. All of the absolute pressure transducers (Rosemount, model 3051)
have an uncertainty of + 0.075% of the span. To determine the state at the outlet of the
test section [3], a similar method is employed using the temperature and pressure
measurements at the subcooled state at the post-condenser outlet [4] and energy balances
across the post-condenser. One of the two differential pressure transducers (Rosemount
3051, uncertainty +0.075% of span) measures the pressure drop across the test section.
Whenever possible the low-range differential pressure transducer was used to measure
the pressure drop because of its higher accuracy. However, most of the pressure drop
measurements were taken using the mid-range differential pressure transducer. The
subcooled liquid is then pumped through the evaporator and superheated to complete the
closed loop. The active refrigerant inventory in the test loop is accurately controlled
using an accumulator (Accumulators Inc. A13100: maximum operating pressure of 21

MPa.)

It is possible to determine the heat duty in the test section using the inlet and outlet
conditions measured at the test section. However, uncertainties in measured test section
heat duty are unsatisfactory using this method because of the small quality changes
desired to obtain data at high quality resolutions. Therefore, the condensation heat duty
is also measured in the test section. This loop is cooled by a primary coolant loop. These
experiments use the thermal amplification technique developed by Garimella and
Bandhauer (2001) to ensure high condensation rate and heat transfer resistance accuracies
at small quality increments. The thermal amplification technique uses a closed-loop
primary cooling line in the test section, which is in turn coupled to a secondary cooling

line with a shell-and-tube heat exchanger. A schematic of the setup is shown in Figure
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3.3. The primary cooling loop is operated at a high flow rate, ensuring that the
refrigerant side represents the dominant thermal resistance. It is important to maintain
the refrigerant side as the dominant thermal resistance in the test section when obtaining
the refrigerant heat transfer coefficient from the test section heat duty and LMTD. The
high flow rate of the primary loop also results in a very small temperature rise in the
coolant that does not permit accurate measurement of the test section heat duty. To
address this, the secondary loop is operated at a lower flow rate and the heat transfer from

the primary coolant to the secondary coolant results in a large temperature rise in the
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Figure 3.3: Schematic of System for Thermal Amplification Technique

63

www.manaraa.com



Table 3.2: Primary Loop Dimensions

Primary Loop
Equivalent Length (for heat loss) Lysim (mm) 4548
Actual Length Lprim,ube (mm) | 2540
Insulation Diameter Dyprim,ins (mm) 76
Outer Diameter Dyrim,o (mm) 12.7
Inner Diameter Dyrimi (mm) | 10.92
Relative surface Roughness €prim (-) 0.0015

secondary coolant across the shell-and-tube heat exchanger. This large temperature
difference enables measurement of test section heat duty with higher accuracy. This
technique ensures that the refrigerant side has the dominant resistance while maintaining
high accuracies in the measured heat duty, which allows for low uncertainties in
refrigerant heat transfer coefficient at small quality increments. The primary cooling
loop flow rate is measured using a magnetic flow meter (Rosemount 8711, uncertainty
0.5%) and the secondary cooling loop flow rate is measured using a Coriolis mass
flowmeter (Micromotion DS006, uncertainty £0.15%.) The primary cooling loop details
are shown in Table 3.2. The equivalent length of the primary cooling loop, Lyim, is used
for heat loss calculations and is estimated by summing the surface area of all the
components within the loop (flow meter, coolant pump, and tubing) and dividing by the
inner perimeter. The dimensions of the shell-and-tube secondary loop heat exchanger are

shown in Table 3.3.

The large diameter test facility is a closed refrigerant loop constructed mainly of 12.7 mm
outer diameter stainless steel tubing with a wall thickness of 1.24 mm and pressure rating
of 25 MPa (Swagelok, 2003). A total of 27 resistance temperature detectors (RTDs) and
thermocouples, 6 pressure transducers, and 4 flowmeters are used to record the necessary
information through a National Instruments data acquisition system (DAQ) and

transferred to a Windows-based computer. The equipment details are presented in the

64

www.manaraa.com



Table 3.3: Secondary Loop Heat Exchanger Dimensions

Shell-and-Tube
Exergy Inc.: 23 Series Model 00540-4

Length L. (mm) 173

Insulation Diameter Dyec ins (mm) 76
Shell, Outer Diameter Dyec o (mm) 25.4
Shell, Inner Diameter Dye; (mm) 229
Tube Diameter (mm) 3.18
Wall Thickness (mm) 0.32
Heat Transfer Area (m2) 0.04
Tube/Baffle Count 19/9

Table 3.4: Data Acquisition System

Instrument Manufacturer Model Description
Measurement
Card Chassis SCXI-1000 4 slots
Thermocouple/ National
Voltage Card Instruments SCXI-1102 32 Channels
RTD Card SCXI-1503 16 Channels

Table 3.5: Large Diameter Tube Facility Pressure Transducers

Instrument | Manufacturer Model Serial No. Range Uncertainty
ll’npost,oth 11021623
’;Fjsosluurt: Rosemount | 3051TA4A2 P eson 11019353 097580 | +0.075% of
Transducer B21AESM5 P, qin 11019351 kPa span
Pr,pre,in 1019352
Differential
Pressure 3051CD3A2 +0.075% of
Transducer, 2A1AB4MS 0687134 0-62 kPa span
APmid-range R ¢
Differential osemoun
Pressure 3051CDI1A2 +0.075% of
Transducer, IAIAMS 687133 0-6.2 kPa span
low-range
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following tables: DAQ details in Table 3.4, model and serial numbers of the pressure
transducers and RTDs/thermocouples in Tables 3.5 and 3.6, respectively, flowmeter
specifications in Table 3.7, and high-speed video equipment for large diameter tube

experiments in Table 3.8.

Due to the much smaller mass flow rates and condensation heat duties in the smaller
diameter tubes investigated in this study and the large thermal mass of the larger test
facility, a second, much smaller test facility was used for the 0.508 to 1.55 mm diameter
tube experiments. A schematic of the small diameter tube test facility is shown in Figure
3.5. The numbers on the schematic note the different state points of the refrigerant loop.
Refrigerant exits the condenser in a subcooled state and is pumped into the test facility
pre-heater [1]. The refrigerant mass flow rate is measured using a Coriolis flow meter
(Rheonik RHM 0135, uncertainty +0.1% of reading.) The fluid is precisely heated to the
desired test section inlet state using a resistance cartridge heater. The dimensions of the
cartridge heater and housing are shown in Table 3.9. A schematic of the heater assembly
is shown in Figure 3.6. The housing consists of a Swagelok T-fitting and the cartridge
heaters are Watlow Firerod Series heaters. The electrical input is accurately measured
using an AC Watt Transducer (Ohio Semitronics, uncertainty +0.2% of reading.) The
test section inlet state [2] is evaluated using the pressure measurement at the inlet, and an
energy balance across the pre-heater. The heat input to the fluid is obtained from the
measured electrical heat input and the heat losses to the environment due to radiation and
convection from the heater housing, and the tubing to the test section. All of the absolute
pressure transducers (Rosemount, model 3051) have an uncertainty of + 0.075% of the
span. The test section outlet state [3] is obtained in a similar manner using the
temperature and pressure measurements at the outlet of the post-heater [4], where the
refrigerant is in the superheated state, and an energy balance across the post-heater. The

refrigerant is then subcooled in the condenser and pumped back through the loop. The
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Table 3.6: Temperature Measurements

Instrument Manufacturer Model Range Uncertainty
Refrigerant &
TMQSS- Max. Temperature o
Condenser Loop 125G-6 = 920°C +0.25°C
Thermocouples
Test-Section Omega STC-TT-T- | Max. Temperature +0.25°C
Thermocouples 36-72 = 180°C o
Max. Temperature o
RTDs PR-13 — 400°C +0.25°C

Table 3.7: Large Diameter Tube Facility Flowmeter Specifications

Instrument Manufacturer Model Serial No. Range | Uncertainty
Refrigerant Mass CMF025M319NU Sensor:
Flow Meter 326974
. . - 0-3.63 +0.10% of
Basic Remote Micromotion IFT: 2114443 kg/min reading
Flow Transmitter IFT9701R6D3U Sensor:
v ! 366359
Secondary Loop Sensor:
Water Mass DS006S100SU 20510 4
Flow Meter Micromotion 0-0.91 +0.15% of
Basic Remote IFT: 2114848 | kg/min reading
Flo lTransm'tter IFT9701R6D3U Sensor:
v ! 366366
GF-4541-1220 0_125.
mL/min
Post- Condenser Gilmont 0-2.2 + 2% of
Rotameter Accucal GF-4541-1240 L/min reading
GF-4541-1250 0_4'.8
L/min
Primary Loop
Volumetric Flow 8711TSE30FS1 80675 0-25.02 0.5% of
Tube Rosemount . .
M e Fl L/min reading
agnetic Hlow 8712CT12M4 0860087272
Transmitter
Pre-Condenser
Volumetric Flow 8711: RRE15FS1 0071955 0-6.256 1 0.5% of
Tube Rosemount . .
M tic Fl L/min reading
agnetic Flow 8712CT12M4 63610
Transmitter

Table 3.8: Large Diameter Tube Facility High-Speed Video Equipment

Instrument Manufacturer Model Serial No. Specifications
500 fps at 1024x1024
High Speed Fastcam — ultima pixel resolution
Video Camera Photron 1024 31705025 16,000 fps at reduced
resolution
. Micro-Nikkor 105 Focuses up to 1:1
Camera Lens Nikon mm 52 mm filter thread
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pressure drop across the test section is measured with a differential pressure transducer
(Rosemount, model 3051) that has an uncertainty of + 0.075% of the span. The
refrigerant inventory in the small test facility is accurately controlled using an

accumulator (Accumulators Inc. AM631003: maximum operating pressure of 21 MPa.)

The test section heat duty is obtained from the energy balances across the pre-heater and
post-heater. The coolant flow rate was measured using a rotameter (McMaster-Carr
Model 5079K18, uncertainty + 4%) and was maintained at the highest flow rate of
4.2x10° m® s for almost all experiments. This flow rate was used to determine the
coolant-side heat transfer coefficient. The high volumetric flow rate ensured a low
coolant side thermal resistance. Heat removed from the test section is rejected to a
chilled glycol loop in the laboratory. This chilled glycol loop is used to remove heat from
the primary coolant loop and cools the refrigerant at the outlet of the post-heater to a

subcooled state before it is pumped back through the system. The chilled glycol loop is
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supplied from a small stand-alone recirculating chiller (Neslab Merlin M75 series (serial

number: 109194014) with a capacity of 2225 W and a temperature range of -15 to 35°C.)

The facility is a closed refrigerant loop constructed mainly of 3.2 mm outer diameter

stainless steel tubing with a wall thickness of 0.89 mm and pressure rating of 75 MPa
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Table 3.9: Pre- and Post-Heater Dimensions

Heater Assembly

Equivalent Length (for heat

LHeater (mm)

95

loss)
Horizontal Length (mm) 65
Vertical Length (mm) 30
Heater Fitting, Inner Diameter Dreatertubes 10.16
(mm)
Heater Fitting, Outer Dyeatertube.o 1524
Diameter (mm) ’
Heater Insulation, Outer Dieater ins.o 5.4
Diameter (mm) ’
Cartridge Heater

Watlow: Firerod Series ModelE2A57

Heater Rod Diameter (mm) 6.35
Heater Rod Length (mm) 50.8
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Inlet
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Figure 3.6: Refrigerant Heater Schematic for Pre- and Post-Heater in Small
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(Swagelok, 2003). A total of 10 thermocouples, 5 pressure transducers, 2 flowmeters,
and two watt transducers are used to record the necessary information through the same
National Instruments data acquisition system (DAQ) and transferred to a Windows-based
computer. The equipment details are displayed in the following tables: DAQ details in
Table 3.4, model and serial numbers of the pressure transducers in Table 3.10, flow meter
and watt transducer specifications in Table 3.11 and the high-speed video equipment used

for small tube experiments in Table 3.12.

Table 3.10: Small Diameter Tube Facility Pressure Transducers

Instrument | Manufacturer Model Serial No. Range Uncertainty
305 1TA5A2 Pr,pre—heat,out 0921022 0_68948
B21AESM5 heater iy 0921024 kPa
Absolute r,post-heater,in
+0.075% of
Pressure Rosemount span
Transducer ) P
3051CA4A2 | Drpreneaerin 2036883 | 57550
2A1AM5 r,post-heater,out 2036884 kPa
Differential
Pressure 3051CD4A2 +0.075% of
Transducer, Rosemount 2A1ADEMS5 1719727 0-248 kPa span
APmeeLsured

Table 3.11: Small Diameter Tube Facility Mass Flow Meters and Watt

Transducers
Instrument | Manufacturer Model Serial No. Range Uncertainty
Refrigerant
Mass Flow Rheonik RHM 015 RHM-09210 0-0.1 kg/s * 0'10.% of
GNT reading
Meter
Water Flow McMaster- 15.14-151.4 + 4% of
Meter Carr S079k18 L/hr reading
Pre-heater
AC Watt Ohio 11031821 0-1000 0.2% of
Transd Semitroni GWS5-010E Watt di
ransducer emitronics Post-heater atts reading
11031822
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Table 3.12: Small Diameter Tube Facility High-Speed Video Equipment
Instrument | Manufacturer Model Serial No. Specifications
High Speed SA4-500K- 3’60;)&2? f;si)(l)j:::é .
Video Photron M1 31705025 500,000 fps at reduced
Camera .
resolution
CE?;S” Navitar 12X 464383 0.58-7x Magnification

exchangers.

3.1.2 Test Section

of the heat transfer test sections.
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counter-flow orientation in the annulus.

-Primary Cooling Loop —

Two different sets of test sections were used, one specifically designed for high-pressure
visualization of condensing R404A, and the other for obtaining accurate heat transfer
measurements of condensing R404A. Both test sections resemble tube-in-tube heat

The refrigerant flows through the inner tube, while the coolant flows in a

A schematic of the test section is shown in

Figure 3.7. First the visualization test section design is described, followed by the design
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Figure 3.7: Tube-in-Tube Test Section Schematic
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The visualization test section resembles a tube-in-tube heat exchanger in which the inner
tube is constructed of high strength quartz tubing (Momentive Performance Materials,
Strongsville, Ohio) while the annulus is constructed of square acrylic tubing. Square
tubing was chosen for the annulus to minimize visual distortion. A photograph of the
3.00 mm visualization test section is shown in Figure 3.8, while a schematic of the test
section and its components is displayed in Figure 3.9. A summary of the visualization
test section dimensions is presented in Table 3.13. The transparent tubing is coupled to
the test facility using intermediate Swagelok tubing and compression fittings. The
transparent tubing is secured within these fittings by a method developed in-house as
shown in Figure 3.9. The transparent tube is connected to a rubber stopper. The rubber
stopper is machined to fit tightly within the Swagelok tubing while securing the inner
tube. Both the internal and external mating areas are sealed with epoxy to ensure a leak-
free test section. The outer annular tubing is attached with a similar method. However,
the rubber stopper in this case is also a transition from circular stock to square stock. The
test section was pressure tested and rated to determine maximum saturation temperatures
for testing. The inner quartz tubing was shown to withstand elevated pressures (> 2068

kPa) while the outer annular chamber was able to withstand 1379 kPa. The ability to

Figure 3.8: Photograph of Visualization Test Section
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Figure 3.9: Visualization Test Section Schematic
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Table 3.13: Visualization Test Section Dimensions

Test Section Inner Diameter, mm
Description Symbol
3.00 1.00 0.508
Length of Annulus L, ... (mm) 406 155 150
Length of Square quare (1111 203 95 95
Length of inner tube L., (mm) 483 290 285
Length of Tee L, (mm) 38.1 26.9 26.9
Insulation diameter D, (mm) 100 25.4 25.4
Square tube, outer width W s, o (M) 19.1 12.7 12.7
Square tube, inner width W, (M) 12.7 9.53 9.53
Inner tube, outer diameter D, 6 (mm) 8.0 3.0 3.0
Inner tube, inner diameter D, (mm) 3.0 1.0 0.5083
Swagelok Tee-Flttmg, inner D (mm) 127 48 48
diameter tee
Swagelok Contractlon, inner D  (mm) 10.2
dlameter contraction

hold elevated pressures in both chambers allows for a small pressure difference across the
glass tube at high saturation pressures. The flow rate of the air is controlled to achieve a
nominal change in quality, Ax, of about 0.05 across the test section. To achieve higher
air-side temperatures, a silicon heater wrap (McMaster-Carr, Model 3631K21) was
attached to the outside of the air inlet tubing which allowed for an increase in temperature
of about 10°C higher than the ambient. At low mass fluxes and high saturation
temperatures, the minimum achievable Ax is larger, due to the increased temperature
difference from the coolant, the relatively lower heat of vaporization at the higher

saturation temperatures, and the low heat duties associated with low mass flow rates.

The heat transfer test sections also resemble tube-in-tube heat exchanges. Refrigerant
flows through a copper inner tube housed in an outer seamless stainless tube. Coolant

flows through the annulus between the two tubes in a counter-flow configuration. All of
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the connections are made with Swagelok components. A photograph of the test sections

is shown in Figure 3.10, and a summary of the dimensions is provided in Table 3.14.

Figure 3.10: Photograph of Heat Transfer Test Sections

Table 3.14: Heat Transfer Test Section Dimensions

Test Section Inner Diameter, mm
Description Symbol
3.05 1.55 0.86
Length of Annulus L, .. (mm) 152 145 85
Length of reducer L., (mm) 22.9 18.5 14.0
Length of inner tube L., (mm) 324 305 305
Length of Tee L. (mm) 13.21 11.5 11.5
Insulation diameter D, ., (mm) 100 100 100
Outer tube, outer diameter | D, . (mm) 12.7 6.35 6.35
Outer tube, inner diameter D, . (mm) 10.2 457 457
Inner tube, outer diameter D, , (mm) 6.35 3.175 1.57
Inner tube, inner diameter D, (mm) 3.048 1.549 0.86
Swagelok Tee-Fitting, D (mm) 9.25 48 48
inner diameter tee
Swagelok Contraction, | -y gy | 483 4.57 3.14
inner diameter contraction
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3.2High-Speed Camera Setup

During visualization experiments, the test section was illuminated on the side opposite of
the high-speed video receiver as shown in Figure 3.11. Two Lowel Omni-Light light
sources were placed approximately one meter from the test section and at an angle of 20°
from the test section horizontal centerline. It was important to maintain this angle to
ensure that the light sources did not point directly into the camera lens. The light sources
were softened using a medium density light diffusion screen. The camera was initially
positioned 0.25 m from the test section and the distance and lens adjusted until the
desired focus and field of view was achieved. For all tube diameters investigated, a field
of view of 10 tube diameters was used. This allows for observation of local liquid films

while still viewing the global liquid-vapor dynamics.

Overhead
Filter Screen View

y

Test Section Camera

Fr R S| | e— ‘:

Horizontal View

Figure 3.11: High Speed Video Camera and Lighting Setup
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The test section was viewed from two different angles at different times using the same
camera. When viewing from the side, the camera is placed horizontally, and its
placement is verified using a handheld leveling device. Similar verification is used when

viewing the test section from an overhead view.

A reference length was required to relate the image captured in pixels to a measureable
distance. In each case, the inner tube diameter was used. Details of this process are

provided in Sections 5.1 and 5.2.

3.3 Charging Refrigerant Loop with R404A

Before either system was evacuated for charging, leak testing on the refrigerant loop was
conducted. The system was initially charged with 1000 kPa of nitrogen, and leaks were
detected by an ultrasonic leak detector and by applying a dilute soap mixture to the
external surface of the facility. Once all possible leaks were found and corrected using
this method, the system was charged with a refrigerant/nitrogen mixture. The system
pressure was monitored for 24 hours for slow leaks. The slow leaks were then detected
using the Accuprobe UV Leak Detector (United Refrigerants Inc., Model 69336) that is
capable of detecting R134a leaks at a rate of 1.7 g yr'. Once system integrity was
established, the test facility (for both facilities) was evacuated using a 3 cfm rotary vane
vacuum pump (J.B. Industries, Model: DV-85N) in conjunction with an analog vacuum
gage (Thermal Engineering Company, Model: 14571). The facility was monitored for
pressure changes after it reached a pressure of 200 microns (6.9 kPa = 5. 17x10* microns)
and the pump turned off. The large tube facility was charged with approximately 3.4 kg,
while the small tube facility was charged with approximately 200 g of R404A after

confirming that the system was leak-free. Test loop integrity was confirmed by leaving
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the system at sub-atmospheric pressure and monitoring the pressure for changes over a

period of 24 hours.

3.4 Test Procedures

The refrigerant in the facility is initially at a sub-cooled liquid state, verified by visual
observation of the sight glass and the visualization test section. In the large tube test
facility, the coolant flow rates for the pre- and post-condensers are set, followed by the
flow rate of the refrigerant. The refrigerant flow rate is set to correspond with the desired
mass flux at the test section. The steam lines are then opened and the system pressure is
closely monitored and adjusted to the necessary operating pressure using a nitrogen
cylinder attached to the accumulator. Close attention is also given to the refrigerant mass
flow rate and adjustments are made to maintain desirable mass fluxes. In the small
diameter tube test facility, the recirculating chiller is turned on and the flow rate of the
test section coolant and condenser are set at the desired value. The flow rate of the
refrigerant is then set. The post- and pre-heater are slowly adjusted until the desired inlet

and outlet test conditions are met.

All measurements are monitored with real-time charting of the refrigerant temperature
and pressure in the test section and mass flow rate to determine the approach to steady
state. A data point is taken by recording measurements every second over a five minute
period after the test reaches steady state. A typical start up time for the large test facility
is 2-3 hours, and about 1 hour between data points, depending on mass flux and quality
desired. The thermal mass of the small facility is much lower, which results in a faster
start-up time (about 1 hour) and shorter time between data points (about 30 minutes.) At
the midpoint of recording the data point, the visualization equipment is initialized and

high-speed video taken for a duration of 1 second at a speed of 1000 fps. The data are
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analyzed immediately to ensure that the desired test conditions are met and necessary
energy balances and uncertainties are achieved. These checks include ensuring that
energy balances between the thermal amplification technique and pre- and post-
condensers energy balances are within acceptable uncertainties, saturation temperatures
at the inlets and outlets of the test sections using local thermocouple and pressure
measurements are in agreement, and heat transfer coefficient uncertainties are close to the
desired 15%. Another data point is taken to ensure that the flow conditions do not
change over time. The operating conditions are then altered to obtain the next data point.

The data are analyzed using the Engineering Equation Solver (EES) program discussed in

the next section.
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CHAPTER 4: DATA ANALYSIS

The methods for determining relevant testing states, sample calculations for two-phase
tests, heat transfer coefficients, pressure drops, and their associated uncertainties from the
measured data are described here. The thermodynamic state and properties of water, air
and refrigerants were obtained using Engineering Equation Solver (EES) software (Klein,
2008) coupled with the EES-REFPROP interface to access refrigerant properties from
REFPROP Version 7.0 (Lemmon et al., 2002). Uncertainty propagation in EES reported
here assume that all measurements are uncorrelated and random (Taylor and Kuyatt,

1994).

4.1 Large Diameter Tube Condensation Analysis

The analysis presented in this section pertains to the test conditions for the large diameter
tube test facility. Analyses conducted to obtain the refrigerant pressure drop and heat
transfer coefficient from measured data are presented here. All calculation details are
also displayed in Appendix B.1. The analyses are illustrated using a representative data

point in what follows.

4.1.1 Test Section Quality

A summary of the measured values for the data point is presented in Tables 4.1 and 4.2.
Sub-cooled refrigerant enters the evaporator and leaves superheated. The enthalpy of the
refrigerant here is calculated using the temperature and pressure measurement at the pre-
condenser inlet:

Lprein = J (L preins Brprein) = S (98.93 °C,1475 kPa) =453.6 £0.27 kJ/kg 4.1
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A large difference (> 10°C) between the saturation temperature at the respective pressure

and the pre-condenser refrigerant inlet temperature is required to ensure a superheated

state. Similarly, a large temperature difference is required to ensure the refrigerant is at

the sub-cooled state at the exit of the post condenser. These superheated and subcooled

states enable calculation of the refrigerant enthalpy using temperature and pressure

measurements. It is also important to ensure that sub-cooled liquid enters the pump, thus

preventing damage to the pump from the ingress of a two-phase mixture. A summary of

these measurements and differences for this example is presented in Table 4.3.

Table 4.1: Refrigerant Temperatures and Pressures

Temperature ("C) Pressure (kPa)
Pre — Inlet T, e in 98.93+025 | P ,ein 1475+2.6
Condenser Outlet T, e o 32,99 +0.25
Inlet T, esiin 31494025 | P woin 1471 +2.6
Test Section
Outlet T, st out 30.89+0.25 | B st out 1449 +2.6
Post - Inlet T, post.in 30.77 £0.25
Condenser Outlet T, sost out 20754025 | Bposwow | 1449% 2.6
Table 4.2: Cooling Water Temperatures and Flow Rates
Temperature ("C) Flow Rate
T ,
Pre - LS wpren | 9.2£0.25 v 0.1896+ | 3.16 £0.025 x
Condenser Outlet T, brecout | 46.4%025 w.pre | 0.001 L/min 10-m3/s
T ,
Post - LS wporin | 36202 1.1£0.0106 | 1.83+0.17 x
Condenser Outlet T, soston 14.51 £ 0.25 W post L/min 105 m3/s

Table 4.3: Condenser and Saturation Temperature Comparison

Measured Saturation Temperature
Temperature ("C) | Temperature ('C) | Difference (K)
[Hite G e e 98.93 + 0.25 31.55 +0.06 67.38
Inlet
R 20.75 £0.25 30.46 + 0.06 9.71
Outlet
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The refrigerant exits the pre-condenser as a two-phase fluid where the enthalpy cannot be
deduced from temperature and pressure. The enthalpy of the refrigerant at the test
section inlet must therefore be calculated using energy balances in the pre-condenser,
Equation 4.3, after calculating the water-side heat duty, Equation 4.2. A more detailed
heat loss calculation is presented in a subsequent section 4.1.2. The pre-condenser duty,

based on the water-side, after accounting for the heat losses is:

Qpre = mw, pre (iw, pre, out - iw, pre, in ) + Qloss, pre (4’2)
0,. =(0.00316 kg s™')(194.6-39.03) kJ kg™ +(0.3552) W =491.9+5 W

The intermediate steps, such as water enthalpies and flow rate, can be found in the
attached Appendix B.1. The test section inlet enthalpy is calculated using the pre-
condenser energy analysis coupled with heat losses from the pre-condenser outlet to test
section inlet. The term with the subscript “loss, pre-to-test” accounts for this loss. The
enthalpy of the refrigerant entering the test section is a function of the refrigerant

enthalpy at the pre-condenser inlet and the heat losses.

Qpre + Qloss, pre-to-test = mr (lr, pre, in - lr, test, in ) (43)

491.9 W +0.7649 W = (0.005881 kg s™')(453 kI kg ™' —i
=369.8+5.8 kI kg™’

1, test, in )
ir, test, in
The quality at the test section inlet is obtained from the pressure measurement and this

refrigerant enthalpy.

xr, test, in = f (f)r test, in ? ir, test, in )

(4.4)

X

T, test, in

= (1471 kPa,369.8 kJ/kg) =0.95£0.01

The same methodology and energy balances are applied to the post-condenser to
determine the test section outlet quality. In this example, the test section outlet quality is
X, test, out = 0.7520.04. The average of the inlet and outlet test section quality is taken for

each data point:
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X _ 'xr, test, in + xr, test, out
T, test, avg 2

4.5)

. 0.95+0.75

xr, test, avg

=0.85+£0.02

Test section heat duties can also be obtained from these quantities. However, due to the
small quality difference across the test section, uncertainties in the heat duty are larger
than acceptable values. Therefore, the thermal amplification technique method is used,

as explained in Section 4.1.4.

4.1.2 Heat Losses to Environment

The entire test loop is covered in fiberglass insulation of low thermal conductivity (ki,s =
0.043 W m™! K'l) to minimize ambient heat losses. Heat losses from the insulation are
due to natural convection and radiation. Calculation of the heat losses from the pre-
condenser is detailed here. The heat loss calculations for the other elements in the test
loop are conducted in a similar manner. All heat loss calculations are detailed in

Appendix B.1.

The thermal resistance between the cooling water in the pre-condenser and the tube walls
is assumed negligible and the inner wall of the outer shell is equal to the average cooling
water temperature of the inlet and outlet of the condenser. This results in the following

equation for heat loss to the environment, 9,

. T -T .
Qloss, e — ( inner wall ambient ) j ( 4 6)

R R . .
R + R| + ( nat. conv.” radiation
wall ns

Rnat. conv. + Rradiation
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A schematic of this resistance network is shown in Figure 4.1. Conduction resistances
Ry and Rj,s are determined using Equations 4.7 and 4.8 with all necessary variables

provided in Table 3.1. The thermal conductivity of the wall, kpre, s = 14.9 W m! K

ln[Dpre,o,sj
_ Dprels
27£k 113re

38.1 mm
In| ———~——
(34.8 mmj

R =
Y 27(14.9 Wim-K ) (0.460 m)

ln[Dpremss)

Dre 0,s

Ry=—— 4.8)
275knsl¢,re

In (IOOmm)
38.1 mm

R = 4.7

=2.104x10° KW'

ins = = 7764 K \K]_1
272(0.043 W/m-K ) (0.460 m)
Tambient
R radiation R nat.conv.
Rinsulation
Rwall
Insulation Outer Tube

Figure 4.1: Schematic of Pre-Condenser Thermal Resistance Network
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The emissivity of the outside surface of the insulation is assumed to be &, = 0.85, while
the measured temperature of the surroundings iS Tumpienr = 24.7°C. The radiative
resistance is determined using Equation 4.9 where the Stefan-Boltzmann constant is ¢ =
5.67x10-8 W m? K*. However, the surface temperature of the insulation is unknown
and is solved iteratively using Equations 4.6 to 4.12. For this representative data point,
the insulation surface temperature is T}y = 25.09°C.

1

radiation 49)
" €ins ﬂ’-Dpre, ins, stre, so- (T;ri + Tﬁnbient ) (T;ns + T;lmbient ) (
R =1356 KW

raditaion
The natural convection heat transfer coefficient is a function of the Raleigh number, Ra.
The thermal properties of air are evaluated at the average temperature, Taye = (Tins +

Tamb)/2 = (25.09 +24.72)°C = 24.9°C.

3
_ gﬁair (T;ns - 7—zimbif:nt ) Dpre, ins, s
V.«

air air

Ra (4.10)

(9.81m s7)(0.003367 K™')(25.09-24.72) °C(0.100 m)’

fa= (1.56x10° m? s1)(2.206x10° m” 5')

=35152

The Nusselt number is calculated using the Churchill and Chu (1975) correlation for

natural convection around a horizontal cylinder.

1/6

9/16 8/27
(1+(0.559j j
Pr

Nu=|0.60+

0.387(35152)"
9/16 8/27
1. [0:559
0.71
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The corresponding heat transfer coefficient is calculated using Anat. conv. = NU Kaie/ Dpre, ins, s
which results in Zgac conv. = 1.559 W m?2 K. The heat transfer coefficient in this case is
very low because the temperature difference between the insulation and the ambient is
very small. The resulting natural convective resistance is given by:

R = ! (4.12)

nat. conv.

nat. conv.ﬂ. pre, ins, s pre, ins, s

_ ! — 4438 KW

(1.599 Wm™ K™)7(0.100 m)(0.460 m)

nat. conv.

With all of the necessary terms computed, the heat loss in the pre-condenser is calculated
using Equation 4.6, which results in.

(27.83-24.72)°C

=0.3526 W
2.104x107)+(7.764)+(1.039) [K W™

Qo pre =
1 [ (

4.1.3 Test Section Heat Loss

The methodology for determining heat loss in the test section is similar to that outlined in
the previous section. However, test section heat duties are smaller than those in the pre-
and post-condenser, thus, the heat losses are more significant. Therefore, the thermal
resistance in the test section includes the thermal resistance due to convection in the
annulus, instead of assuming an inner wall temperature based on the coolant average
temperature. The thermal resistance in the test section annulus is defined as:

1
= (4.13)

annulus 7[D annulus,o Ltesl

annulus,o

The heat transfer coefficient in the annulus, Aapnuns, 1S predicted using the curve fit
developed by Garimella and Christensen (1995) based on tabular data of Kays and Leung
(1963) for laminar and turbulent single phase flows through an annulus. The Nusselt

number correlation is a function of Reynolds number, Re,nnuws, Prandtl number, Pr, and
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diameter ratio, . For the representative data point considered here, the flow is turbulent

with Reynnus = 9801, and the corresponding Nusselt number equation is:

-0.14

=0.025-Rel?  Pr"*(r") (4.14)

turbulent annulus

Nu
=0.025-(9801)"" (6.945)

0.48 (

Nu 0.6225) """ =87.9

turbulent

The resulting heat transfer coefficient in the annulus is s = 13677 W m2 K. The
thermal resistance in the annulus is calculated using Equation 4.13.

= ! =0.01487 KW'

R
annulus,o (13677 W m—Z K_l )7'[(10,2 mm)(152.4 mm)

The heat transfer from the test section to the environment is predicted with the added

convective thermal resistance in the annulus.

(Tw,lesl,uvg - T:zmbient )

(4.15)
R + R +R +[ Rnat.coanradiation j

annulus 0 wall ins +
Rnat.conv I{radiation

Qloss,lesl -

(20.38-24.72)°C
14.51)(4.105) ) o
14.51+4.105

=-0.08314 W

Qloss,test =

(0-01497)+(O.01536)+(50.12)+[(

For this example, the coolant temperature is lower than the ambient temperature, and heat
is transferred from the surroundings to the coolant. This heat gain only occurs at the
lowest saturation temperature (Ts, = 30°C.) A summary of the relevant heat losses in the

test loop is displayed in Table 4.4.

For this representative data point, the coolant lines in the primary, secondary and post-
condenser are maintained at temperatures lower than the ambient temperature, which

results in heat gains.
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Table 4.4: Summary of Heat Losses

Surface Radiation (];) a:v Total Heat
Area Loss ) Heat Loss Duty
Loss
Qluss,mdiaﬁun Qloss,naL cony. Qluss, total
(m?) (W) (W) (W) (W)
Pre-Condenser 0.144 0.27 0.08 0.35 492
Pre-Condenser
to Test Section 0.287 0.76 0.25 1.0
Test Section 0.048 -0.06 -0.02 -0.08 160.5
Test Section to
Post-Condenser 0.287 0.59 0.18 0.76
Post Condenser 0.065 -0.52 -0.23 -0.75 683
Primary Loop 1.086 -2.09 -0.69 -2.79
Secondary Heat |, 5, 027 0.10 037 185.8
Exchanger

4.1.4 Test Section Heat Duty

The test section heat duty is evaluated using the thermal amplification technique with
energy balances on the secondary heat exchanger, heat losses in the secondary heat
exchanger, test section, and primary loop, and heat additions from the primary loop
pump.

Qtest = Qsec + Qloss, ambient qump (4‘ 16)

The primary cooling loop pump heat addition can be significant, and accurate
determination of this heat input is required to obtain low uncertainties. A detailed
analysis of pump heat addition was conducted in previous work using the test facility by

Andresen (2007) and a conservative 50% uncertainty is applied to the predicted value.

The methodology and detailed calculations are presented in Appendix C. The pump heat
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addition in this example is O =22+11W. The secondary fluid heat transfer rate is

pump
determined by an energy balance using the measured flow rate, and inlet and outlet
temperatures. The inlet and outlet temperatures are used to calculate the respective
enthalpies for analysis.

Qsec = mw, sec (iw, sec, out - iw, sec, in ) (4 17)
0. =(0.003915 kg s™)(78.19-30.74) kI kg" =185.8+5.87 W

It is important to maintain large temperature differences between the heat exchanger inlet
and outlet to ensure low uncertainties in secondary heat exchanger heat duties. In this
example, AT, = 11.32°C, and the temperature difference throughout all experiments
conducted in this study was always greater than 10°C. The utility of the thermal
amplification technique can be seen in this case by noting that the corresponding

temperature difference in the primary loop is only ATpim = 0.19°C.

The heat losses from the test section, primary loop, and secondary heat exchanger are
summed to determine the total heat loss contributions to the test section heat duty. A

summary of the heat losses and gains is presented in Table 4.4.

Qloss, ambient = Qloss, test + Qloss, primary + Qloss, sec (4' l 8)

Oose. ampien = —0.083-2.785-0.370 = -3.24 +1.62 W
In this case, the coolant lines are all at a lower temperature than the ambient temperature,
resulting in a heat addition. A conservative 50% uncertainty is applied to the predicted

heat gain. The test section heat duty is calculated using Equation 4.16.

0., =1858-32-22W=160.5+12.6 W

The largest contribution to uncertainty in measured test section heat duty is the
uncertainty in predicted pump heat addition (11 W.) At higher saturation temperatures,

the heat loss components increase and the pump heat additions decrease, because the
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primary loop velocity required to maintain high resistance ratios is lower, in turn due to
the refrigerant heat transfer coefficient being lower with increasing p;, but it is still the

dominant uncertainty.

4.1.5 Refrigerant Heat Transfer Coefficient

To determine the refrigerant heat transfer coefficient, the overall heat transfer
conductance, UA, is needed. The overall heat transfer conductance is calculated from the
test section heat duty, and the log-mean temperature difference (LMTD) in the test

section.

0..=(UA)(LMTD) (4.19)

The test section heat duty is calculated using Equation 4.16, while the LMTD is
calculated as follows using measured inlet and outlet temperatures and pressures. The
LMTD between the condensing refrigerant and the primary cooling loop is calculated by:

LMTD — (Tr, test,in Tw, test, out ) - (Tr, test, out Tw, test, in ) (4.20)

ln |:(Tr, test, in - Tw, test, out )/(Tr, test, out - Tw, test, in ):|
(31.5-20.4)—(30.8-20.2)
In[(31.5-20.4)/(30.8-20.2) |

LMTD = =10.87+£0.18 K

The coolant inlet and outlet temperatures are measured by thermocouples, while the
saturation temperatures of the refrigerant are based on measured inlet and outlet
pressures. This approach results in a lower predicted uncertainty on saturation
temperatures. The measured temperatures are then used as a redundant measurement to
ensure accuracy. A summary of measured saturation temperatures is presented in Table
4.5. The difference between the temperatures obtained at the inlet and outlet using these
two different methods is an indication of the thermocouple accuracy and also the

achievement of steady, desired operating conditions. For this representative case,
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Table 4.5: Comparison of Thermocouple and Pressure-Based Temperature

Measurements
Measured Pressure Enthalpy Saturation Temperature
T(°C) (kPa) (kJ kg™ T(°C) Difference (°C)
Test Section Inlet | 31.49 +0.25 1471 £ 2.6 370+ 6 31.55+0.06 0.06
Test Section { 3) 09, 005 | 1449226 | 345+5 | 30.85+0.06 0.04
Outlet
Tambient
&% nat.conv. <— ----- I
Rinsulation - Ored,o ;Otee,o Qannulus Otee,i Ored,\'

Rwal\,o

Rannums,o

Insulation

Outer Tube

Copper Tube

B

=

Outer Wall

A

> 4—»‘»

Lannulus Ltee Lreducer

Figure 4.2: Schematic of Test Section Thermal Resistance Network

agreement between the two methods is very good, well within measurement

uncertainties.

The overall heat transfer conductance for this example is calculated using Equation 4.19.

The overall heat transfer conductance is based on the thermal resistance from the
condensing refrigerant to the test section coolant. A schematic of the different thermal
resistances in the test section is shown in Figure 4.2. A major portion of the heat is
removed from the refrigerant in the test section annulus between the inlet and outlet
ports. A small portion of the heat is removed from the test section in the tee and reducer

sections at the inlet and outlet, which allow for the mating of the annulus and refrigerant

160.5 W = (UA)(10.87 K), UA=14.8+1.2 W K

91

www.manaraa.com



tube. An equivalent convective resistance is used to account for the heat removed from

these different regions. The thermal resistance network is calculated as follows:

1
UA = (4.21)
Rr + Rwall + Rconv. equiv.
The conductive resistance in the copper tube is calculated as follows:
In( D, D._..
_ ( test,o/ test,i ) (422)

‘annulus

R =
wall Zﬁktest (L + 2 ( Lreducer + Ltee ))

In(6.35 m/3.048 m)

Ry = — =1.306x102 K W
27(398.3 W m™K")(0.1524 m +2(0.02286 m +0.01321 m))

The convective resistance of the primary coolant is calculated using a parallel resistance
network to the water side, comprised of the main forced convective region between the

ports and the relatively stagnant regions of fluid in the inlet and outlet regions.

R:olnv equiv. = Re;ilnulus,i + 2 (Rt;i + Rr;jiucer ) (423)
The forced convective thermal resistance in the annulus is:
R = ! 4.24)
annulus,i .
hannulusjz.D test,oLannulus
1

R, i = — =0.024 KW
" (13677 W m®K ") 7(6.35 mm)(152.4 mm)

The heat transfer coefficient in the annulus is calculated using Equation 4.14 presented
above. The resulting thermal resistance in the annulus region is Rannuius, i = 2.4x10° K W-
!. The thermal resistances in the tee and reducer regions are calculated using an effective
thermal conductivity for the relatively stagnant fluid (Incorpera and DeWitt, 1996). The
thermal resistance in the tee and reducer are calculated in a similar manner and only the
tee resistance is shown here for demonstration purposes. The detailed calculations are

presented in Appendix B.1. The thermal resistance is:
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_In(Dy/Dy) (4.25)
tee 27l'k L

eff “tee

The effective conductivity, ke, is a function of the modified Rayleigh number, Ra*,
Prandtl number, Pr, and the respective tube diameters. The modified Rayleigh number is

calculated as follows:

4
Ra. = [ D, / test, o ] 8 ﬁw wallo ™ Ly st avg) (4.26)

( D35 4 ps )5 V.,

test, o tee

[In(1041/635)] (981 ms?)(2.1x10™ K')(24.1-20.3 K)

o _((10.41)3/5+(6.35)3/5)5 (9.96x107 m’s")(1.435x107 m’s")

tee

=52

If the modified Rayleigh number is less than 100, the effective thermal conductivity is the
same as the conductivity of the fluid. If the modified Rayleigh number is greater than

100, the effective thermal conductivity is calculated using Equation 4.27.

k Pr " 1/4
0.861+Pr

water

Because the modified Rayleigh number is less than 100 in this case, the effective thermal
conductivity is approximated by the thermal conductivity of water, ke = kyaeer = 0.599 W
m™ K. The thermal resistance in the tee is calculated using Equation 4.25.

In (10.41/6.35) |
R = =9.94 KW
27(0.599 W m"'K™")(13.21 mm)

The thermal resistance of the reducer is obtained using the same methodology (Equations
4.25-27), but by replacing the tee dimensions with reducer dimensions. The resulting
thermal resistance in the reducer for this representative case is Ryequcer = 4.372 K wl,

The equivalent convective resistance is then determined using Equation 4.23.

B ~1
R :[(2.4><102 KW") 1+2((9.9)“+(4.4)‘l WK")} =2.37x10> KW

conv, equiv.
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The resistance in the annulus is an order of magnitude smaller than that in the reducer and

tee, and therefore, a major portion of the heat is transferred in the annulus. In this

example the calculated heat transfer through each segment is Q. =174 W,

0. =076 W, and Q

s =158.1 W Despite the ends being insignificant in terms of
overall heat transfer, their effects are included here so that the heat transfer area is
properly accounted for. With the other resistances now available, the thermal resistance

in the condensing refrigerant is obtained from Equation 4.21.

1
R +1.31x107 KW'+2.37x10” KW
R =427x107 KW

1477 WK' =

The resistance of the condensing refrigerant is used to obtain the refrigerant heat transfer
coefficient.

1
+2(L g + L))

Teducer ‘tee

h(3.048 mm)(152.4+2(22.9+13.2) mm)
h, =10884+2027 W m”K"

R = 4.28
' hrﬂ’-Dtest,i (L ( )

‘annulus

4.273%107% =

The uncertainty in this measured heat transfer coefficient for this representative case is
18.6%. The resistance ratio for this data point is obtained by comparing the thermal
resistance on the refrigerant side to the thermal resistance of the tube wall and annulus.

R
- (4.29)

ratio =
Rwall + Rconv. equiv.

The resistance ratio for this example is Ry = 1.711. High resistance ratios ensure high
accuracies in measured heat transfer coefficients. In the present study, the resistance

ratios for data taken on the large diameter tube facility ranged from 1.7 to 8.1.
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4.1.6 Test Section Pressure Drop

The measured pressure drop, APpeasureds 1S the summation of several pressure loss
components, including the frictional pressure drop, APs the deceleration (due to
condensation) pressure drop, APgecelerations and the contraction and expansion pressure
drops at the inlet and outlet respectively, APcontraction a0d APexpansion-

A[)measuredl = AP/ - |A + AP

contraction

- AP

expansion

(4.30)

Pdeceleralion

Contraction pressure drops were calculated based on the approach suggested by Hewitt et
al. (1994) where the pressure drop due to contraction is a result of the reducing area as

well as frictional losses.

2 2
APc:omraction = G_ 1 - Arzatio + L - 1 WH (43 1)
2P e LG
gﬁz;ggye Frictional

Pressure Loss

The ratio of the test section cross-sectional area to the corresponding area of the
refrigerant tubing is given by:

Ae%
Aratio = AJ (432)

T

There are two sequential contractions at the inlet that lead to the total contraction pressure
drop as shown in Figure 3.7. They are due to the reduction in flow area from the tee
fitting to the refrigerant tubing, and the refrigerant tubing to the test section. The ratios
for the respective cross-sectional area changes are calculated using Equation 4.32, as

follows.

2
A oniracti D .
Aratio | = contraction _ contraction — 06834
Atee DlEE
2
A D .
— test — test,1 _
ALion = 2 = =0.444
contraction contraction

The coefficient of contraction term is given by Chisholm (1983):
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1

C.= (4.33)
< 0.639[1-(A,,)]" +1
WH = 1 + ( pl’ - - IJ 'xr test, in (434)
pv, test, in , ,

The homogeneous flow multiplier is used based on the recommendation of Hewitt et al.
(1994). For this case, the homogeneous flow multiplier is ¥; = 12.18 at a test section
inlet quality x;sin = 0.9456. Because it is only a function of phase densities and local
quality, the multiplier is the same for both contractions. The coefficient of contraction is

different for each component and is calculated using Equation 4.33 as follows:

=0.6774

1
172

©0.639[1-(0.6834)]"” +1

C,1

=0.6928

1
172

T 0.639[1-(0.444)] " +1

CC,Z

The contraction pressure drop for each area reduction is calculated using Equation 4.31.
The mass flux in the equation is determined by the mass flow rate in the smaller cross-

sectional area of the contraction.

2 2
(GArt 2) 1
PN e LR R T [
contraction, | 2 pl,in Aatlo,l Cc’l l//H

o (803-0.444 kg m™ s7')°

2
rontraction. = ) 1-0.68+ (L—lj 12.2=0.715 kPa
’ 2(1014 kg m™) 0.68

2
G’ 1
A[Zontraction,Z = g 1 - Arzatio,Z + [C_ - IJ l//H
Lin C2

(803 kg m™ s")2 1 2
AP, paciion = | 1-0.44+| ———1] [12.2=4.02 kPa
© 2(1014 kgm™) 0.69
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The total contraction pressure drop for this representative data point is the sum of the two
components and 1S APconraction = 4.731 kPa. The total contraction pressure drop is 78%
kinetic energy change (APcontraction, kinetic-energy = 3.696 kPa) and 22% frictional losses
(APcontraction, friction = 3.696 kPa.) The expansion pressure drop is computed using the

following equation suggested by Hewitt ef al. (1994) is:

—G2 G2 atio 1- atio l//

APexpansion = (I_Afaﬁo ) _(I_Araﬁo )2 W, = Ar i ( A i ) S (4.35)
Kinetic Frictional Loss
Energy
Change

Two sequential expansion pressure drop terms are included to account for the test section
connections at the outlet as shown in Figure 3.7. The contributions of the two expansions
are similar to those presented above for contraction pressure losses. The sum of the two
components is presented here, and the contributions of each expansion are detailed in
Appendix B.1. The ratio of areas is the same as that presented above, and the separated

flow multiplier is given by:

p v, test, out

Vs = 1+ LM - 1) [er, test, out (1 Xy test, out ) + xrz, test, out :' (436)

The coefficient value given by Chisholm (1983) is B = 0.25. As the coefficient

approaches unity, the separated flow multiplier reduces to the homogeneous multiplier.

For the representative case under consideration here, x; estout = 0.7586, ¥ = 8.506, and
the resulting combined expansion drop is:

AP

expansion exapansion, kinetic-energy expansion, friction

=(2.575-0.964) kPa =1.61 kPa
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The component of pressure drop associated with decreasing velocities from condensation
is represented in the deceleration pressure drop derived from an axial momentum balance

as found in Carey (1992):

_lg? X’ + (1—x)2
pv,outa pl,out (l_a)

| deceleration

— G2 x2 + (1_')(:)2
pv,ina pl,in (l_a)

X=X test, out X=X test, in

A=, s, o

The void fraction, &, is a function of the refrigerant quality and refrigerant properties.

The void fraction is calculated using the following correlation developed by Baroczy

a=[1+(l—x) [&j- {ﬂ] ] (4.38)
X pl Il'lv

The calculated void fractions for the representative data point are a;, = 0.9708 and ooy =

(1965).

0.9046, respectively, which results in a deceleration pressure rise of 1921 Pa. The
frictional pressure drop is now obtained using Equation 4.30:

15.658 kPa = AP, —1921 kPa +4.731 kPa—1.61 kPa
AP, =14.46 kPa

With a test section length of Ly = 0.4572 m, the resulting pressure gradient is VP =
31.62 kPam™. The ratio of the deceleration pressure drop to the measured pressure drop
is 12%. The contraction, expansion and frictional pressure drops are 30%, 10% and 92%

of the measured pressure drop, respectively.

4.2 Small Diameter Tube Condensation Analysis

Due to the much smaller mass flow rates and condensation heat duties in the smaller

diameter tubes in this study, and the large thermal mass of the larger test facility, a
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second, much smaller test facility was used for small tube (D < 2 mm) experiments. The
primary difference between the large tube diameter facility and the small tube diameter
facility is in the pre- and post-conditioning of the refrigerant upstream and downstream of

the test section. The analysis of data from this test facility is presented here.

4.2.1 Test Section Quality

A summary of measured values for a representative data point is presented in Tables 4.6
and 4.7. Refrigerant is sub-cooled in the condenser and pumped to the pre-heater. The
enthalpy of the refrigerant here is calculated using temperature and pressure
measurements at the pre-heater inlet.

(4.39)

lr,pre-heat,in = f (7—;, pre-heat, in * Pr, pre-heat, in )

= £(23.8°C,1810 kPa)=232.7+0.38 kJ kg™

lr,pre—heal,in

Large temperature differences between the pre-heater inlet temperature and the saturation
temperature at the inlet pressure were maintained to ensure that the fluid was completely
sub-cooled. Similarly, a large temperature difference at the outlet of the post-heater
compared to the saturation temperature at the measured pressure was maintained to
ensure that the refrigerant is completely super-heated. @~ A summary of these
measurements and their comparison with saturation temperatures is displayed in Table

4.8.

The refrigerant exits the pre-heater as a two-phase fluid, and temperature and pressure

Table 4.6: Refrigerant Temperatures and Pressures
Temperature ("C) Pressure (kPa)

Pre-Heater Inlet Tr pre-heat,in | 23.8£0.25 R pre-heat, in 1810+ 5.2

Test Section Inlet Tr, test, in 39.6£0.25 Pl test, in 1810+ 5.2
Test Section Outlet Tr test, out 39.5+£0.25 R test, out 1780 +£5.2

v

Post-Heater Outlet

5 1 .0 i 0.25 T, post-heat, out 1778 i 5.2

1, post-heat, out
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Table 4.7: Pre- and Post-Heater Inputs

Heater Input (W)

Pre-Heater

Qpre-heat

147.4 +0.29

Post-Heater

onst—heat

73.7+0.15

Table 4.8: Heater and Saturation Temperature Comparison

Measured Saturation Temperature
Temperature ('C) | Temperature (°C) | Difference ("C)
Pre-Heater Inlet 23.8 £0.25 39.85 £0.09 16.05
Post-Heater Outlet 51.0+0.25 39.84 £0.09 11.16

measurements are made upon entering the test section. The test section inlet state is

calculated from an energy balance across the pre-heater.

Qpre—heater = mr (lr test,in lr,pre-heat,in ) + Qloss, pre-heater
Opencaer = (1:125%107° kg 8™) (i, oy —232.7 kI kg ) +0.524 W
i =363.4+0.46 kJ kg

r,test,in

(4.40)

The heat loss in the pre-heater assembly was calculated using the approach outlined in
Equations 4.6 to 4.12 and is detailed in Appendix B.2. The quality at the test section inlet

is deduced using the pressure measurement and refrigerant enthalpy.

‘xr, test, in = f (Pr test, in ? ir, test, in ) (44 1)

X, wwm = /(1810 kPa,363.4 kJ kg ) = 0.872£0.0038

A similar method is used to obtain the test section outlet quality. For this representative
data point, the outlet quality iS X;iestour = 0.59240.006. The average quality for this

representative data point 1S X test,ave = 0.7328+0.0025.

4.2.2 Heat Losses To Environment

The small tube test facility is covered in insulation (kj,s = 0.043 W m’! K'l) to minimize
ambient heat losses. Due to the much lower flow rates and heat duties, losses to the

environment constitute a more significant portion of the measured heat duties throughout
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the system. Heat loss calculations for this facility are very similar to those for the large
tube diameter test facility (Equations 4.6 to 4.15.) A summary of heat losses for the
representative data point for the small tube diameter facility is presented in Table 4.9.

The detailed calculations are presented in Appendix B.2.

Table 4.9: Summary of Heat Losses

Surface Radiation (1;) 2:1tv Total Heat
Area Loss ) Heat Loss Duty
Loss
Qloss,radiation Qloss,naL conv. Qloss, total
(x10° m®) (W) (W) (W) (W)
Pre-Heater 3.03 0.14 0.11 0.26 147.4
Pre-Heater to
Test Section 0.7964 0.15 0.12 0.27
sty e 2.08 0.12 0.09 021
Annulus
. 38.15
Uty Biasion 0.485 0.1 0.08 0.18
Non-annulus
Test Section to
Post-Heater 0.7964 0.15 0.12 0.27
Post-Heater 3.03 0.35 0.33 0.68 73.7

4.2.3 Test Section Heat Duty

The test section heat duty in the small diameter tube test facility is obtained based on the
conditions at the inlet to the pre-heater, at the outlet to the post-heater and energy
balances across the refrigerant loop. The condensation heat duty is calculated as
follows:

Qtest = mr (lr post-heat, out - ir, pre-heat, in ) - Qpre»heater - onst»heuter + Qloss (442)
O =(1.125x107 kg s )(363.4-329.4 kI kg )-147.4 W-73.7 W +1.88 W

0. = 3815+1.4 W
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The largest contribution to the uncertainty in heat duty is the heat losses to the ambient
(094 W.) As saturation temperature increases, this component becomes more

significant.

4.2.4 Test Section Refrigerant Heat Transfer Coefficient and Pressure
Drop

The refrigerant heat transfer coefficient in the small diameter tube test facility was
calculated in the same manner as for the large tube facility (Equations 4.19 to 4.28).
Detailed calculations are presented in Appendix B.2. For this representative data point,
IMTD =7.15K, UA =534 W K'l, and R, = 0.1558 K W'l, which results in a measured
heat transfer coefficient of A, = 6194+568.9 W m™ K (9.2%.) The resistance ratio for
this example was R0 = 6.328. In the present study, the resistance ratios for data taken

on the small diameter tube facility ranged from 3.0 to 16.7.

The test section pressure drop in the small diameter tube facility was also calculated
using the methodology presented in Equations 4.30 to 4.38 for the large diameter tube
facility. The detailed calculations are presented in Appendix B.2. The measured pressure
drop in this example was APpeasured = 29.5 kPa. The expansion, contraction, deceleration
and frictional components were APexpansion = 0.711 kPa (2.4%,) AP ontraction = 3.54 kPa
(12%,) AP geceleration = 1.11 kPa (4%,) and AP¢ = 27.75 kPa (94%,). The frictional pressure

gradient for this example is VP;=91.04 kPam™.
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CHAPTER 5: IMAGE ANALYSIS

The methodology for obtaining quantitative information from high speed video images of

the two-phase flows taken in this study is detailed in this chapter.

5.1Image Processing

Previous investigations by Coleman and Garimella (2003) used flow visualization to
classify flow regimes and transitions for condensing R134a. While it was possible to
obtain qualitative information from the videos, a mathematical image analysis tool is
necessary to derive quantitative parameters from such video frames. In the present study,
images of the longitudinal section of the tube defined in Figure 5.1 are taken. To obtain
three-dimensional information from the two-dimensional images obtained in the video
recordings, several geometric assumptions must be made. A second image perpendicular
to the longitudinal section (i.e., the overhead section) was also taken in the experiments

for representative cases to validate these assumptions.

=
-

Overhead Section (Camera View 2)
Figure 5.1: Observed Planes: Longitudinal, Overhead, and Cross-Section

R

Cross-Section

An image analysis tool was developed using edge-detection capabilities available in the
MATLAB (The MathWorks Inc., 2004c) platform. The tool was originally developed for

analyzing falling films and droplets flowing around tube banks. In the present study, this
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original tool was modified to quantify vapor slug parameters and void fractions. A
detailed description of the development of this image-analysis tool is provided in Killion
and Garimella (2004). The basic operation of this image analysis tool, and the main

modifications made for the present study are described here.

The image analysis program uses a graphical user interface (GUI) as its input platform.
A schematic of the GUI is shown in Figure 5.2. This allows for the video recordings to
be uploaded and analyzed in a frame-by-frame manner. Initially, the user defines a
region of interest (ROI) by clicking each frame near the vapor-liquid interface. The
program automatically detects the edge of the vapor-liquid interface within the ROI, sets
points along the path of the detected edges, and fits a smoothing spline through these
points. The program uses the Canny edge-detection algorithm from the MATLAB Image
Processing Toolbox (The MathWorks Inc., 2004a) combined with the cubic smoothing
spline function SPAPS from the MATLAB Spline Toolbox (The MathWorks Inc.,
2004b). This process is illustrated in Figure 5.3(a-c). Figure 5.3(a) displays the points
detected (blue circles) at the vapor liquid interface. Figure 5.3(b) shows the spline (light
blue line) and the ROI (un-shaded area) for the example frame. A schematic of the

process is shown in Figure 5.3(c).

The Canny edge-detection algorithm (The MathWorks Inc., 2004a) is a multi-step
procedure. First, noise and undesirable textures are removed by a Gaussian smoothing
filter. Next, the regions with high first spatial derivatives are highlighted using the
gradient-based Sobel operator. Upper and lower threshold values are initially set by the
user and any value larger than the upper threshold is considered as an edge pixel. The
neighboring pixels are then examined to definitively establish the edge: if the gradient is

larger than the lower threshold, it confirms the existence of an edge. All edge pixels are
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Figure 5.2 Geometric Graphic User Interface for Video Frame Analysis

connected following completion. The Canny edge-detection algorithm was used because
of its flexibility in adjusting to different lighting conditions. If necessary, it is possible
for the user to manually input edge points based on visual interpretation, but this was

rarely necessary for the present study.

The vapor-liquid interface is approximated by a spline, which is a smooth piecewise
polynomial function using a set of control points and a non-decreasing knot sequence.
The control points are established using a multi-step edge-detection procedure. The user
must first set the point spacing value. After applying the aforementioned Canny
detection algorithm, the edge points along the interface are automatically selected with a
distance between each edge point specified by the point spacing value. The user has the
ability to decrease the point spacing value to allow for tracking of intricate shapes. The
vertices of the spline’s control polygon are the control points, which are then fit by a

cubic smoothing spline using the MATLAB (The MathWorks Inc., 2004b) built-in spline
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function SPAPS. This function creates the smoothest spline that exists within the user
specified tolerance of the control points, which is appropriate given the discrete nature of

the location of the edge points.

5.2 Analysis and Interpretation of Processed Images
The methods for measuring void fraction, vapor bubble parameters, and their associated
uncertainties from the data are described here. In addition, sample calculations for a

representative data point are presented.

5.2.1 Ildentification of Flow Characteristics

The vapor slug parameters and void fraction are calculated based on the spline fit to the
vapor-liquid interface described above and the boundaries of the tube, which are user
inputs. The schematic of a frame is shown in Figure 5.3(c), with the pixel coordinate
system origin in the upper left corner. This coordinate system is used to define the
outline of the tube diameter, D, using the upper and lower lines, and also the tube length,
Liube, using the left and right boundary lines. The boundary lines are fully adjustable and
are set by the user. The number of pixels per millimeter, x.,, is calibrated to the known
tube diameter. This user input procedure is carried out only in the first frame and then
used throughout the analysis. For a tube diameter of D = 3.00 mm, the length of the tube
captured in the image was generally Ly = 22 mm, and a calibration value of x., = 45
pixels/mm was used. Representative calibration values for each tube diameter are shown

in Table 5.1.

Table 5.1: Representative Image Analysis Calibration Values
Diameter (mm) X a1 (pixels/mm)
3.00 45
1.00 125
0.508 220
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Figure 5.3: Schematic of Video Frame Analysis

5.2.2 Flow Regime Recognition

The condensation flow regime for each data point was categorized into one of four major
flow regimes, with several flow patterns within each flow regime. A detailed description
of each flow regime is presented in the Results and Discussion, Section 6.1.1. The four
major flow regimes identified in this study were Annular, Wavy, Intermittent, and
Dispersed. Representative images corresponding to each flow regime are provided in
Table 6.1. Recognition of the flow regime is important for classifying the flow as well as

for selecting the three dimensional geometry assumptions for calculation of void fraction.
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5.2.3 Vapor Bubble Parameters

The vapor bubble parameters can be calculated following the detection of the vapor-
liquid interface in a given frame. The maximum diameter of the bubble is calculated by
the maximum vertical difference in spline location at a given axial position. The length
of the vapor bubble is measured from the minimum horizontal pixel of the spline to the
maximum horizontal pixel of the spline. In both cases, the resulting difference is
measured in pixels and is converted to millimeters using the known tube diameter as a
reference (Figure 5.3(c).) The velocity of the vapor bubble is measured from frame to
frame using either the maximum horizontal pixel (the nose,) or the minimum horizontal
pixel (the tail.) The change in the minimum and maximum pixel location on the image
from one frame to the next is the pixel distance traveled by the tail, X, and the nose,
Xnoses T€spectively. A schematic of this measurement is shown in Figure 5.4. The nose
point is highlighted in red and the tail point highlighted in blue. Using the known capture
rate, Rates,me = 1,000 fps, the velocity of the vapor bubble can be measured at the nose or
the tail:

Ui = X

Rate, v X . Rate,. . (5.1)

nose tail

Measuring the velocity at the nose is preferred because it yields a more consistent result.
The tail of the vapor slug under high mass flux conditions often fluctuates as a result of
potential recirculation patterns in the liquid, adding uncertainties to the measurement.
However, in some cases the nose of the vapor slug has passed through the frame, in
which case, measurement of the velocity at the tail is required. If the entire slug is in the
frame, the nose and tail velocity can both be measured to enhance accuracy. The velocity
measured at the tail of the vapor slug is typically within 5% of the measured velocity at
the nose. An example of vapor bubble velocity tracking is presented in Figure 5.5(a).

The time elapsed between frames is shown in the left column. From the first frame, to

108

www.manaraa.com



o

ravaVa
FEOOeCooees
D

4_)<tail—> <_Xnose_> Frame 1

=

1—% Frame 2

Figure 5.4: Schematic of Vapor Bubble Velocity Measurement

El_apsed Image El_apsed Image
Time (s) Time (s)

0.000 0.000

0.004 0.002

0.008 0.004

0.016 0.008

0.020 0.009

(a) (b)

Figure 5.5: Example of (a) Vapor Bubble Velocity, and (b) Coalescence Tracking
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the second frame, the nose of the vapor bubble travels X;,sc = 2.40 mm over a period of 4

ms. The vapor bubble velocity is calculated using Equation 5.1.

1
U pbbie = (2'4 mm)(o 004 s

The distance traveled by the vapor bubble nose from 0.016 to 0.020 s is Xjose = 2.46 mm,

j=0.6 ms”

which yields a vapor bubble velocity of Upypbe = 0.615 m s''. The difference between the
measured vapor bubble velocity and the one computed in the first two frames is 2.5%,
which is indicative of the relative steadiness and consistency of measured vapor bubble

velocity.

Figure 5.5(b) is an example of observed bubble coalescence. The larger vapor bubble in
this case approaches the smaller vapor bubble and makes contact at time 0 s. From time
0.002 to 0.006 s, the two vapor bubbles interact as separate entities until a vapor bridge
between the two bubbles is formed at time 0.008 s. The bridge is most prominent in the
upper portion of the tube at that time. The two bubbles continue to coalesce in the
following frame (0.009 s) but the neck where the two bubbles initially made contact is
still present. Vapor bubble interactions such as coalescence and splitting can be
identified in this manner; however, modeling their effects on heat transfer and pressure
drop can be challenging. This is further complicated by the stochastic nature of such

processes.

5.2.4 Void Fraction

The two-dimensional image obtained from the procedures described above is used to
calculate the void fraction based on the liquid-vapor interface geometry. Two different
calculation methodologies are used, as described below. The vapor inventory in each
frame is captured in two dimensions using the aforementioned image detection program.

If more than one continuous vapor slug is present in a frame, the vapor volume in each
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vapor bubble or slug is calculated separately and then summed to determine the

volumetric void fraction for each frame.

The procedure for calculating the void fraction is dependent on the closed spline that
defines the vapor-liquid interface. The polynomial function that approximates the shape
of the curve is represented as a matrix of x- and y-coordinate pixel locations starting at
some point along the interface based on the defined region of interest. Initially, the
program searches for the tail of the vapor phase, which is defined by the minimum value
in the x-coordinate. In the case of wavy or annular flow, the tail corresponds to the left
edge of the frame image. The vapor inventory is then subdivided into finite elements
along the x-axis to be analyzed, as depicted in Figure 5.6. The thickness of each
segment, fsement, 15 initially varied to check for insensitivity to segment thickness. It was
found that a thickness of feomenr = 5 pixels yields accurate results without large
computational expense. This is equivalent to dividing the vapor inventory in a frame into
10 um segments for the representative tube with a diameter D = 3.00 mm. As tube
diameter decreases, the segment thickness also decreases. For tube diameters of 1.00 and
0.508 mm, these segments are typically 4 and 2.3 um thick, respectively. Within each
segment, due to the variation in bubble height, there are several coordinates
corresponding to points along the upper and the lower liquid-vapor interface. The upper
and lower edges for the given segment are defined as the average of the corresponding
upper and lower y-axis coordinates, Yaveupperi> aNd, Yavelowerie The difference between
these two values is the vapor diameter, D,; used to calculate the cross-sectional area of
each segment element, i, based on the geometric assumptions shown in Figure 5.7, which
are in turn validated from images obtained at alternate orientations. An example of the
discretization of the upper film, lower film and vapor core is shown in Figure 5.8(a-c) for

T = 29.85°C, G = 206.6 kg m? s, and x = 0.20. Four successive high speed video

frames are shown in Figure 5.8(a) and the discretization of each frame is shown in Figure
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Figure 5.6: Segmental Analysis of Void Fraction

Longitudinal Section  Cross-Section Cross-Section
(tube segment) (Partial-Cylinder) (Cylinder)
i tiim
o y
R Dv
Dtube | __ _| L S — _t>

[

|<—>|— tsegment

Figure 5.7: Cross-Sectional Areas of Partial-Cylinder and Cylindrical Vapor
Phase Cases

5.8(b). The analysis is able to track the local interfacial shape despite averaging the
thickness over each segment, foment. The average lower and upper film thickness for
each frame is plotted as a dotted yellow line (Figure 5.8(b).) Local lower film
measurements can deviate significantly from the average value and demonstrates the
importance of obtaining local measurements. The Probability Density Function (PDF) of
the film thicknesses and vapor core are shown in Figure 5.8(c). The PDF is calculated

using Equation 5.2.

Ii Probiy—Ay<y<vy+A
PDF(y)= | m Prob{y—Ay<y<y+Ay] (5.2)
y —0 Ay
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There are only small perturbations in the upper film thickness (capillary waves) and 70%
of the upper film thickness values (green) measured are within 0.21 to 0.24 mm.
Therefore, the upper film thickness is approximately constant and the lower film
thickness (red,) and vapor core (blue) indicate the intensity of the interfacial surface
roughness and the PDF of the measured void fraction. While the two dimensional image
analysis allows for measurement of film thicknesses and bubble parameters, void fraction

measurements would ideally require volumetric measurement.

In the present study, idealizations are made to obtain void fractions from 2-D analyses.
Therefore, the resulting void fraction is a function of the geometric assumptions made
about the shape of the vapor-liquid interface in the depth dimension. These assumptions
are validated using representative alternate viewing angles for some of the experimental
conditions. For example, the Overhead Section view (Figure 5.1) provided a view of the
condensing fluid from the top, which enabled a realistic construction of the three-
dimensional shape of the vapor and liquid features. The cross sectional geometry is
either assumed to be a circle, or a partial circle. Analysis of the different vapor phase
geometries is described below followed by the methodology for calculating local,

volumetric, and time averaged void fraction.

Cvlindrical Vapor Geometry

The cylindrical vapor geometry assumption assumes that the vapor inventory flowing
through the tube has a circular cross-section. Therefore, the average vapor diameter, D,

for each segment is used to calculate the cross-sectional area, A ;.

T
A =ZDf,i (5.3)
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The cylindrical geometry assumption is typically valid for small tube diameters where
gravitational influences are relatively small. The vapor bubble is modeled as a finite
number of cylinders adjacent to each other. This assumption was used for intermittent

and annular flows.

Partial Cylinder Geometry

In the wavy flow regime, the effects of an increased liquid inventory at the bottom of the
tube must be considered to obtain the volumetric void fraction from the two-dimensional
image. This deviation from a symmetrical, circular cross section is accounted for by
assuming partial-cylinder geometry (Figure 5.7.) In this case, the thickness of the film
located at the top of the tube is calculated using the upper line, yyr, that defines the tube
diameter (Figure 5.3(c)) and the average upper edge, Yavgupper,i> for each segment:

5.4

tfilm,i = yUL - yavg, upper,i

The film thickness at the center point of the representative data point under consideration
1S tfim,i = 0.27 mm. In the case of completely stratified flow, the film thickness at the top

would be zero. The radius, R, of the partial-cylinder shape is defined as:

D
R=t—2“be—tﬁlm (5.5)

R=15-027=1.23 mm

This radius of the vapor core is shown in Figure 5.7. Defining the radius this way may
slightly over predict the actual vapor inventory as the region represented by the shaded
partial circle in Figure 5.7 is probably not centered on the tube axis, leading to a variation
of the film thickness around the circumference. However, that this approach does
account well for the more significant issue of the thicker pool of liquid in the stratified

region at the bottom. The liquid inventory in the stratified pool is accounted for by
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subtracting a portion of the area from the representative vapor circle with radius R at the

observed liquid height. The methodology for calculating this area is discussed below.

There are three different cases for the calculation of the cross-sectional area of the vapor
inventory, determined by the vertical distance of the bottom liquid-vapor interface, H,
from the tube centerline. Thus, H is given by:

D

H=t—2“be—t D (5.6)

film ~ v

H=15-027-1.46=-0.23 mm

Case I (At center-line, H = 0)

If the vertical distance, H = 0, then the cross-sectional area of the vapor inventory is

simply a semi-circle and the resulting cross-sectional area is:

_ 7R’

. 5.7
cs,i 2 ( )

In general, the vertical distance, H, is usually of some non-zero value and is typically less
than O like in the representative data point under discussion. This means that the liquid
pool is below the tube center-line. The angle, 6, is needed to determine the arc length of
the perimeter where the liquid is stratified.

6 =2arccos(H/R) (5.8)
0 = 2arccos (0.23/1.23) = 2.765 rad

Case II (Above center-line, H > 0)

If the vertical distance, H > 0, then the bottom edge of the liquid-vapor interface is

located above the tube centerline. In this case, the cross-sectional area is calculated by:

Cs,

A i:%R2(49—sint9) (5.9)
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This situation usually occurs at the tail end of a vapor bubble, a large amplitude wave,
and in the transition region where wavy flow is transitioning to intermittent flow and a

large vapor core is pinching and separating.

Case I1II (Below center-line, H < 0)

If the vertical distance, H < 0, then the bottom edge of the liquid-vapor interface is
located below the tube centerline, as seen in the representative case in Figure 5.7. In this

case, the cross-sectional area of the vapor inventory is calculated as follows:

A

cs,i

:%RZ(Zﬂ—6’+2sin9) (5.10)

C:

A =%(1.23 mm)’ (2772765 +2sin (2.765)) = 2.94 mm’

This occurs mainly during wavy flow, low-mass flux intermittent flows, and during

wave-packet annular flow.

Void Fraction Measurement

Once the cross-sectional area for the segment is computed, the volume of the vapor
inventory for one segment, V, ;, can be calculated as follows:

V.. =At (5.11)

v,i — “es,ivsegment
A sample calculation for the center point of the top frame in Figure 5.8 is discussed here.

The local void fraction is a function of axial position. The local void fraction, <a>, is

calculated by dividing the local vapor volume by the tube volume within each segment.

14 At A

a) = v, 1 — cs, 1" segment — cs, i (512)
< > ‘/tube,i (7[/4)Dtibetsegmem (7[/4) Dtibe
2
(o) =224 MM _ 4159
7.07 mm
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The volumetric void fraction, <<0{>> (void fraction for 1 frame,) is measured by

summing all of the local vapor volumes along the tube and dividing by the tube volume.

DV
=1

{(a)) = L . (5.13)
‘/tube (7[/ 4) D tubeLtube
83.07

This volumetric void fraction is calculated on a frame-by-frame basis.

The bulk average void fraction is obtained by averaging the volumetric void fraction
over time.

N

2 {(e)),

0{=<<0{>>=’=1T (5.14)

a=((a)) =% =0.561

The local, () (blue,) volumetric, <<a>> (red,) and volume and time averaged, o (black,)

void fraction for three representative cases are shown in Figure 5.9. The top and middle
plot demonstrate the difference in dynamic signal as a function of flow regime in the
same tube diameter (D = 3.00 mm.) The local and volumetric values for the wavy flow
example do not deviate significantly from the average value. It is difficult to differentiate
between the volume and volume-time average values. The intermittent signal varies
significantly from the average value due to the nature of the flow regime. The vapor
bubbles are intermittently separated by liquid slugs, which result in a local measured void
fraction of 0. The slug frequency can be inferred from this plot. The void fraction
measures 0 at 6 different discrete times over the 0.5 s period, resulting in a measured slug
frequency of @ = 12 s'. The bottom plot demonstrates the influence of tube diameter (D

= 1 mm) on measured void fraction for the same flow regime. The bulk averages for the
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middle and bottom plot are similar, a = 0.21, but the dynamic signals are quite different.
The decreased tube diameter results in a substantial increase in vapor bubble velocity and

frequency.

5.3 Accuracy of the Analysis

A detailed quantification of the uncertainties in the measured void fractions from the
above approach is presented here. First, a sensitivity analysis was performed on the
number of frames needed to analyze one data point accurately. As part of this, analyses
were also conducted to ensure that the procedure was independent of user input, because
the technique is semi-automated. The uncertainties corresponding to these sources, as
well as the relevant experimental uncertainties are combined to determine the overall
uncertainty in the void fraction. The methods for calculating each of the constituent

uncertainties are discussed below.

5.3.1 Sensitivity to Number of Frames

A sensitivity analysis was performed to determine the number of frames required for each
data point in each different flow regime. It was desired to achieve accurate results
without excessive computational times. Attempts to fully automate the image analysis
program were unsuccessful due to variations in wave/interface propagation and
perturbations.  Therefore, the analysis required user oversight which increased
computational time. Every frame from a wavy and annular flow data point was analyzed
and the effect of the number and frequency of frames analyzed was investigated. An
example of this analysis for wavy flow is shown in Figure 5.10. A summary of these
results is shown in Table 5.2. It is clear that there is little deviation (< 1%) beyond 500

frames. It was also found that analyzing every 50th frame in this example led to 5%
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deviation as compared to an analysis of every frame. Similarly, analyzing every 10th

slide led to a deviation of 0.83%. Therefore, it was determined that analyzing every 10th

frame for 500 frames per data point yielded high accuracies while substantially reducing

computation time for wavy and annular flows. This corresponds to a total of 50 frames

per void fraction data point. A similar analysis was conducted for intermittent flow,

which was found to be more sensitive to the frame frequency because of the intermittent

nature of the flow. Based on these considerations, 500 frames at a frequency of 5 frames

were analyzed for this flow regime, which yielded a deviation of 0.63%.

1.0
R404A, D = 3.00 mm, T, = 35°C,
ogl| G =200 kgm™s™, x=0.14
o)
=
© 06
pr—)
o
©
| <.
LL
< o4l ;
o ||----——-===-=- 5
=2 10
_______________ 20
0.2 — e — i —— — — - 50
100
————————— +- 5%
0.0 : : : :
0 100 200 300 400 500

Number of Frames Analyzed, n
Figure 5.10: Sensitivity Analysis: Number and Frequency of Frames Analyzed

per Data Point

Table 5.2: Summary of Sensitivity Analysis

. Frame Frames Accuracy
Flow Regime Total Frames Frequency Analyzed (%)
Annular/Wavy 500 10 50 0.83
Intermittent 500 5 100 0.67
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5.3.2 Repeatability

A repeatability analysis was also conducted to ensure that the analysis was insensitive to
the choice of the tube edge location and the calibration of the frame envelope to the
physical dimensions by the user. Thus, for every data point analyzed, the first frame is
set-up and analyzed five times. Set-up procedure requires the user to enter the location of
the tube diameter, and the calibration of pixels to millimeters. The standard deviation
between five measured void fractions was calculated to quantify the repeatability of the
process. For the example data point, the five measured void fractions from the first frame
are presented in Table 5.3. The standard deviation of the five measured values is
0.008834. The repeatability of the process was used as an indicator of the ability to obtain
void fractions from the high speed video data. There were several flow regimes were the
vapor-liquid interface was intractable. Any flow regime where there is liquid
entrainment in the vapor core was not possible to analyze using this approach. A specific
example of flow regimes where analysis was not possible is the mist and disperse flow
regime. These conditions typically occur at high mass fluxes and high qualities. Figure
5.11 shows the regions where the standard deviation is less than 0.01 (green,) less than
0.02 (yellow,) and where the vapor-liquid interface is intractable. Therefore, if it was
possible for the program to decipher the vapor liquid interface, it was capable of doing it

with high repeatability.

Table 5.3: Measured Void Fraction and Standard Deviation of Results for the
First Frame of the Representative Data Point, T, = 29.85°C, G = 206.6 kg m’ s'l,

and x = 0.1995
Analysis
Std. Dev.
1 2 3 4 5
a 0.69971 0.70245 0.71098 0.69968 0.72003 0.008834
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B Intractable

1 STD <0.02

B STD < 0.01
® Data

R404A, T, = 30°C, D=3 mm
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Quality, x
Figure 5.11: Repeatability Regions for Example Data Points; green: ¢, < 0.01,
yellow: 6, < 0.02, red: intractable

5.3.3 Total Uncertainty

The total uncertainty in the void fraction was estimated using a root mean square of all of
the major uncertainties in the measurements and analyses. The total uncertainty accounts
for the uncertainty of the average test section quality from experiments, U ., deviations
introduced by the selection of the number and frequency of frames analyzed, Usens, and

the repeatability of the process, Urep.

rep

UtOt = \/Ux,exp2 + Usen32 + U ? (5'15)

The uncertainty value from the error propagation analysis (Useys) 1s taken from Table 5.2,
while the repeatability uncertainty (Up) is taken as 3 times the measured standard
deviation. Three times the standard deviation was chosen because this results in a

confidence level is 99.7%. The uncertainty from the sensitivity analysis 1S Usens =
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0.0561, and from the repeatability analysis is Urp = 0.0265 for the representative data

point under consideration.

The experimental uncertainly for the average test section quality has an effect on the
uncertainty in measured void fraction. At high qualities, this effect is small, because the
void fraction tends to be a weak function of quality. At low qualities, this can be
significant because the void fraction is strongly dependent on quality. To account for this
in the void fraction uncertainty, the homogeneous void fraction model is used. The
homogeneous void fraction is calculated using the upper (f.(xave+Axunc)) and lower (5.
(Xavg-Axunc)) limit of the average test section quality. These values are compared with the
homogeneous void fraction evaluated using the average test section quality and the

maximum difference is used as the uncertainty.
Ux,exp = MAX |:IB(X+ Ux,avg ) _IB(X) ’IB(X) _IB('X_Ux,avg ):| (5 16)

U, ., =MAX[ $(0.199+0.015)- 5(0.199), 5(0.199)— 5(0.199-0.015) |
U, op = MAX[(0.7873-0.7716).(0.7716 —0.754) | = 0.01574

X,exp

The total uncertainty is calculated using Equation 5.14.

U, = \/(0.0157)2 +(0.0265)" +(0.0056)" = 0.0313

The percent uncertainty for this case is 5.6%. The total uncertainty for the measured void
fraction and its components for several different data points at different qualities is

displayed in Figure 5.12.

At low qualities, the experimental uncertainty component dominates the total uncertainty.
This is a result of the large dependence of void fraction on quality at low vapor qualities.
At high vapor qualities, the repeatability component dominates the total uncertainty. This

is a result of the thin liquid films formed around the tube that are more sensitive to the
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calibration. The average percent uncertainty in void fraction over the entire range of
qualities for which the tests were conducted was found to be 10.3%, with the minimum
uncertainty of 2% occurring at a = 0.86 (x = 0.57,) and the maximum uncertainty of

30.6% occurring at oo = 0.27 (x = 0.051.)

35

R404A, D=3 mm, T_, = 30°C
30 - (R

25

20

15 |

10 |

5_
HiLET I N |
04 0.6 0.8

0.0 0.2 1.0

Percent Uncertainty in o, %

Quality, x
Figure 5.12: Total Void Fraction Uncertainty and Component Contributions
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CHAPTER 6: RESULTS AND DISCUSSION

This chapter details the experimental results from this study and compares them to
relevant models from the literature. =~ The observed flow regimes are presented first,

followed by void fraction results, pressure drop, and heat transfer data.

6.1 Results

6.1.1 Flow Regime

A summary of flow regimes observed is presented in this section. First, a detailed
description of the observed flow regimes is presented, followed by a discussion of the

effects of tube diameter on the observed phenomena.

Flow Regimes

Each data point was categorized as belonging to one of four major flow regimes, with
several flow patterns within each regime. The four major flow regimes observed in this
study were annular, wavy, intermittent, and dispersed. = Representative images
corresponding to each flow regime are provided in Table 6.1. The flow regimes observed
in this study are similar to those reported by Coleman and Garimella (2003) for R134a in

small hydraulic channels. A description of the different flow regimes is presented here.

Annular Regime
Annular flow is characterized by a vapor core surrounded by a liquid annulus. At high
mass fluxes, liquid droplets can become entrained within the vapor core and vapor

bubbles entrained in the liquid film. The flow patterns observed within this regime are
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mist flow, annular ring, wave ring, wave packet, and annular film. The mist flow pattern
is described as a uniform mist with small droplets entrained in the vapor core. A thin
liquid annulus can still exist. Mist flow generally occurs at high mass fluxes and high
vapor qualities. The annular ring pattern is described as similar to mist flow except with
a periodic liquid film build-up along the tube which resemble rings. The wave ring
pattern is similar to the annular ring pattern; however, the liquid shows some settling
toward the bottom due to gravity giving the bottom portion of the liquid a wave-like
appearance. The annular film pattern is described as having a continuous vapor core
surrounded by a wavy liquid annulus. At high velocities, the liquid waves increase in

frequency.

Wavy Regime

Although condensing flows are expected to have a coating of liquid around the entire
circumference, the distinction between wavy and annular flow highlights the influence of
gravity in (stratified) wavy flows. The wavy flow regime is further subdivided into flow
patterns of increasing wave intensity. For very low mass flux laminar vapor and liquid
flows, a smooth interface between the liquid and vapor phases is expected. The
completely stratified regime is observed in large tube diameters but was not observed in
this study. As vapor and liquid velocities increase, the interfacial waves increase in
frequency and amplitude. The major distinction between discrete and dispersed wave
patterns is due to the characteristics of the secondary waves. The discrete wave pattern
has waves of large amplitude and very few dominant frequencies. The disperse wave
pattern consists of a large number of secondary waves with no dominant frequency or
amplitude, and typically occurs at high mass fluxes and higher qualities. In Table 6.1,
these flow patterns are categorized according to the intensity of these small amplitude,

high frequency waves. This flow regime is seen only in situations where gravity is
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influential and is therefore absent in very small diameter tubes due to the dominant

influence of surface tension.

Intermittent Regime

The intermittent flow regime exists at low qualities during condensation and is typified
by the alternating passage of liquid and vapor “slugs” and “plugs” through the tube. The
slug flow pattern is classified as vapor “slugs” traveling through the liquid, which are
often trailed by small vapor bubbles. The vapor-liquid interface is observed as wavy and
the importance of gravity is present as the “slugs” are located toward the top of the tube.
Plug flow consists of rigid vapor “slugs” that are typically non-stratified and axi-
symmetric. Vapor plugs are very similar to Taylor bubbles and have bullet-like shapes

with rounded fronts and blunt tails.

Dispersed Regime

At even lower qualities and high mass fluxes, the vapor plugs become small and the
bubbly flow pattern is observed. The transition to the disperse flow happens when the
aspect ratio of the vapor bubbles, Lyybie/Dbubble 1 less than 2. This regime was not

observed in the experiments conducted for the present study.

Effects of Tube Diameter

As tube diameter decreases, the influence of gravity decreases and the importance of
surface tension increases. As a result, the wavy flow regime is not observed in the 1.00
and 0.508 mm diameter tubes, and the flow transitions directly from annular to
intermittent flow or vice versa. A summary of these transitions is shown in Table 6.2.
For the large 3.00 mm diameter tube, the transitional region between annular and

intermittent flow exhibits wavy flow characteristics. The transitional regime for small
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tube diameters has a continuous vapor core surrounded by a liquid film that begins to
neck and pinch the vapor core until vapor bubbles are formed. The two mechanisms for
which transition from annular to intermittent flow or wavy to intermittent flow occurs are
very different. Therefore, the forces that govern this transition are most probably
different as well. For example, in large tubes, the waves must overcome gravitational
forces to reach the top of the tube and bridge the vapor core. Taitel and Dukler (1976) use
this rationale to model the transition to intermittent flow. For the small diameter tubes (D
=0.508, 1.00 mm) investigated in the present study, inertial forces compete with surface
tension, and the ratio of these forces determines transition from annular flow to
intermittent flow. A summary of the flow regimes observed for each tube diameter is
shown in Table 6.3. A majority of the flow visualization data in the 3.00 mm tube were
in wavy flow (50.5%,) while the majority of data for the 1.00 and 0.508 mm tubes were

in the annular regime (62.7, 67.1%,) respectively.

Table 6.3: Summary of Observed Flow Regimes

Regime Diameter, mm Total
Observed 3.00 1.00 0.508
Intermittent 13 21 12 46
Transitional NA 29 13 42
Wavy 98 NA NA 98
Annular 83 84 51 218
Total 194 134 76 424

6.1.2 Void Fraction

Condensation void fraction and pressure drop data were obtained for tube diameters of
0.508, 1.00, and 3.00 mm at mass fluxes and saturation temperatures ranging from 200 to
800 kg m” s and 30 to 60°C, respectively, for a total of 142 void fraction and 424
pressure drop data points. The smaller set of void fraction data is because of the high

uncertainties in void fraction determination at some of the conditions tested, for example,
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at high mass fluxes and qualities, where accurate identification of the interface is
difficult. The void fraction results are presented in Figure 6.1. The influences of
parameters such as mass flux, saturation temperature and hydraulic diameter on void
fraction and pressure drop are discussed below, followed by comparisons of these results

with the predictions of the relevant models from the literature.

Figure 6.2(a) shows void fraction as a function of quality for varying saturation
temperatures for D = 3.00 mm and G = 200 kg m™ s”'. As saturation temperature
increases, the void fraction decreases. For all saturation temperatures, the void fraction
approaches unity as the flow becomes completely vapor and approaches O as the flow
becomes completely liquid. At both extremes, the measured results approach the
homogeneous flow model. The influence of saturation temperature on void fraction is
most pronounced in the quality range 0.25 < x < 0.75. As the saturation temperature
increases, the vapor-liquid density ratio decreases, increasing the vapor volume at a given
quality. Relevant property ratios at several saturation temperatures are presented in Table
6.4 at several saturation temperatures. The difference in density ratio from 30 to 60°C is
almost 3.5, while the difference in measured void fraction, for example, at a quality of
0.57, is 20%. However, if the void fraction were predicted for both saturation
temperatures using the homogeneous model, the void fraction decreases from 5 = 0.948
at Ty = 30°C to 5 = 0. 862 at Ty, = 60°C, i.e., a 10% decrease. It appears from these
results that for the tube diameters under consideration here, the void fraction is influenced

to a larger extent by phase density ratios than is expected in homogeneous flow.

Figure 6.2(b) for a representative case with D = 3.00 mm and 7, = 35°C shows that mass
flux does not influence void fraction, especially at low qualities. The influence of mass
flux on void fraction was found to be negligible for all saturation temperatures and tube

diameters investigated in this study.
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Figure 6.2: Experimental Void Fraction Versus Quality for (a) Increasing
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Diameter, and (d) Different Flow Regimes

Table 6.4: Properties of R404A at Various Saturation Temperatures
S -1 -1 -1 3
sat® P, PP, R, o, Nm (x10)
30 0.38 18.6 8.1 3.5
40 0.49 9.4 6.5 2.5
50 0.62 6.6 5.2 1.6
60 0.77 4.8 4.2 1
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Figure 6.2(c) shows a plot of void fraction versus quality at Ty, = 40°C for D = 0.508,
1.00, and 3.00 mm. It can be seen that throughout the condensation process, the
measured void fraction is over predicted by the homogeneous flow void fraction
expression, and also that the void fraction is insensitive to hydraulic diameter. This was
found to be the case for all saturation temperatures. Figure 6.2(d) shows the effects of
flow regime on bulk measured void fraction. There is little measureable difference in
bulk void fraction based on flow regime. For example, at x = 0.4, the measured void
fraction for the intermittent-annular data point is o = 0.65, while under the same
operating conditions, the void fraction for the way data point is a = 0.66. However, even
though the vapor-to-liquid volume ratio appears unaffected by tube diameter and flow
regime, the location and distribution of this vapor volume and the interfacial area can be
quite different. For the 3.00 mm tubes, the vapor phase was located near the top of the
tube, leaving a thicker stratified film at the bottom, indicating the relevance of buoyancy
forces. For the 1.00 and 0.508 mm tubes, the vapor core is located at the center of the
tube, with a uniform liquid film surrounding it. This signifies the importance of surface
tension and gravitational forces. As the tube diameter decreases, surface tension forces
overcome the counteracting gravity forces which results in a more axi-symmetric
distribution of vapor and liquid within the tube. Therefore, even at relatively similar
liquid or vapor volume ratios, as the hydraulic diameter changes, surface tension may
affect the distribution of the vapor-liquid inventory. Figure 6.3(a) shows the effects of
tube diameter on vapor-liquid distribution under similar conditions. For both cases, T, =
30°C and G =200 kg m™ s™', and the resulting void fractions are 0.527 and 0.523. For D
= 3.00 mm, there is stratified liquid inventory near the bottom of the tube corresponding
to the wavy flow regime. The film thickness in this case varies azimuthally. The
interfacial area, A;, to wetted tube area, A, = DL ,ratio is 0.744. For D = 1.00 mm, the
flow is in the intermittent regime and the interfacial area is the vapor bubble surface. The

ratio of A; to Ay, for this distribution is 0.708. While the resulting area ratios are similar,
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the area of the vapor-liquid interface along the tube varies significantly. The vapor core
in the wavy flow case extends the entire length of the tube Li/L = 1, whereas in the
intermittent flow case, this ratio is Ly/L = 0.7. Some of the interfacial area in the
intermittent case is located on the nose and tail of the vapor bubble. The different

interfacial area ratios in these cases, in conjunction with the respective phase velocities,

136

www.manharaa.com




determine pressure drop and heat transfer. The local void fraction for each of these
frames is shown in Figure 6.3(b). Despite the bulk void fraction averages being
approximately the same, it is clear that the local void fraction distribution differs
substantially. These different distributions correspond to different vapor-liquid transport
mechanisms and also different velocity profiles within each phase. Combinations of
liquid film thickness (thin in the case of intermittent flow, thick in the case of stratified
flow), the velocities within these phases, and the interfacial shear determine the
respective pressure drop and heat transfer phenomena. While thick films typically
indicate larger resistances, the velocity field and the local interfacial shear, and the
changing film thickness could induce additional mixing in the film, affecting local
pressure drop and heat transfer. In intermittent flows, even at the same overall void
fraction, the pressure drop and heat transfer would be determined by the low resistances
in the thin-film bubble regions, combined with the higher resistances in the liquid slug
region. Knowledge of these phase distributions based on the detailed void fraction
measurements presented here assists in the accounting of the locally varying transport

processes and their respective resistances.

A summary of the quality change, uncertainty associated with experimentally measured
quality (Equation 5.15), repeatability of the analysis (Section 5.3.2) and total void
fraction uncertainty is displayed in Table 6.5. The average uncertainty of all measured
void fraction data is 10.3%. In general, quality changes increase with increasing
saturation temperature because of the decrease in latent heat, it,, and the increase in heat
losses. This is shown in Figure 6.4(a). The total average uncertainty for each data point
is plotted in Figure 6.4(b). The uncertainty in measured void fraction is highest at low
qualities. This is a result of the large effect that experimental uncertainty in quality has
on void fraction measurement (Equation 5.15.) The uncertainty in measured void

fraction also increases at high qualities. At high qualities, the liquid film becomes thinner
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Table 6.5: Average Quality Changes, Uncertainties in Void Fraction due to
Measurement of Quality, Repeatability and Total Average Uncertainty in

Void Fraction Data
D9 mm Ax Ux,exp(%) Urep(%) Utot(%)
3.00 0.08 9.0 4.5 1.2
1.00 0.20 1.0 9.2 9.4
0.508 0.21 2.0 8.7 9.0
Total 0.14 55 6.6 10.3
05
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c A m '
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Figure 6.4: (a) Quality Change, and (b) Uncertainties in Void Fraction
Measurements
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and the repeatability analysis discussed in Section 5.3.2 increases in importance. The
standard deviation at high qualities increases, resulting in an increase in overall

uncertainty.

6.1.3 Pressure Drop

Condensation pressure drop data were obtained during visualization for tube diameters
0.508, 1.00 and 3.00 mm. However, uncertainties in pressure drop measurements for the
3.00 mm diameter tubes were unsatisfactory due to large pressure losses at the inlets and
outlets of the test section headers. Therefore, the pressure drop measurements from the
heat transfer experiments conducted on the 3.05 mm diameter tube are presented here.
The pressure drop results from this study are displayed in Figure 6.5. Following a
discussion of the trends in the data, a summary of the contributions of each pressure drop

component to the total pressure drop is presented.

The influence of mass flux on pressure drop is shown in Figure 6.6(a) for a representative
case with D = 1.00 mm and T, = 30°C. As expected, increasing mass flux increases the
pressure drop. At x = 0.45, for example, the pressure drop increases almost eight-fold for

a four-fold increase in mass flux from 200 kg m?s” to 800 kg m? s’

The frictional
pressure drop also increases with increasing quality. The effect of quality on pressure
drop is greater at the higher mass fluxes. At G = 800 kg m™ s, as x changes from 0.10
to 0.8, the pressure drop increases by almost a factor of four, while at G = 200 kg m?s,
the increase is less than a factor of two. For reference, the void fraction for G = 200 kg
m? s at x = 0.0897 is 0.503, and increases to 0.812 at x = 0.7985. For G = 800 kg m™s™
and x = 0.098, the void fraction is 0.42, while at x = 0.811 at this mass flux, it was not

possible to measure the void fraction due to the flow being in the mist flow regime. The

larger increase in pressure drop at the higher mass flux is due to a combination of the
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Figure 6.6: Experimental Pressure Drop versus Quality for (a) Increasing Mass
Flux, (b) Increasing Saturation Temperature, and (c) Increasing Diameter

higher overall velocities, the increased shear between the two phases, and the drag

induced by the droplets in the mist flow mode at the higher quality.

141

www.manaraa.com



Figure 6.6(b) shows the influence of saturation temperature on pressure drop for a

representative case with D = 3.05 mm and G = 800 kg m™ s™.

As the saturation
temperature increases, the pressure drop decreases at the same mass flux and quality. For
example, as saturation temperature increases from 30 to 60°C at x = 0.6, the pressure
drop decreases from 25 to 8 kPa m™. The decrease in pressure drop is a result of a
decrease in the difference between individual phase properties, which in turn leads to
lower shear. Figure 6.6(c) shows the effects of hydraulic diameter on pressure drop for a
representative case with T, = 30°C and G = 600 kg m?2 st As expected, the pressure
drop increases as hydraulic diameter decreases, keeping mass flux constant. As tube

diameter decreases from 3.05 to 0.508 mm at x = 0.4, the pressure gradient increases

from 10 to 109 kPam’".

A summary of the individual pressure drop contributions of the frictional, deceleration,
and end effects (APendefrects = APcontraction = APexpansion) t0 the measured pressure drop is
presented in Table 6.6. The values are presented as averages over all mass fluxes and
qualities for a given tube diameter and saturation temperature. In general, the
contributions of deceleration and end effects increase with decreasing mass flux and
decreasing quality. The deceleration component increases with decreasing quality
because higher quality changes, 4x, must be achieved to maintain reasonable heat duties.
The change in quality versus test saturation temperature is plotted in Figure 6.7(a) to
display this trend. The significance of the end effects increases as a result of lower
frictional pressure drops experienced in the test section at low mass fluxes and qualities.
It was important to maintain high percentages of the frictional contributions to maintain
acceptable accuracies. A conservative 50% uncertainty is applied to the predictions of
AP gecelerations APcontractions aNd APexpansion When estimating the uncertainty in the frictional
pressure drop. These components become more substantial as saturation temperature is

increased because the frictional pressure drop decreases. This is presented in Figure
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Table 6.6 Relative Pressure Drop Contributions and Uncertainties

v | 5| v | (9| () | G| 7
30 | 0.38 92.4 13.1 20.7 16.6
305 40 | 0.49 88.7 9.8 21.1 18.0
50 | 0.62 87.9 13.5 25.5 224
60 | 0.77 86.6 16.7 30.1 27.5
30 | 038 92.8 1.5 8.7 49
100 40 | 0.49 93.0 2.2 9.2 5.3
50 | 0.62 93.4 2.9 9.5 5.5
60 | 0.77 92.0 3.8 11.8 7.0
30 | 038 94.8 1.7 6.9 4.5
0.508 40 | 0.49 94.2 2.7 8.5 5.5
50 | 0.62 94.2 4.6 10.4 6.8
60 | 0.77 93.5 6.3 12.8 8.5
Average All 91.5 7.1 23.8 12.0

6.7(b), where the contribution of the frictional pressure drop to the measured pressure
drop decreases with increasing saturation temperature. As a result, the uncertainty in
frictional component of the measured pressure drop increases. Overall, the average

uncertainty in AP, for all tube diameters is 12.0% and ranged from 2.69 to 39.48%. The

highest uncertainty is in the 3.05 mm test section, where the frictional pressure drop
component is the lowest. Uncertainties in the smaller test sections are much lower as a

result of increased frictional pressure gradient with decreasing tube diameter.

6.1.4 Heat Transfer

The local heat transfer measurements for each data point are shown in Figure 6.8. The
major trends in the data are presented first, followed by discussion of the measured heat

transfer coefficients.
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The heat transfer data follow trends similar to those observed in the pressure drop data.
An increase in mass flux, G, and quality, x, results in an increase in heat transfer
coefficient. This is displayed in Figure 6.9(a). For example, a four-fold increase in mass
flux at x = 0.53 from 201 to 824 kg m™ s' results in a measured heat transfer coefficient
increase from 3300 to 9460 W m™ K™'. Measured heat transfer coefficient also increases
with decreasing tube diameter, as shown in Figure 6.9(c). At this high mass flux,
annular flow is expected through most of the condensation process and the difference in

measured heat transfer coefficient is less pronounced because the film thickness does not
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change significantly. For example, the predicted film thickness for D = 1.55 mm, T, =
40°C, x = 0.70, and G = 600 kg m™ 5™ is 6 = 0.0809 mm, while the film thickness for the
same T and x at G = 800 kg m?2s!is 6 = 0.0817 mm. As saturation temperature is
increased, the measured heat transfer coefficient decreases as displayed in Figure 6.9(b).
As saturation temperatures increase, the critical pressure is approached, resulting in a
decrease in property differences between the phases and the latent heat. For example, the
ratio of densities and latent heat at T, = 30°C is 18.6 and 132.9 kJ kg'l, and decreases to
4.8 and 80.19 kJ kg'l, respectively, at Ty = 60°C for R404A. The difference in vapor
and liquid velocities therefore decreases, reducing the interfacial shear, which results in
lower heat transfer coefficients in the shear driven region. Similarly, as saturation
temperature increases, the surface tension decreases significantly. The surface tension at
Tt =30°Cis o = 3.5x10° N m! and decreases to 1x10° N m™ at Tt = 60°C. Surface
tension can influence flow regime and the corresponding phase distributions. For
example, in Figure 6.9(b), there is a significant decrease in measured heat transfer
coefficient from Ty, = 30 to 60°C. At a quality of x = 0.63, the measured heat transfer
coefficient at T = 30°C is & = 8304 W m™> K'l, which is double the heat transfer
coefficient at Ty, = 60°C, h = 4132 W m?> K'. Such a large increase in heat transfer
coefficient is not only explained by the change in transport properties, but also based on
the flow regime expected under such conditions. At Ty = 30°C, the flow is in the
annular regime and at T, = 60°C, it is in the wavy regime based on the transition criteria
of Nema (2007) where heat transfer coefficients are expected to be lower. In the wavy
flow regime, the latent heat, it,, and specific heats of the respective phases are important
in determining heat transfer. As saturation temperature increases, the latent heat
decreases from 132.9 kJ kg™ at Ty, = 30°C to 80.19 kJ kg™ at Ty, = 60°C. The specific
heats of the two phases both increase from cp; = 1.601 kJ kg' K and cpy = 1307 kJ kg
K™ at Ty = 30°C to ¢y = 2.584 kJ kg K" and ¢, = 2.853 kI kg' K™ at T\, = 60°C. At

lower reduced pressures, the change in saturation temperature has a large effect on heat
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Figure 6.9: Experimental Heat Transfer Coefficient versus Quality for (a)
Increasing Mass Flux, (b) Increasing Saturation Temperature, and (c)
Increasing Diameter

transfer coefficient signifying that the decrease in latent heat is more important. At high

reduced pressures, the same change in saturation temperature results in very small

changes in measured heat transfer coefficient signifying that the decrease in latent heat is
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offset by the increase in specific heat. Shear forces and surface tension are expected to
have lower influences on condensation in the wavy flow regime, thereby decreasing the

effect of changes in phase densities and surface tension as reduced pressure is changed.

A summary of the averages and standard deviations of resistance ratios, quality changes
and uncertainties in measured heat transfer coefficients is presented in Table 6.7. The
average values are based on the data for all qualities and mass fluxes. In general,
resistance ratio and uncertainty increase with decreasing mass flux and quality. Quality
change increases with decreasing mass flux and tube diameter to maintain test section
heat duties large enough for accurate heat transfer coefficient measurements. This trend
is shown in Figure 6.10(a). While it was desirable to take data at quality changes less
than 0.20, it was not possible to achieve acceptable uncertainties in heat transfer

coefficient measurements with the lower test section heat duties at these small

Table 6.7: Average Resistance Ratio, Quality Change and Uncertainty in A,

D, mm T Pr R, £STD Ax £ STD l;” +STD
30 0.38 28+06 | 020003 | 167+08

i 40 0.49 37+09 | 014+005 | 146+12
50 0.62 50+1.6 0.17+0.09 | 142+1.6

60 0.77 50£1.6 | 021+008 [ 144+1.0

30 0.38 5.8+2.4 0.30+0.05 | 11.6+2.0

155 40 0.49 80+30 | 030+005 [ 11.7+1.0
50 0.62 88+29 | 035+0.04 | 13.7+23

60 0.77 95+29 | 042+006 | 16.0+3.9

30 0.38 75+35 0.34+007 | 143+12

0.86 40 0.49 8.4+3.1 044+008 | 168+35
50 0.62 82+30 | 050+0.08 | 21.3+44

60 0.77 79+15 | 063+£005 | 23.0+48

All Average 6.4 +3.2 0.30 + 0.14 15.0 + 3.5

Range 1.7-16.8 0.08-0.74 8.3-35.1
148

www.manaraa.com



N
(=]

D, mm

® 3.05
m  1.55
A 0.86

-
(&)

10

Resistance Ratio

200
b)

W
-
o
(=)

100

Heat Duty,

o
(=]

0.4

0.3

0.2

Uncertainty h_,

0.1

0.0
100 200 300 400 500 600 700 800 900

Mass Flux, kgm™ s
Figure 6.10: (a) Resistance Ratio, (b) Test Section Heat Duty, and (¢) Uncertainty
in A,, for Heat Transfer Experiments versus Mass Flux

149

www.manaraa.com



condensation rates. Similarly, at higher saturation temperatures, the latent heat decreases,
requiring larger quality changes to maintain desired heat duties. The only exception to
this trend is for the data taken at T, = 30°C and D = 3.05 mm. Resistance ratios in this
range were low because of high refrigerant heat transfer coefficients. Higher resistance
ratios were achieved by increasing the primary coolant loop velocity. This resulted in an
increase in heat addition from the pump. The test section heat duty was increased in an
effort to minimize the sensitivity to pump heat additions. This led to increased accuracy

in measured heat transfer coefficient at the cost of larger test section quality changes.

The average uncertainty for all measured heat transfer coefficients is 15.0%. Test section
heat duties and heat transfer coefficient uncertainties as a function of mass flux are
displayed in Figures 6.10(b-c). The largest uncertainties are at the highest saturation
temperatures for the smallest tube diameter particularly at the low mass fluxes and low
qualities. Heat duties for these experiments are smaller as a result of decreased mass

flow rate, and therefore, heat losses from the facility can become significant.

6.2 Comparison with Literature

The results from this study on flow regime transitions, void fraction, pressure drop and
heat transfer coefficients are compared with relevant models from the literature here.
There are currently no flow regime maps or void fraction models for refrigerants at the
high reduced pressures and small channel diameters under consideration here. Therefore,
results from the literature for fluids, operating conditions, and channel diameters closet to
those studied here were used as the basis for comparison. The comparisons are made
using the average deviation (AD,) and absolute average deviation (AAD,) which are

defined as:
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The AD provides an indication of whether the model under-predicts or over-predicts the

data. The AAD indicates the deviations of the data from the model.

6.2.1 Flow Regimes

A comparison of the flow regimes observed in this study with several relevant flow
regime maps from the literature is presented in this section. Agreement of the observed
flow regimes from the present study with the transitions from the literature is shown
graphically, and the percentage of data predicted correctly by a particular flow regime

map is also reported.

Taitel and Dukler (1976) developed a comprehensive flow regime map based on physical
interpretations of the transition phenomena.  They developed non-dimensional
transitional criteria for annular-dispersed, stratified wavy, stratified smooth, intermittent
and dispersed bubble flow. The only transition criterion applicable for data obtained in
this study is that for the transition from annular to intermittent flow They found that the
transition from annular to intermittent flow occurred for a constant Martinelli Parameter,
X =1.6. This corresponds to a constant quality value for each saturation temperature and
is independent of tube diameter and mass flux. On the other hand, in the present study,
the transition to intermittent flow was observed to be influenced by both mass flux and
tube diameter. This is most likely a result of the increased significance of surface tension
forces whereas the basis of the Taitel and Dukler (1976) criterion was the stratified liquid

level increasing to the point where liquid waves could overcome gravity and bridge the
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Table 6.8: Comparison of Observed Flow Regimes and Flow Regimes Predicted
by the Taitel and Dukler (1976) Flow Regime Map

Predicted Regime
Dispersed Intermittent Stratified- | Stratified- | Annular-
Bubble Smooth Wavy Dispersed
Observed Regime
Intermittent 0.0% 0.0% 0.0% 19.6%
Transitional 0.0% 14.3% 0.0% 0.0%
Wavy 0.0% 18.4% 0.0% 0.0%
Annular 0.0% 0.0% 0.0% 0.0%
Mist 0.0% 0.0% 0.0% 0.0% 100.0%

Note: The table summarizes the amount of data predicted by the flow regime map for
each observed flow regime. Each row sums to 100% for the observed regime. Green
cells signify correct predictions and white cells are incorrectly predicted regimes.
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Figure 6.11: Data from the Present Study Plotted on the Taitel and Dukler
(1976) Flow Regime Map
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vapor gap. While this idealization may describe the phenomena in large diameter tubes,
it is clear that it does not provide a physical representation of what is observed in
microchannels. Therefore, several intermittent data are predicted by their criteria as
annular and vice versa. A summary of the comparison between the regimes predicted by
their criteria and the data from the present study is presented in Table 6.8. For these data,
the only flow regimes predicted by the Taitel and Dukler (1976) map are the intermittent
or annular disperse regimes as shown in Figure 6.11. While the criterion for transition to
intermittent flow does a reasonable job (80.4%) of predicting the intermittent regime, it is
not physically consistent with the observations on the influence of diameter and mass
flux in the present study. At small tube diameters, the transition is most likely due to a
balance between inertial and surface tension forces rather than gravity forces as was
theorized by Taitel and Dukler (1976). The transitional (85.7%,) wavy (81.6%,) and mist
(100%) flow regime data from this study are mostly predicted to be in the annular-
disperse region. This is most probably a result of some subjectivity in visually evaluating
the images. Perhaps the annular-disperse regime could be further classified into the
regimes such as mist flow observed here, which would increase the accuracy of the flow

map.

Tandon et al. (1982) developed a flow regime map based on data from previous
researchers on condensing R12 and R113 in tube diameters ranging from 4.8 to 15.9 mm.
They observed five different flow regimes: spray (S), annular and semi-annular (A),
wavy (W), slug (I) and plug (P). They developed transition criteria based on the
dimensionless vapor velocity, Jg*, and a volumetric liquid-to-vapor ratio (1-a)/a. They
approximated the void fraction using the Smith (1969) correlation, which was developed
based on boiling water and air-water experiments. The flow regimes were divided using

constant values of the two parameters and are summarized below.
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Spray:

Jg>6.0 63)

(1-a)/a>05 '
Annular and Semi-annular:

1.0<J, <6.0 64

(1-a)/a<05 '
Wavy:

Jy<1.0 65)

(1-a)/a<05 ’
Slug:

0.1<J;, <05 66

(1-a)/a>05 '
Plug:

J; <0.1 67

(1-a)/a>05 ’

The approach by Tandon et al. (1982) results in horizontal and vertical transition lines
when plotted on a Jg* vs. (1-a)/a plot. However, there is an undefined region on their
flow regime map when Jg* > 0.5 and (1-a)/a < 0.5. Tandon et al. only observed a few
data points in this undefined region, which is most probably because their criteria were
developed for large tube diameters. In the present study, there are several data points that
were in this undefined region. In large tube diameters, there is no direct transition from
annular to intermittent flow, which might explain their not defining this zone. Overall,
this flow regime map does not predict the observed flow regimes well, as shown in
Figure 6.12 and summarized in Table 6.9. Almost all (87.0%) of the intermittent flow
data from the present study are predicted to be in this region that they do not define.

Transition to Spray flow is also poorly predicted, which is seen in the prediction of spray
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Table 6.9: Comparison of Observed Flow Regimes to Flow Regimes Predicted by
the Tandon et al. (1982) Flow Regime Map

Predicted Regime

) Annular
o | T [ | ey | ek | st

Observed Regime (A)
Intermittent 87.0% 0.0% 2.2% 0.0%
Transitional 45.2% 0.0% 0.0% 0.0% 23.8%
Wavy 37.8% 0.0% 1.0% 0.0% 3.1%
Annular 5.4% 0.0% 0.0% 0.0% 75.4%

Mist 0.0% 0.0% 0.0% 0.0% 0.0%

Note: The table summarizes the amount of data predicted by the flow regime map for
each observed flow regime. Each row sums to 100% for the observed regime. Green
cells signify correct predictions and white cells are incorrectly predicted regimes.

100
Tandon et al. (1982)
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ﬁ
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Figure 6.12: Data from the Present Study Plotted on the Tandon et al. (1982)
Flow Regime Map
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flow (75.4%) when the data from the present study are in annular flow.

Cavallini et al. (2002) developed a flow regime map based on data from a variety of
sources from the literature on condensing flows. They predicted that annular flow should
always exist when the dimensionless vapor velocity, Js =xG gD pv(pr - pv)]'o's, is
greater than 2.5. When the dimensionless vapor velocity is less than this value, they
stated that the flow is either annular-stratified and stratified when X;; < 1.6, or stratified-
slug and slug flow when X > 1.6. The stated applicability of these criteria is for p, <
0.75, and 3 < D <21 mm. A comparison between the data from the present study and
this transition criterion is shown in Figure 6.13 and summarized in Table 6.10.
Agreement between the observed flow regimes and the predictions from this map is
reasonable, with excellent prediction of annular flow (99% of annular data observed, and
95.2% of transitional data observed are accurately predicted in the annular regime by this
map.) The flow regime map of Cavallini et al. (2002) does not explicitly differentiate
between mist and annular flow and 100% of mist flow data from this study were
predicted to be in annular flow. Their criteria do not predict wavy and intermittent flow
regime data from this study well. The annular-stratified regime was only observed in the
3.00 mm tube in this study, and the Cavallini et al. (2002) map consistently predicts these
data to be in annular flow. The reason for the discrepancy may be associated with the
subjectivity in defining the difference between the annular and annular-stratified regime.
The transition to intermittent flow is also not predicted well. At large tube diameters,
their transition criterion is defined based on the critical Martinelli Parameter, X;. The
transition to intermittent flow was observed in the present study to be influenced by tube
diameter and mass flux, whereas the Martinelli Parameter, Xy, is a function of phase
densities, viscosities and quality. Therefore, this criterion does not vary with decreasing
tube diameter or decreasing mass flux and is constant for a given saturation temperature.

As tube diameter decreases, the transition criteria to intermittent flow are increasingly
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Table 6.10: Comparison of Observed Flow Regimes to Flow Regimes Predicted
by the Cavallini et al. (2002) Flow Regime Map

Predicted Regime
Stratified- gt?:::i?:«; Annular
Regime Slug (SS) (SA) (A)
Intermittent 8.7% 32.6%
Transitional 0.0% 4.8%
Wavy 16.3% 53.1%
Annular 0.0% 1.0%
Mist 0.0% 0.0% 100.0%

Note: The table summarizes the amount of data predicted by the flow regime map for
each observed flow regime. Each row sums to 100% for the observed regime. Green
cells signify correct predictions and white cells are incorrectly predicted regimes.

100
o A Cavallini et al. (2002)
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O
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@ Annular
A  Mist
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Martinelli Parameter, X,

Figure 6.13: Data from the Present Study plotted on Cavallini ef al. (2002) Flow
Regime Map
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determined by non-dimensional vapor velocity, Jg instead of the Martinelli Parameter,
Xy, for R404A. This is observed in Figure 6.13 where the transition from annular to
intermittent flow occurs across the constant JG* line. Because JG* is inversely
proportional to D°°, transition to intermittent flow for the same operating parameters but
decreased D will be predicted to occur at a lower quality. The trends from the present
study are different, however. Griffith and Lee (1964) stated that the ability of surface
tension forces to overcome vapor inertial forces and create a liquid bridge within the tube
is the physical mechanism for transition to intermittent flow in microchannels. As tube
diameter decreases, the surface tension forces increase in importance which results in the
increased occurrence of intermittent flow, as seen in the present study. The use of the

non-dimensional vapor velocity, JG*, does not account for this trend.

Nema (2007) developed non-dimensional transition criteria based on flow visualization
work by Coleman and Garimella (2003) on condensing R134a in channel sizes ranging
from 1 to 491 mm. Nema (2007) developed transition criteria for the intermittent (I),
intermittent-annular (IAF), intermittent-discrete wave (IDcW), discrete wave (DcW),
disperse wave (DpW), annular (AF), mist (M) and disperse (D) flow regimes. The non-
dimensional parameters used for the transition criteria are the vapor Weber number, We,,
the Martinelli Parameter, Xi;, the Bond number, Bo, and the modified Froude number,
Frmog. The study differentiated between large diameter tube and microchannel transitions
by evaluating the relative magnitudes of the surface tension and gravitational forces.

This was accomplished through the use of the Bond number, Bo, as compared to a critical

value.
Bo=(p,-p,) g D0 (6.8)
Bocrit :(pl[pl_pv]_l_ﬂ’-/“-) (6'9)
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For Bo < Bog, microchannel flow is predicted with only Intermittent, Annular, and Mist

flow present. The transition criteria were found to be:
Annular to Intermittent:

<X

tt,slug 1t

We <6,X

where

We, =p,-j; Do
X X, =0.3521

tt,slug =

Mist to Annular Film

We, >700, X, <0.175

(6.10)

(6.11)

(6.12)

For small diameter channel data (1 mm,) it was observed that there was a direct transition

from intermittent to annular flow, and no stratified liquid regions. Increased stratification

was observed for Bo > Bo;, and additional transitions were required to account for the

presence of discrete and disperse wavy flows. The transition criteria to Mist flow

remained the same with the following criteria proposed for the existence of a given flow

regime.
Intermittent:

We <6,X X

tt,slug < tt
where

an ) (BO B Bocrit )

X =
thslug “ Bo- Bo,, +5.5
X, =1.2479
Intermittent/Discrete wave:
6<We, <35
Xtt = Xtt,slug
Discrete Wave:
Fr ., <275

We, 235 OR(We, <35, X, <X

t =
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(6.14)

(6.15)

(6.16)
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Disperse Wave:

Fr 2275
s (6.17)
We, <6+7-(Bo—Bo,, )’
Annular:
1.5
We, >6+7-(Bo-Bo,, ) (6.18)

The Martinelli Parameter criterion for transition to intermittent flow was modified by
Nema (2007) to account for the effects of tube diameter and transitions to the commonly
used transition criteria of Taitel and Dukler (1976) in large tubes (X = 1.6.) The model
developed by Nema (2007) predicts flow regime trends the best out of all models
considered here. A comparison of this flow regime map with data from the present study
is shown in Figure 6.14, with a summary of the agreement with the predictions shown in
Table 6.11. The map predicts the Wavy region well, with almost 90% of the data

accurately predicted. The transitional regime from intermittent to annular flow in small

Table 6.11: Comparison of Observed Flow Regime to Predicted Flow Regime by
the Nema (2007) Flow Regime Map

Predicted Regime
Intermittent | Intermittent- it miimit- || Do | Dispsie Annular | Mist
Y Discrete (ID) Annular Wave Wave (AF) (M)
Observed (IAF) (DcW) (DpW)
Regime
Intermittent 13.0% 2.2% 6.5% 0.0%
Transitional 0.0% 2.4% 2.4% 4.8% 0.0%
Wavy 1.0% 6.1% 0.0% 3.1% 0.0%
Annular 0.0% 0.0% 0.0% 1.0% 8.9% 22.2%
Mist 0.0% 0.0% 0.0% 0.0% 0.0% 13.3%

Note: The table summarizes the amount of data predicted by the flow regime map for
each observed flow regime. Each row sums to 100% for the observed regime. Green
cells signify correct predictions and white cells are incorrectly predicted regimes.
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Figure 6.14: Data from the Present Study Plotted on the Nema (2007) Flow

Regime Map

channels is predicted to be in the annular regime for 90.5% of the data. The data in mist

flow are predicted correctly for 86.7% of the data, but a large percentage (22.2%) of

annular flow data is predicted as mist flow. This is attributed to some extent to the

difficulty in assigning a flow regime to a data point based on visual interpretation. The

transition to intermittent flow using the modified Martinelli parameter, Xisug, only

accounts for the prediction to intermittent flow at very low mass fluxes when Bo < Bog,

and at larger tube diameters where X s, —1.6. Prediction of intermittent flow data from

the present study by Nema's (2007) model is not very good, with large disagreement for

situations in which the flow transitions to the intermittent regime from the annular regime

for cases with Bo < Bo.
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6.2.2 Void Fraction

Many void fraction correlations have been developed for large diameter tubes and air-
water mixtures flowing through microchannels as discussed in Chapter 2. This section
compares the void fraction results obtained in this study with the relevant models from
the literature. A summary of these comparisons is presented in Table 6.12. The data are
presented by flow regime observed, because of large deviations in the intermittent and

transition regions and the negligible effects of tube diameter and mass flux.

The most basic model is the homogeneous void fraction model (Equation 6.19), which

assumes that no slip occurs at the interface.

B= {H(l_—xj&} (6.19)
X )P

The homogeneous void fraction is thus only a function of the quality and phase densities
and neglects any interfacial shear effects. As the critical pressure is approached, the
relative difference between saturated vapor and liquid properties decreases and better
agreement with the homogenous assumptions can be expected. It was recommended by
Triplett et al. (1999a) that the homogeneous void fraction model be used for
microchannels. The homogeneous void fraction model over-predicts all data from the
present study with an AAD and AD of 30.2 and 29.9%, respectively. Agreement is best
in the annular regime where the void fraction tends to 1. Agreement in the intermittent
and intermittent-wavy regime is the worst, despite the approach to a value of 0. The
increased deviation in these regimes is perhaps a result of the increased difference in

phase velocities.

The Armand (1946) correlation is often used or modified because of its simple form. In

these models, constant multiplier is applied to the homogeneous flow model.
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a=Cp (6.20)

The constant C was obtained by Armand from air-water experiments at atmospheric
pressure and found to be 0.83. He found poor agreement between this modified
homogeneous model and his data for # > 0.9 and recommended it not be applied beyond
that range. Overall, there is good agreement with the data from the present study, with an
AAD and AD of 12.9% and 8.2%, respectively. The annular regime data are slightly
under-predicted and the most accurate, despite some data being outside the range of
applicability. All other flow regimes are over predicted. The deviation between
measured and predicted void fraction increases at lower values with the largest
inaccuracies occurring in the intermittent and intermittent-wavy regime. The deviations
between the data from the present study and the values predicted by this model are most
likely a result of the use of a single empirical constant C for the entire range of data.
Similarly, because the model is based on the homogeneous flow assumption, the only
parameters that affect the predicted void fraction are quality and density ratios, which can
therefore not account for the changes in properties like surface tension. In this case, the
multiplier was developed for air-water mixtures whose properties are drastically different
than those of R404A, which also contribute to the lack of agreement with the present
data. These differences are lower at high void fraction values because all models tend to

1.

Lockhart and Martinelli (1949) used the shutoff valves technique to measure void
fraction. They found that void fraction depended on the Lockhart-Martinelli Parameter
X Their data base consisted of experiments conducted on adiabatic flows of air and oil,
kerosene, diesel, benzene and water in tubes with diameters of 1.5 to 25.8 mm and
pressures ranging from 101.3 to 329 kPa. Butterworth (1975) correlated their graphical

results to obtain the following expressions:
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| 0.64 036 0.07 7!
o= 1+0.28(1j {&] [ﬂj 6.21)
X pl luv

This correlation results in some physical inconsistencies at high reduced pressure.  As
the critical pressure is approached and the density and viscosity approach each other, the
void fraction should approach the homogeneous model. This model does not follow such
trends, which may account for the differences from the void fractions measured in the
present study. This correlation was found to over predict all data from the present study
with an AD of 40.1%. The poorest agreement is in the intermittent and intermittent-wavy

regimes with an AD of 76.5% and 78.7%, respectively.

Zivi (1964) derived several analytical models by applying the concept that the flow
would orient itself such that the rate of energy dissipation would be minimized. The most
simplified case is where there is no liquid entrainment in annular flow, which results in a

simplified void fraction model.

a= [1 + [1_—’6} (&] | ] (6.22)
X P

This model is similar to the homogeneous flow model with the slip ratio being a function
of density ratios, S = (p/p,)"”. This implies that the phase velocities are not equal;
however, it neglects the effects of viscosity. Overall agreement between measured data
from this study and predictions of this model is good with an AAD and AD of 13.5% and
3.7%, respectively. Agreement is best in the annular-intermittent and annular regimes,
which is to be expected given that the annular regime forms the basis of this model. In
addition, this model yields the lowest AAD and AD from among the predictions of all

models considered here for the intermittent regime.
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Butterworth (1975) developed a correlation from data obtained by Baroczy (1965), which
was used to predict pressure drop in two-phase flow by Garimella et al. (2005). The

correlation was developed for liquid metal flow applications.
1 0.74 0.65 0.13 |~
X pl ltlv

This correlation accounts for the effects of phase viscosities on void fraction. However,

(6.23)

its formulation also leads to inaccuracies at high reduced pressures because of the non-
linear dependence on quality ratio. This model yields the best overall agreement with the
data from the present study from among those considered here for comparison, with the
lowest AAD of 11.2% and an AD of 6.7%. Agreement in the annular, intermittent-
annular regimes is excellent, but larger scatter is seen in the intermittent and intermittent-
wavy regimes. The accuracy of this model is surprising, given that its development was
for liquid metal applications. The deviations in measured versus predicted values in the
intermittent regime are most probably due to the different properties of R404A compared

to those of liquid metals and the high uncertainties in these measured values.

Steiner (1998) modified the drift-flux model developed by Rouhani and Axelsson (1970),
which includes the effects of surface tension and mass flux that are often neglected.

)0.25 -1

a= (1+0.12[1-x])

_ 1.18(1- O p —
£i+l xj_i_ 8( x)(g O-[pl IOV] (6.24)

A A G-p”

This model was developed for boiling, and was determined to be accurate at low-to-
medium pressures by El Hajal er al. (2003). However, it does not approach the
homogeneous model as the critical pressure is approached. There is reasonable
agreement between the data from the present study and the values predicted by the model

with an AAD and AD of 17.1% and 14.5%, respectively. The model slightly over
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predicts the void fractions in the annular flow regime and under predicts all other
regimes. The poorest agreement is in the intermittent and intermittent-wavy regimes,
with AAD of 36.6% and 30.4%, respectively, which may be because of the difference in

fluid properties and the high uncertainties in intermittent data.

Yashar et al. (2001) developed an empirical model based on evaporation and
condensation experiments on refrigerants R134a and R404A flowing through Microfin
tubes. Condensation experiments were conducted at a saturation temperature of Ty =
35°C, while evaporation experiments were conducted at T, = 5°C. They hypothesized
that gravitational drag between the phases was important in the stratified and annular
regime, which was typical of the flow regimes present in large diameter tubes. They
accounted for stratified regime effects through the use of Froude rate, Ft = [x/(l—x)]o'5 Frjy
and annular regime effects through the Martinelli parameter, X;. They developed a single
void fraction model for condensation and evaporation using these terms.

o= 1 (6.25)

(1+1/Ft+Xn)°'321

The inclusion of the Froude rate number is consistent with the mass flux dependency they
observed in condensing flows. Similar to this work, they found no effect of diameter on
void fraction during evaporation in smooth tubes. Their model over predicts all data with
the best agreement being in the annular regime with an AAD of 14.4%. Even with the
inclusion of the Froude rate, wavy flow regime void fractions from the present study are
not predicted well, with an AAD of 25.5%. These differences are probably due to the
low reduced pressures (p(R134a) = 0.22, p,(R410A) = 0.43) at which their experiments

were conducted.
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Kawahara et al. (2002) developed an empirical correlation based on nitrogen-water
experiments conducted in a 100 pm diameter tube. They found that the effect of
superficial liquid velocity on void fraction was negligible. The model they developed

was based on the homogeneous void fraction.

0.O3ﬁ05

The model is solely based on homogeneous void fraction and does not include the effects
of properties other than density. The properties and conditions of the nitrogen-water
experiments are drastically different from those of the high pressure refrigerant
experiments conducted here. The agreement between data from the present study and
predictions of the correlation is poor, with all data being under predicted with an AAD of

61.2%. This is most likely due to the difference in fluid properties.

The void fraction model presented by El Hajal ef al. (2003) was specifically developed
for refrigerants at various reduced pressures. They found that the Steiner (1998)
modified Rouhani and Axelsson (1970) model was accurate at low to mid reduced
pressures but not accurate at high reduced pressures where they hypothesized that the
homogeneous model was applicable. El Hajal ef al. (2003) found that a logarithmic mean

of the two void fraction models yielded the best agreement.

_f-a,
In [’6]
o,

In this equation, the variable o, is determined using Equation 6.24. They found this

a (6.27)

expression to be valid from low reduced pressures (p; = 0.02) to high reduced pressures
(pr = 0.8) when compared to their heat transfer data. There is reasonably good agreement

of the data from the present study with this model, but it over predicts most data, with an
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AAD and AD of 23.0% and 22.0%, respectively. It is important to note that this
correlation over predicts the void fractions from the present study, while the Steiner
(1998) modified Rouhani and Axelsson (1970) also over predicts the data. Therefore, the
logarithmic mean of the two models results in an over-prediction of void fraction values

from the present study.

A probabilistic void fraction model for refrigerants was developed by Jassim et al.
(2008b). They observed multiple flow regimes occurring at the same time under the
same conditions and obtained weighted parameters for intermittent, stratified and annular

flow regimes. Their expression for void fraction is as follows::

a=F -a +F, &, +tF, &, (6.28)

nt nt strat strat ann

where the weighting parameters are a function of:

i

=(1-x) i =0.0243-£+8.07
otz
p p,O

F;trat = ( é/x j

(6.30)
5=(0.45-Xs) " +(0.025- Xs**) I,st[pvJFrw
p
Fann :1_ int _F'strat (631)

They suggested that any void fraction model can be used for any of the regimes using
these weighted parameters. They found that using the Steiner (1998) modified Rouhani
and Axelsson (1970) model (Equation 6.24) in the annular regime, the Yashar et al.
(2001) model (Equation 6.25) in the stratified region, and the equation developed by
Graham et al. (1998) for the intermittent regime yielded the best agreement. There is
good agreement between the data from the present study and values of void fraction

predicted by their correlation with an AAD and AD of 15.6% and 5.9%, respectively.
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Figure 6.16: Comparison of Experimental a with Models in the Literature from
2000 to the Present

The best agreement is in the annular and intermittent-annular regimes. However, this
model has one of the poorest agreements with the data from the present study for the
intermittent regime. This is most probably due to the intermittent regime correlation
(Graham et al., 1998) used in their model, having been developed for large diameter

tubes.

A summary of the AAD and AD for all correlations discussed above is presented in Table

6.12. The Baroczy (1965) model yields the least scatter, or lowest AAD, while the Zivi
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Table 6.12: Comparison of Experimental o with Models in Literature

Correlation AAD AD Comments
%o %o
Homogeneous 30.2 29.9 Over-pred1ct§ all data with best accuracy in
Annular Regime
Over-predicts all data except for Annular
Armand (1946) 129 8.2 Regime were data are under-predicted
Lockhart- :
Martinelli (1948) 40.1 40.1 Over-predicts all data
Zivi (1964) 135 37 Good Qverall agreement; Large scatter in o
intermittent regime but small average deviation
Best overall agreement; Poor agreement in
Baroczy (1965) 1.1 6.7 intermittent and intermittent/wavy regime
Rouhani-Axelsson
(Steiner (1993)) 171 14.5 Reasonable agreement throughout
Yashar et al. (1998) 36.3 36.3 Over predicts all data
Kawahara et al. .
(2002) 61.2 -61.2 Largely under-predicts data
El Hajal et al. .
(2003) 23.0 22.0 Over-predicts most data
Good agreement with Annular regime; Under-
Jassim et al. (2008) 22.6 21.6 predicts transition regions and over predicts
Intermittent regime

(1964) model yields the lowest AD. The models specifically developed for refrigerants
yield reasonable agreement (Rouhani and Axelsson, 1970; Yashar et al., 2001; El Hajal et
al., 2003; Jassim et al., 2008b) with differences that can be attributed to the lack of
measured void fractions in their studies at high reduced pressures. Their predictive
capabilities deteriorate at high reduced pressures, with all of them over predicting the
void fractions measured in the present study. It is clear from these comparisons that no
model available in literature accurately predicts void fraction in the intermittent regime
for the geometries and conditions under consideration in the present study, while
agreement in the other regimes is often reasonable. The intermittent regime is the only

regime where there is not a continuous vapor core and the axial and radial distribution of
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the liquid phase varies considerably. It is also typically has the highest uncertainties in

measured values, which may account for some of the discrepancies.

6.2.3 Pressure Drop

The use of a two-phase flow multiplier is a common approach ((Lockhart and Martinelli,
1949; Chisholm, 1973; Friedel, 1979) to predict two-phase pressure drops based on
single-phase pressure drops.. These correlations were developed for two-phase flow in
large diameter tubes. The Friedel (1979) correlation is the preferred correlation for small
diameter tubes because its formulation includes surface tension effects through the Weber
number. This section compares the pressure drop data from the present study with the

predictions of relevant models from the literature.

One of the original two-phase flow studies was conducted by Lockhart and Martinelli
(1949) on adiabatic flow of air and several liquids through pipes ranging in diameter
from 1.5 to 26 mm. The liquids investigated were benzene, kerosene, water and various
oil mixtures. They found good agreement between several two-phase flow phenomena
and a function of the ratio of liquid-to-vapor pressure drop, X = [(dP/dz)/(dPldz),]".
Chisholm (1967) correlated the Martinelli parameter, X, to develop the following two-

phase multiplier expression based on the corresponding liquid phase pressure drop:

§=1+C-X"'+X7 (6.32)

where C depends on whether the liquid and vapor are in turbulent or laminar flow.

Re, >2000,Re, >2000: C =20
Re, < 2000,Re, >2000:C =12
Re, >2000,Re, <2000:C =10
Re, < 2000,Re, <2000:C =5

(6.33)
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In this study, the vapor phase is almost always turbulent except for a few select cases at
low mass fluxes and qualities in 1.00 mm and 0.508 mm tubes. A majority of the data
are in the turbulent-turbulent regime, with a corresponding constant of C = 20.
Agreement between this model and measured pressure drop is extremely poor, with an
AAD and AD of 191.2 and 190.2%, respectively. Almost all data are largely over-
predicted. These large differences between the data from the present study and the
predictions of this model are most probably due to the significantly different properties of
the fluids used in this study. This is further substantiated by the increased difference as
reduced pressure is increased. At p, = 0.38, 0.49, 0.62 and 0.77, the AD is 91.3, 148.5,
221.0, and 326%, respectively.

A similar correlation approach was used by Chisholm (1973a) based on work by Baroczy
(1966) on water/air, steam, and mercury/nitrogen. He attempted to account for the
influence of fluid properties, quality, and mass flux in the formulation of the two-phase
multiplier. Similar to the Martinelli parameter, Chisholm (1973a) developed a parameter
based on the ratio of vapor-only and liquid-only frictional pressure gradient, Y =
[(dPldz)col(dPldz) 0] and proposed the following expression for the two-phase

multiplier.

2 =1+(CY> =1)-B-x2 (1— )2 4 4 (6.34)

Here, n is the turbulent Reynolds number exponent for single-phase pressure drop, C is
an empirical constant of unity in this form, and the constant B is a function of the

Chisholm parameter and mass flux as follows:

0<Y <9.5,B=55/G"
9.5<Y <28,B=520/(Y-G") (6.35)
28<Y,B=15,000/(r*-G")
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Overall agreement between the data from the present study and pressure drops predicted
by this model is reasonable, with an AAD and AD of 34.6 and 29.7%, respectively. The
correlation is unable to address the effects of tube diameter on pressure drop. Agreement
with the 3.05 mm diameter data is extremely poor (AAD = 60.7%), agreement with 1.00
mm diameter data is good (AAD = 13.8%), and agreement with 0.508 mm tube data is
reasonable (AAD = 21.4%.) The correlation does not account for increased reduce
pressure accurately and increasingly over-predicts pressure drop as reduced pressure
increases. At p, = 0.38, 0.49, 0.62 and 0.77, the AD is 9.7, 26.7, 32.8, and 49.8%,
respectively. The inability to account for these effects is most probably due to the
drastically different properties of the fluids for which this correlation was developed,

compared to those used in the present study.

Friedel (1979) correlated a two-phase multiplier based on 25,000 data points for
horizontal and vertical flow in round tubes. He found a weak inverse dependence on
modified Froude and Weber numbers. The Froude and Weber number are calculated

using a two-phase mixture density, prp = [x pg" +(1-x) pr.'].

¢}, = E+324-F-H -Fr ™ . we"™ (6.36)
where
E= (1 —x)2 +x° [&J[&J
P )\ o
F=x".(1-x)"" (6.37)

H

091 0.19 0.7
P, H H
The Friedel (1979) correlation over-predicts most of the data from the present study with

an AAD and AD of 41.7% and 36.0%, respectively. Despite the inclusion of surface

tension effects in the formulation, the correlation is unable to predict the effects of

decreasing tube diameter, with an AD of -65.9, 10.1, and 24.6% for the 3.05, 1.00, and
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up to 2000
0.508 mm tubes, respectively. The correlation also does not predict the effects of
increased reduced pressure well, with an AD of 14.2, 30.8, 42.2 and 61.4% for p, = 0.38,
0.49, 0.62 and 0.77, respectively.

Mishima and Hibiki (1996b) developed a correlation for a modified C coefficient in the
Lockhart-Martinelli correlation (Equation 6.32) for adiabatic air-water flows in tubes

ranging in diameter from 1 to 4 mm.
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C =21(1-exp(-0.319-D)) (6.38)

In the above correlation, diameter is in mm. The overall agreement with the data from the
present study is very poor, with an AAD and AD of 82.9% and 63.8%, respectively. The
correlation substantially over-predicts pressure drop in the 3.05 mm diameter tube (AD =
170.6%), while the agreement is reasonable for 1.00 and 0.508 mm diameter tube data,
for which the correlation slightly under predicts the data from the present study, with
ADs of -3.1% and -21.0%, respectively. The reason for the poor agreement, despite
being developed for similar tube diameters, is most probably the difference in properties
between adiabatic air-water flows and two-phase refrigerant flow. Similarly, the model
does not predict the effects of increasing reduced pressure well. As reduced pressure
increases, the correlation over-predicts the data from the present study by an increasing
amount. For p, = 0.38, 0.49, 0.62 and 0.77, the AD is 3.3, 38.0, 87.1, and 143.1%,
respectively, because of the increased difference in property ratios as saturation
temperature increases. At the lowest saturation temperature, density and viscosity ratios
are closest to that of air-water, and as saturation temperature rises, the density and
viscosity ratios decrease, which may be the reason for the increased over-prediction at the

high pressures.

Tran et al. (2000) modified the approach of Chisholm (1973a) based on refrigerant phase-
change data in small diameter channels (D, =2.46, 2.40, and 2.92 mm.) Tran et al
(2000) tried to account for the effects of tube diameter and surface tension through the
use of the confinement number. The confinement number was used to replace the

constant B in Equation 6.34

N :{#] p (6.39)
g-(p—p,)
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They found the best agreement with their data with a value of constant C equal to 4.3.
Overall agreement of the data from the present study with this correlation is reasonable,
with an AAD and AD of 33.4% and 9.0%, respectively. This correlation has the lowest
AD and the second lowest AAD of all models from the literature that were considered
here. There is reasonable agreement with the 3.05 and 1.00 mm diameter tube data, but
consistent over-prediction of the 0.508 mm diameter tube data. This is most probably
due to the correlation being developed for two-phase flow on channels larger than 2 mm
in diameter. The correlation also captures the effects of increased reduced pressure
reasonably well, despite being developed based on low reduced pressure conditions. For
pr = 0.38, 0.49, 0.62 and 0.77 the AD is -2.4, 6.1, 7.6, and 27.5%, respectively. The
increase in over-prediction is most probably due to their model being based on data at
lower reduced pressures (0.03 < p; < 0.24) where changes in saturation temperature have
a larger effect on properties than at the higher reduced pressures under consideration in

the present study (0.38 < p; < 0.77.)

Cavallini er al. (2002) modified the Friedel (1979) correlation based on condensation
experiments on several refrigerants in an 8 mm diameter tube. They found that the
dimensionless vapor velocity, JG*, predicted the transition to annular flow well. For non-
annular flow, where Jg < 2.5, they found good agreement between data and the original
Friedel (1979) (Equation 6.36). For values of Jg =25 they suggested the following two-

phase multiplier:

¢ =E+1.262-F-H -We*'** (6.40)

where
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F = x0T
0.3278 -1.181 3.477 (641)
) () ()
Py My My
We=G>-D-(p,-0)"

The form of the Cavallini ef al. (2002) correlation is almost identical to that of the
original Friedel (1979) correlation, but with revised empirical constants. The two major
differences are in the exclusion of the Froude number, which is justified by the lack of
gravitational effects, and the empirical constant F' only being a function of x, and not (1-
x) like in the original. Whereas in the original correlation, F — 0 as x — 1, resulting in
the expression for single-phase vapor pressure drop, the modified version does not. The
Cavallini et al. (2002) model results in the lowest scatter from the data from the present
study, with an AAD of 30.0%, and the second best AD of -10.8% from among the
pressure drop correlations considered here. The correlation slightly under-predicts the
data from the present study for D = 0.508 mm, with an AD = -23.5%, significantly over-
predicts the present data at D = 1.00 mm, with an AD = 30.4%, and over-predicts the
present data for D = 3.05 mm, with an AD = 13.2%. These differences can be attributed
to the fact that the Cavallini et al. (2002) correlation was developed for a single 8 mm
diameter tube. The influence of reduced pressure is addressed to some extent by this
correlation, as evidenced by a decrease in AD from -21.0% at p. = 0.38 to -3.9% at p, =

0.77. However, the scatter, AAD, increases with increasing reduced pressure.

Garimella et al. (2005) developed a multi-regime pressure drop model for condensation
in small diameter tubes. The model was experimentally validated for condensing R134a
in tube diameters ranging from 0.5 to 4.91 mm. They used transition criteria based on

visualization experiments conducted by Coleman and Garimella (1999, 2003) and
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developed sub models for pressure drop in different flow regimes. They developed an
annular flow regime model to predict the pressure drop in the annular/mist/and dispersed
regime. Their correlation can be represented in the form of a two-phase multiplier to the

vapor phase pressure drop for ease of comparison with the other models discussed above.

P:=A-X"Rel -y -a™ (%} (6.42)
where v is a modified liquid capillary number proposed by Lee and Lee (2001)
V= A (6.43)
(I-a)-c

They determined the constants from Equation 6.42 using Reynolds numbers defined
within the cross section occupied by each phase. They defined their Reynolds numbers

in terms of the annular flow area occupied by the phases.

Re = G-(l—x)-D
(1+va)-u (6.44)
Re =G-x-D

" N,

They used the Blasius (1908) friction factor for the corresponding single-phase pressure
drop calculations. The empirical constants vary based on liquid Reynolds number as

follows.

Re, <2100: A=1.308%x107,a =0.427,b=0.930,c =—0.121

(6.45)
Re, >3400: A=25.64,a=0.532,b =-0.327,c¢ =0.021

In the transition region between the two limits for Reynolds number, the value of
pressure drop at each limit is predicted and a linear interpolation of the two based on
quality and mass flux is used. The intermittent and discrete wave flow regimes were

modeled by representing the pressure drop as the sum of the pressure drop at the liquid-
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vapor interface around the bubble, the liquid slug, and the transition between the slug and

film regions.

L .
A_P — (d_Pj ( Lbubble j+ (d_Pj ( slug j+ APone ransition (Mj (646)
L dz Jgp \ Lyt cen Az ) gug \ L cen L

The number of unit cells was deduced based on the measured pressured drop across the
test section length and was related to the slug Reynolds number.

Nunitces _ D _ D _ b
NI I

tube ‘unit cell bubble

The number of unit cells is directly related to the bubble frequency which was not
directly measured in their study, but obtained from the data to provide closure to the
model. For circular tubes, the empirical constants were found to be a = 1.573 and b = -
0.507. A majority of the data from the present study is over-predicted by the model with
an AAD and AD of 37.8% and 23.2%, respectively. The lowest agreement was for D =
3.05 mm (AD = 54.0%,) which is most probably due to a majority of the data for this
tube being in the wavy flow regime, which was not explicitly modeled as a separate
regime by Garimella et al. (2005). Agreement is best for D = 1.00 and 0.508 mm (AD =
-0.6% and 6.6%, respectively,) where annular flow is prominent. For p, = 0.38, 0.49,
0.62 and 0.77, the AD for all the data from the present study is -13.5, 8.3, 34.6, and
73.2%, respectively. The increasing over-prediction demonstrates that the correlation
does not accurately account for increasing reduced pressure, because their R134a

experiments were conducted at a single nominal reduced pressure of p, = 0.34.

Andresen (2007) investigated condensation of R410A at high reduced pressures (p; = 0.8,
0.9) at tube diameters (D = 3.05, 1.52. and 0.76 mm) similar to those in the present study.
He modified the Chisholm (1967) correlation (Equation 6.34) by relating the empirical

constant C to the liquid Reynolds number, Rej, and the confinement number, Nonf.
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C =24-Re . N

conf

(6.48)

The liquid Reynolds number was used to model the effects of inertia, while the

confinement number addresses the relative influence of surface tension and gravitational

effects in small diameter tubes. Agreement of the predictions from this model with the

data from the present study is reasonable, with an AAD and AD of 31.8% and -11.9%,

respectively. The correlation over-predicts data from the present study for D = 3.05 mm

(AD = 13.5%) and consistently under-predicts data for D = 1.00 and 0.508 mm (-30.6 and
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-27.2%, respectively.) The consistent under-prediction perhaps signifies that the model is
capturing the trends well, albeit without being able to match the magnitudes of the
pressure gradient data from the present study. Thus, the confinement number may be
accounting for the effects of decreasing tube diameter and the increasing importance of
surface tension for the 1.00 and 0.508 mm diameter tubes at the conditions investigated in
the present study. The poor agreement for the 3.05 mm diameter tube data may be due to
the inability of the confinement number to accurately account for increased gravitational
effects at larger tube diameters. The correlation poorly predicts the effects of increases in
high reduced pressures. It significantly under predicts pressure drop at the lowest
reduced pressure, p; = 0.38, with an AD of -38.5% and trends towards over-predicting
pressure drop at p, = 0.77 with an AD of 25.5%. Perhaps the influence of other important
properties such as viscosity are not accurately captured for large changes in reduced
pressures through the use of only the Martinelli parameter for the correlation. It is also
important to note that the reduced pressures studied by Andresen (2007) were over a
small span at near critical conditions (0.8 < p; < 0.9.) The present study spans a much

larger range of reduced pressures, 0.38 < p; < 0.77.

Summary of Comparison

A summary of AAD and AD as a function of tube diameter is provided in Table 6.13, and
is presented as a function of saturation temperature (reduced pressure) in Table 6.14.
While some of the correlations predict pressure drop from the present study well in
narrow ranges of data, it is clear that none accurately capture the trends in pressure drop
with decreasing tube diameter and increasing reduced pressure that were observed in the
study. The model presented by Garimella et al. (2005) predicts data well at the lowest
reduced pressure (p, = 0.38), but fails to accurately account for the change in properties

as reduced pressure increases. However, while it may not properly account for the
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Table 6.13: Predictive Capabilities of Models in the Literature for Data from the
Present Study Categorized by Tube Diameter

Diameter, mm

3.05 1.00 0.508 TOT
Stud AAD | AD |AAD| AD | AAD]| AD | AAD | AD
y % % % % % % % %
Lockhart-Martinelli
(149)) Chisholm (1967 | 2850 | 2849 1229 1205 | 1332 | 1332 | 191 | 190
Chisholm (1973) 607 | 591 | 138 | 46 | 214 | 181 | 346 | 297
Friedel (1979) 666 | 659 | 230 | 101 | 271 | 246 | 41.7 | 36.0
Mishima and Hibiki 1706 | 1706 | 212 | 3.1 | 248 | 210 | 829 | 638
(1996)
Tran et al. (2000) 354 | 129 | 302 | -100 | 354 | 345 | 334 | 9.0
Cavallini ef al. (2002) 327 | 132 | 304 | 295 | 242 | 235 | 30.0 | -10.8
Garimella ef al. (2005) 590 | 540 | 249 | 06 | 206 | 66 | 37.8 | 232
Andresen (2006) 335 | 135 | 316 | -306 | 286 | 272 | 31.8 | -11.9

change in properties with p;, the excellent agreement at the lowest reduced pressure may

indicate that the model does well in capturing the effects of tube diameter, especially for

the small diameters. Overall, the best agreement with data from the present study is for

the Cavallini et al. (2002) and Andresen (2007) models, although both models

consistently under-predict small diameter tube data No model from the literature was

able to accurately account for property changes with changing reduced pressure, while

simultaneously accounting for diameter changes at this scale. Therefore, a new model is

required for better predictions of data from the present study.
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Table 6.14: Predictive Capabilities of Models in the Literature for Data from the
Present Study Categorized by Saturation Temperature

Ty °C ()
30 (0.38) 40 (0.49) 50 (0.62) 60 (0.77)

Stud AAD| AD |AAD| AD |AAD| AD | AAD| AD
y % % % % % % % %

Lockhart-Martinelli

(1949)/ Chisholm (1967) 93.2 | 91.3 | 150.1 | 148.5 | 221.0 | 221.0 | 326.6 | 326.6

Chisholm (1973) 164 | 97 | 320 | 267 | 385 | 328 | 505 | 49.8
Friedel (1979) 209 | 142 | 367 | 308 | 498 | 422 | 635 | 614
1(‘1';59'2)‘“3 and Hibiki 393 | 33 | 613 | 380 | 995 | 871 | 1443 143.1
Tran et al. (2000) 259 | 24 | 322 61 | 322 76 | 454 | 275
Cavallini ef al. (2002) 232 | 210 | 266 | 89 | 348 | -85 | 371 | -39
Garimella ef al. (2005) 168 | -13.5 | 218 | 83 | 446 | 346 | 764 | 732
Andresen (2006) 385 | 385 | 269 | 228 | 272 | 45 | 355 | 255

6.2.4 Heat Transfer

Internal convective condensation models are commonly divided into gravity dominated,
wavy-stratified regime models, or shear dominated, annular regime models. Wavy-
stratified regimes are often modeled using the Nusselt (1916) condensation approach.
Annular flow is either modeled using a shear driven or two-phase multiplier approach. In
this study, the largest percentage of the heat transfer data (186/402) are predicted to be in
the annular regime based on the transition criteria of Nema (2007). In this section, a
comparison of heat transfer data with annular flow models is presented first, followed by

comparison with more comprehensive, multi-regime heat transfer models.
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Annular Flow Models

A two-phase multiplier correlation was developed by Cavallini and Zecchin (1974) for
condensing refrigerants. Their model was compared with condensing R11, R22, and
R114 data in annular flow. The Nusselt number correlation is based on an equivalent
Reynolds number, Re.y, which enables treating the flow as single-phase flow.

Nu =0.05-Re,; Pr}” (6.49)
Where

Re,, :Q[U—x)”(ﬂj } (6.50)

A

v

This correlation over-predicts most of the data from the present study with an AAD and
AD of 38.5 and 33.5%, respectively. It significantly over-predicts the 3.05 mm diameter
tube data, which are mostly in wavy flow. It predicts annular flow data extremely well.
Their model predicts data from the present study best at the lowest reduced pressure,
which is to be expected given the lower pressure refrigerants for which the model was
originally developed. Agreement with the present data decreases as reduced pressure is
increased, indicating that the model does not accurately account for phase property

changes at higher reduced pressures.

Shah (1979) developed a purely empirical correlation for internal flow condensation.
The correlation is based on a large database for condensing fluids in horizontal, vertical
and inclined pipes. The fluids considered included water, R11, R12, R22, R113,
methanol, ethanol, benzene, toluene, and trichloroethylene. The operating conditions
ranged from reduced pressures of 0.002 to 0.44. The tube diameters and mass fluxes
from the studies ranged from 7 to 40 mm, and 140 to 20740 kg m? s, respectively.
From this large database, he developed a two-phase multiplier that is solely a function of

quality and reduced pressure.
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)0A04

0.76 (1 _
=y | (-4 202 ©:51)
D,
where
k
h, , =0.0023Re!"® Pr* 51 (6.52)

The single-phase heat transfer coefficient recommended is the Dittus and Boelter (1930)
correlation, hppg. This correlation predicts the relative magnitude of the data from the
present study reasonably well. The comparison is shown in Figure 6.19, and the overall
AAD and AD are 43.6 and 38.3%, respectively. The data are consistently over-predicted
with poor agreement with the 3.05 mm diameter tube data, but increasingly better
agreement as the diameter decreases. This is probably because the correlation is
formulated for the annular flow regime. Similarly, agreement is worst compared to the
3.05 mm diameter tube data from the present study where stratified and wavy flow exist.
This correlation also predicts the lowest reduced pressure (p, = 0.38) data from the

present study well, but the predictions deviate increasingly as reduced pressure increases.

Moser et al. (1998) developed a condensation heat transfer model based on the heat-
momentum analogy. They compared their model to a large data base from refrigerant
experiments (R12, R22, R113, R134a, R410A) in tube diameters ranging from 4.57 —
12.7 mm, and reduced pressures ranging from 0.02 — 0.7. They based their approach on
an equivalent Reynolds number similar to that used by Akers et al. (1959). Using the
heat-momentum analogy, they obtained the following expression for equivalent Reynolds
number.

Re, =@, Re, (6.53)
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They suggested using the Friedel (1979) two-phase multiplier (¢ o from Equation 6.36)
in Equation 6.53. They approximated the single-phase heat transfer coefficient using the
Petukhov (1970) correlation and modified the results for heat transfer in the liquid
annulus using the approach by Traviss and Rohsenow (1973). The resulting two-phase
heat transfer correlation becomes:

vy D _ 0.0994 Rey* Re ;""" pr®"? (6.54)
ki (1.581n(Re,, )-3.28)(2.581n(Re,, )+13.7Pr*~19.1)

where

R* =0.0994Re’
C, =0.126 P, *** (6.55)
C, =-0.113Pr,*”

Overall, the Moser et al. (1998) correlation predicts the heat transfer data from the
present study the best as shown in Figure 6.18. The AAD and AD are 25.8 and 10.3%,
respectively. Agreement is very good with the data for the small tubes taken in the
present study, where the flow is always laminar; the AAD for the 1.55 and 0.86 mm
diameter tubes are both 10%. Cavallini et al. (2006b) found very good agreement with
this model for condensing refrigerants R410A, R134a, and R236ea in hydraulic diameters
ranging from 0.4 to 3 mm. Bandhauer et al. (2006) also found good agreement with the
Moser et al. (1998) correlation for condensing R134a in microchannel geometries with
hydraulic diameters ranging from 0.506 to 1.524 mm. Despite its accuracy, the
correlation is dependent on the two-phase multiplier chosen. Moser et al. (1998) used the
Friedel (1979) correlation, which increasingly over-predicted pressure drop data from the
present study with increasing reduced pressure. The heat transfer predictions of the
Moser et al. (1998) correlation show a similar trend and increasingly over-predict heat

transfer coefficients as reduced pressure increases.
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A shear-driven heat transfer model was developed by Bandhauer et al. (2006) for
condensing R134a in microchannels. Experiments were conducted on multiport test
sections with hydraulic diameters ranging from 0.506 < Dy, < 1.524 mm and mass fluxes
ranging from 150 to 750 kg m? s, Their boundary layer modeling approach was based
on the work by Traviss et al. (1973) for shear-driven flow. They expressed the heat

transfer coefficient in terms of a shear velocity, u , and dimensionless temperature, T" as

follows:
101 pl I/l

T+
The shear velocity, u’, is related to the predicted pressure drop as follows:

6.57
\F 4/)1 D

The frictional pressure drop is approximated using the annular flow correlation from the

h= (6.56)

work of Garimella et al. (2005) on these same hydraulic diameters. Different expressions
for the non-dimensional temperature, 7", were developed for different liquid Reynolds

number, Rej, ranges.

For Re; <2100

T =5-Pr1+5-ln{Pr1 (%—1}1} (6.58)

For Re; > 2100

S
T*=5-Pr+5-In(5-Pr+1)+ |
30

) N " (6.59)
(2%
Pt s/

where

(6.60)
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The film thickness, &, is obtained from the Baroczy (1965) void fraction correlation. The
model under-predicts most data with an AAD and AD of 27.7 and -11.7%, respectively.
This model predicts the data from the present study well, even for the wavy flow regime
data points, although its formulation was based on annular flow. While the agreement is
reasonable, the pressure drop model of Garimella er al. (2005) slightly over-predicts the
pressure drop data from the present study, which may not result in the best representation

of the heat transfer data from the present study.
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Figure 6.19: Comparison of Experimental /, from the Present Study with
Annular Regime Heat Transfer Models in the Literature
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Multi-Regime Models

Dobson and Chato (1998) developed a multi-regime heat transfer model based on data for
condensing R12, R22, R134a, and near-azeotropic blends of R32/R125 (50/50 and 60/40)
flowing through tube diameters of 3.14 and 7.04 mm. Experimental mass fluxes and
reduced pressures ranged from 75 to 800 kg m? s, and 0.21 to 0.57, respectively. They
observed stratified, wavy, wavy annular, annular mist, and slug flow and developed sub
models for gravity and shear dominated flows. For shear driven flow, they developed an

empirical two-phase multiplier for the Dittus-Boelter equation for single-phase flow.

0.89
tt

Nu =0.023Re* Pr* {1 + %} (6.61)

Here the exponent on the Prandtl number is 0.4, which is recommended for heating, but
they found better agreement with their data using this exponent and noted that it had also
been used in the Shah (1979) correlation. The two-phase multiplier is a function of the
turbulent-turbulent Martinelli parameter, Xy, which approaches infinity as quality
approaches zero, resulting in the single-phase heat transfer coefficient. For gravity driven
flow, they modeled the upper film and lower film separately and applied these
expressions based on wetted perimeter fraction. The upper film condensation was

modeled using a film condensation approach.

__023Re)” [GaPy " 662
O LIX Y Ja, '
where
_ D}
P 7. (plﬂl zpv)

(6.63)

Ja _ cp,l (I;at _Twall)

= plist el

llv

They hypothesized that heat transfer in the lower film would be governed by convective

flow and developed a two-phase multiplier for this region.
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Nu,,, =0.0195Re;* Pr1°‘4(1.376+ Clqj (6.64)
For 0 < Fry, <0.7,
¢, =4.172+5.48Fr, —1.564Fr’ 6.65)
¢, =1.733-0.169Fr,
For Fr,, > 0.7,
¢, =7.242
(6.66)
¢, =1.655

The wetted perimeter in contact with the forced convection component is predicted using

the Zivi (1964) void fraction model and the geometric relation:

0 cos™ (2a—1)
T b3

(6.67)

The Nusselt number accounting for upper and lower film contributions in wavy flow is

then calculated as follows:

0
Nu,,,, = Nug, +Nu_, (1 ——j (6.68)

wavy
T

Dobson and Chato recommended that the shear driven correlation should be used for all

2 s'l, or when the Soliman modified

cases in which mass flux is greater than 500 kg m’
Froude number, Fry,, is greater than 20. For all other cases, the wavy correlation should
be used. This model assigns 22% of the data from the present study to the wavy regime
and the rest to annular flow. It also predicts some wavy flow for the smallest tube
diameter (0.86 mm) tube, which demonstrates that the flow regime determination by
Dobson and Chato may not adequately account for diameter effects on flow regime
transitions for the present data. The majority of the data from the present study are over-
predicted with an AAD and AD of 54.4 and 52.2%, respectively. The over-prediction is

primarily for the wavy flow regime, but the shear-driven correlation predicts data better

(AAD =42.7%, AD = 40.1%), with improving agreement with decreasing tube diameter.
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The agreement is best at the lowest reduced pressure and decreases with increasing

reduced pressure, primarily because such pressures are outside its range of applicability.

Cavallini et al. (2002) developed a multi-regime pressure drop and heat transfer model
for pure and blended halogenated refrigerants. They compared their model to a large data
base of condensing refrigerants R22, R134a, R125, R32, R236ea, R407C and R410A in
an 8-mm smooth tube at mass fluxes ranging from 100 to 750 kg m? s, and saturation
temperatures ranging from 30 to 60°C. For Annular flow (Jg > 2.5,) they adapted the
approach of Kosky and Staub (1971), which uses the heat-momentum analogy and used
their modification (Cavallini ef al., 2002) to the Friedel (1979) correlation as the input for

predicting interfacial shear.

_ PiCyy (T/ P )0‘5

h 6.69
- (6.69)
where
T"=5"Pr, 5 <5
T =5{Pr+n[1+Pr (5'/5-1)]}  5<8 <30
T" =5| Pr+1In(1+5Pg)+0495In(8"/30) | & 230 ©70)
5" =(Re,/2)” for Re, <1145
J" =0.0504Re/"® for Re, >1145

T=(dp/dz)f D/4
For stratified flow, they hypothesized that heat is transferred through the thin gravity

driven layer of condensate on the upper part of the tube and also accounted for heat
transfer through the thick layer of liquid in the bottom part of the tube. A Nusselt-type
equation was used to predict heat transfer in the upper film, while a two-phase multiplier
and single-phase heat transfer coefficient were used to account for heat transfer in the

bottom pool. The resulting equation for stratified flow is:
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[ — 5 \0268 -l kK p (p_p ) gi 0.25 0
h,, =0.725 1+O.82(—j R RV Bt PR-L TN A 001(1__j (6.71)
x U,DAT ’ /4

where

hl,pool = hlo (1 - 'x)0~8
GD

0.8 0.4
Cuth )k
h]o=O.023Re&8Prl°'4B‘=0.023[z] ["I; ] 51 (6.72)
1

6 cos” (2a-1)

V3 T

The amount of liquid flowing in the lower film is approximated using the void fraction
model presented by Zivi (1964). Cavallini et al. recommended using a linear
interpolation between the stratified and annular regimes based on the non-dimensional

gas velocity, Jg .

Pians = (hann,Jjj ~ Ny )(;_:;\J + gy (6.73)

This approach allows for a smooth transition from stratified to annular flow predictions.
For slug flow, they again linearly interpolated between stratified flow at the transition (X
= 1.6) and single-phase heat transfer where the mass flow rate is fully in the liquid phase

using the Dittus-Boelter equation (Equation 6.52.)

h X (hstral,X" =1.6 )
tran,strat-slug — h’lo +
Xx =16

1/9 5/9 1/9 59 |©
AT a1
! Il'lv pl lllv pl

The majority of the results from the present study are predicted to be in the annular flow

1 (6.74)

regime (81.7%), with 13.7% predicted to be in the stratified-annular regime, and the
remaining 4.6% predicted to be in the stratified slug regime. A majority of the data are

under-predicted with an AAD and AD of 28.0 and -16.9%, respectively. The large tube
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diameter data are on average slightly over-predicted, which can be attributed to an
annular flow model being applied to wavy flow data. The annular flow data in the small
tube diameters are under-predicted, which may be due to the inability to accurately
predict pressure drop data from the present study as discussed in the previous section in
connection with their pressure drop model (Cavallini et al., 2002). The annular flow
correlation is a shear driven model and both the pressure drop and heat transfer

coefficients consistently under-predict the data from the present study by about -30%.

Thome et al. (2003) developed a multi-regime heat transfer model for condensing
refrigerants. They used the flow regime map developed by El Hajal ez al. (2003). Thome
et al. (2003) combined the intermittent and mist flow regimes with the annular flow
regime for modeling purposes, stating that they are all shear driven flows. Their heat
transfer model was fit to a large database of refrigerant data that was taken from the
previous study of Cavallini et al. (2002). They also compared their results to
hydrocarbon condensation data. = They hypothesized that heat transfer during
condensation is either forced convection driven or gravity driven. The convective

component is predicted using a two-phase multiplier.

h; =0.003-Re,;' Pr” %¢ (6.75)

This is a unique approach where the characteristic length scale is not the typically used
tube diameter, but the film thickness, . The liquid Reynolds number is also defined

using the film thickness and the average liquid velocity, U,.

_4pUS 4G(1-x)8

Re, ;= (6.76)
oo M, (l_a):ul
where
A]:(l_a),,z:@”__e)[z)z—(D—w)z} (6.77)
4 8 '
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The angle 6 is described as the upper angle of the tube wetted by the condensing film.
They used the void fraction model from their previous work, El Hajal et al. (2003), for
Equation 6.77. This approach treats the lower liquid as a uniformly thick liquid film
along the bottom of the tube instead of the typical approach, which models the liquid as a
stratified pool. The upper film heat transfer coefficient was obtained using Nusselt
theory for laminar flows. Instead of integrating from O to 6/2, they approximated the

contribution of the film by using an averaged solution.

h

film

. 13
:0.728 pl(pl_pv)gllvkl (6.78)
,UID (T;al _Twall,i)

They combined the effects of both portions by weighting the amount of area in contact

with the tube diameter using the angle 6.
[ 0
h=h, | — |[+h;|1—— 6.79
film (27[} 5 ( 2][} ( )

This type of approach allows for smooth transition between stratified, wavy and annular
flow regimes. The flow regime map of El Hajal et al. (2003) was used to determine the
applicable regime, which allows for determination of # and the two-phase multiplier, @.
When mist, annular or intermittent flow are predicted, € = 0, and the two-phase multiplier

is:

bt ( U, ] {MJMS (6.80)

o

They likened the two-phase multiplier to a surface roughness and theorized that the
interfacial roughness should be directly linked to the interfacial slip, U, U{l. The second
term was adapted from the Taylor instability wavelength of a film. Again, they theorized

that surface roughness should decrease with increasing surface tension because surface
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tension will dampen out surface waves. The exponents in the above equation were based

on the test data. For fully stratified or stratified-wavy flow:

o, [(ow-0)

strat
(Gwavy - Gstral )

0.5

(6.81)

Where Oqa can be solved using Equation 6.71 and Gyayy and Gy are determined using

the flow regime map presented by El Hajal er al. (2003).

¢:1+(UV]‘ [(Pl—pv)géz) ( G J 6.82)
Ul o Gstrat

Here the two-phase multiplier is similar to that for annular flow, except for the inclusion

of the ratio of mass fluxes, which dampens out the enhancement effects at the interface.
The flow regime map by El Hajal ef al. (2003) predicts all of the data from the present
study in the shear-driven regime (either intermittent, annular, or mist); therefore, all
comparisons with the data from the present study are based on Equation 6.74. The
correlation of Thome et al. (2003) generally under-predicts heat transfer data from the
present study with an AAD and AD of 32.4 and -16.3%, respectively. The model
predicts increasing heat transfer coefficients with increasing reduced pressures, which is
the opposite of the observed trends. As reduced pressure increases, surface tension
significantly decreases, which results in an overall increase in the predicted two-phase
multiplier developed by Thome ef al. (2003) (Equation 6.80) for the fluid and conditions
investigated in the present study . Also, it is important to note that their correlation is
heavily dependent on the film thickness, which is a function of the void fraction. Thome
et al. did not measure void fraction in this study, but developed their void fraction model
(Equation 6.27) using inferences from heat transfer data. Their void fraction model (El

Hajal et al., 2003) was found to consistently over-predict the measured void fraction
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values from the present study. As a result, the estimated film thickness, 6, is under-

predicted.

Andresen (2007) developed an annular and wavy flow heat transfer model based on data
on condensing R410A and R404A at reduced pressures of 0.8 and 0.9. He investigated
condensing R410A in channel diameters ranging from 0.76 to 3.05 mm and on 6.22 and
9.40 mm diameter tube R410A data from Mitra (2005) and on 9.40 mm diameter tubes
R404A data from Jiang (2004) to develop this model. His annular flow regime Nusselt

number correlation was as follows:

0.80 0.88
Nu, . =0.0133Re!* P 1+( a j (&j (6.83)
1-x P,

The term in the brackets resembles the inverse Martinelli parameter, but without the
viscosity ratio. For the wavy flow regime, he modeled the upper film surface and the
liquid pool at the bottom of the tube separately like the approach used by previous
researchers Dobson and Chato (1998) and Cavallini et al. (2002). The liquid film was
modeled using a Nusselt falling film condensation analysis. The liquid pool contribution
was obtained using a two-phase multiplier similar to that of Cavallini and Zecchin
(1974). The wetted perimeter in contact with the liquid pool was approximated using the
Baroczy (1965) void fraction model. The overall wavy flow regime Nusselt number

model he presented is as follows:
1.93 N
Nu,, = (—j Ra| —+1
o2 Ja,
1.24 0.34
+0.018Re™ Pr'” 1+(LJ s [Lj (1—ij
1-x){ p, 9.389 2

Here the Jakob number Ja; is given by Equation 6.63, while the Rayleigh number, Ra, is

(6.84)

the product of the Prandtl and Grashof number. Andresen estimated the transition region
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from annular to wavy flow using the non-dimensional vapor velocity, Jg , and suggested
that the transition most likely occurs at approximately Jg = 2.5, which was the criterion
presented by Cavallini ef al. (2002). From Jg = 2 to Jg = 3 a linear interpolation
between the wavy and annular flow regime models based on Jg is suggested. This
transition criterion predicts 75.4% of the data from the present study in the annular
regime, 11.0% of the data in the wavy flow regime, and 13.6% of the data in the
transitional flow regime. The model has the best agreement with data from the present
study out of all models from the literature considered here, with an AAD and AD of 25.4

and -13.5%, respectively. In general, the model under-predicts all annular data and over-
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Figure 6.20: Comparison of Experimental /, from the Present Study with Multi-
Regime Heat Transfer Models in the Literature
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predicts wavy flow data from the present study. This may be due to wavy flow data
points from the present study being inaccurately predicted as being in annular flow.
However, this model appears to capture the effects of changes in properties with reduced
pressure the best out of all models from literature considered here. The data from the
present study are consistently under-predicted with AD of -18.1, -13.4, -9.9, -10.9% for p;
= 0.38, 0.49, 0.62, and 0.77, respectively. This is perhaps because of the high reduced
pressures and large range of tube diameters investigated for R410A and R404A in the

studies by Jiang (2004), Mitra (2005), and Andresen (2007).

Table 6.15: Predictive Capabilities of Various Models in the Literature for Data
from the Present Study Categorized by Tube Diameter

Diameter, mm
3.05 1.55 0.86 TOT

AAD | AD | AAD | AD | AAD | AD | AAD | AD
% % % % % % % %

Annular

Study

Cavalliniand {75 3| 695 | 162 | 112 | 99 | 64 | 385 | 335

Zechin (1974)

Shah (1979) 80.9 73.4 21.2 16.3 14.2 11.9 43.6 38.3
Moser et al.

(1998) 48.7 37.6 10.1 -7.1 10.3 | -10.0 | 25.8 | -10.3

Bandhauerer | 5, | 54 | 233 | 207 | 243 | 243 | 274 | -117

al. (2006)
Multi-Regime
Dobson and
Chato (1998) 94.0 90.9 334 31.1 19.6 19.0 54.4 52.2

Cavallinietal. | 557 | ¢ | 292 | 292 | 300 | -300 | 28.0 | -16.9

(2002)

Thome et al.

2003) 315 | 80 | 315 | 314 | 348 | 348 | 324 | -16.3
Andresen 263 | 21 | 268 | 260 | 220 | 218 | 254 | -135
(2007) : : : : . . . ,
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Summary of Comparison

A summary of comparisons of the heat transfer data from the present study with the
predictions of correlations from the literature is provided in Table 6.15 categorized by
tube diameter, and in Table 6.16 by saturation temperature. Some models are able to
predict the data from the present study well in some ranges of geometry and operating
conditions but in general, do not predict the trends with respect to tube diameter and
operating conditions well. The large disagreements are in part due to the fact that the flow
regimes observed for some data points in this study do not correspond to the regimes
predicted by the correlations, which leads to the inapplicability of the heat transfer

models. Several of the heat transfer models are reliant on void fraction correlations to

Table 6.16: Predictive Capabilities of Various Models in the Literature for Data
from the Present Study Categorized by Saturation Temperature

Toai, °C (p)
30 (0.38) 40 (0.49) 50 (0.62) 60 (0.77)
Study AAD | AD | AAD| AD | AAD | AD | AAD AD
Y0 %o %0 Yo Yo Y0 Y0 Yo
Annular

Cavallini and 13 | 45 | 241 | 230 | 537 | 535 | 833 | 8323

Zechin (1974)
Shah (1979) 11.9 5.1 244 | 237 | 59.7 | 59.7 | 101.0 | 101.0
Moser et al.
(1998) 150 | -143 | 13.9 52 344 | 24.3 49.6 38.9

Bandhauer et al.

(2002) 33.1 | -33.1 | 18.7 | -17.1 | 23.8 -0.7 35.4 15.9

Multi-Regime

Dobson and

Chato (1998) 19.0 | 12.1 | 409 | 404 | 744 | 744 | 104.6 | 104.6

Cavallini et al.

(2002) 29.0 | -29.0 | 209 | -185 ] 283 | 93 36.5 -5.0

Thome ef al.

(2003) 31.8 | -31.8 | 25.1 | -20.3 | 33.1 -7.8 | 429 3.1

Andresen (2006) | 192 | -18.1 [ 209 | -134 | 30.7 | 99 34.9 -10.9
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determine the wetted perimeter in contact with different heat transfer regions, or to
determine liquid film thicknesses. The void fraction correlations are often taken from
literature for significantly different conditions, which may also lead to improper

modeling of the hydrodynamics.

6.2.5 Summary

It can be seen from the above discussion that while some models in the literature predict
pressure drop and heat transfer coefficients from the present study well under certain
conditions, there is no comprehensive model that accurately accounts for the variation of
phase properties with saturation temperature and the effects of hydraulic diameter in mini
and micro channels. The discrepancies stem from the inability of most flow regime maps
to accurate predict flow regimes observed for the geometries and conditions investigated
here, which leads to pressure drop and heat transfer models developed based on different
physical idealizations being applied incorrectly. Furthermore, pressure drop and heat
transfer coefficient models require knowledge of the distribution of vapor and liquid
within the tube; however, these models are based on measurements for different fluids or
are inferred from other parameters rather than being directly measured. For example, the
work by El Hajal er al. (2003) and Thome et al. (2003) attempted to develop a
comprehensive integrated approach to flow regime determination and condensation heat
transfer modeling. They identified the importance of predicting film thicknesses, and
deduced it from a void fraction model which was in turn inferred from other measured
parameters. While their approach was well conceived, it was ultimately based on
observations of evaporating flows and a regression analysis of a large database of
condensation data. Therefore, the governing mechanisms may not have been adequately
modeled, which leads to reasonable agreement with the data base, but may not actually

model the underlying flow phenomena. Stratified heat transfer models like that of
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Dobson and Chato (1998), and Cavallini et al. (2002) rely on void fraction to determine
the amount of wetted perimeter in contact with the stratified pool. Both researchers used
the Zivi (1964) correlation, which is an analytical model developed for steam flow, and
may result in inaccurate predictions of convective contributions. An integrated modeling
approach where void fraction, pressure drop and heat transfer coefficients validated over
a large range of operating conditions and diameters is required to yield improved

predictive capabilities for condensation for the data under consideration in the present

study.
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CHAPTER 7: MODEL DEVELOPMENT

The results and discussion presented in the previous chapter demonstrate that the void
fraction, pressure drop and heat transfer coefficient models and correlations from the
literature are unable to adequately predict the data from the present study. Therefore,
new models were developed here for void fraction, pressure drop, and heat transfer
coefficients. The void fraction model and the predicted flow regimes are used as building

blocks for the development of the pressure drop and heat transfer models.

The flow regime map developed by Nema (2007) agreed well with the flow regimes
observed in the present study. Therefore, the criteria from that map were used to assign
flow regimes to data points. For the 3.05 mm diameter tube data from the present study,
the intermittent, wavy, annular and mist flow regimes were predicted by the Nema flow
regime map. For the 0.508, 0.86, 1.00, and 1.55 mm diameter tube data from the present
study, only intermittent, annular and mist flow were predicted by the Nema flow regime
map. The predicted flow regimes were then used as a basis to develop mechanistic
models. A summary of flow regimes predicted for the void fraction, pressure drop and

heat transfer data from the present study is provided in Table 7.1. The largest portions of

Table 7.1: Flow Regimes Predicted by Nema (2007) for R404A Data from the

Present Study
Regime a AP
Intermittent 4 4
Intermittent/Annular] 22 22
Intermittent/Discrete 17 16 10
Wave
Discrete Wave 45 45 63
Disperse Wave 21 54 67
Annular 33 178 186
Mist 0 45 69
Total 142 364 402
203

www.manaraa.com



the pressure drop and heat transfer data are in the annular flow regime. In this section, a
void fraction model is presented first, followed by the pressure drop and heat transfer

models, which use the void fraction model developed from this work as a basis.

7.1 Void Fraction Model

The vapor drift flux velocity was used here to develop a model for the void fraction. The
derivation of the vapor drift flux velocity was conducted based on an approach similar to

that presented by Ishii et al. (1976). A schematic of the analysis is shown in Figure 7.1.

Pwal
/ e — I
I - Ti
|

g I
I U,
I
I
I
Ti |
-
Pi
Figure 7.1: Schematic of Perimeters and Shear Stresses for Void Fraction Model
Development
The one-dimensional momentum equations for each phase are:
Vapor Phase Momentum
_(ﬁﬂ) j_TiPi (7.1)
dz w8 aA '
Liquid Phase Momentum
dP Tt Pt T.P
B — _—wall” wall __ it 72
[dz p‘gj All—a) A(l-a) (7:2)
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Where P; is the perimeter of the interface and Py, is the perimeter of the wall. The ratio
of the interfacial perimeter to wall perimeter can be represented by the non-dimensional

term:

P
é:_P_ (7.3)

wall
Subtracting Equation 7.2 from 7.1, the following result is obtained for equal pressure
gradients in both phases.

_ Tyl _ TR [l+ 1 }: Tyabva TR (7.4)
All-a) Ala l1-a] A(l-a) Ac(l-a)

By rearranging and balancing the interfacial and wall shear forces, the following equation

1s obtained:

i

1

(44

P

wall

=T

wall

(7.5)

To obtain a closed form solution, the shear stresses in the liquid film and at the interface

need to be defined. The film shear stress is defined as:

U U
wau=—flpl 1 (7.6)
2
The interfacial shear stress is defined as:
"o U?
T, = Jip 2 - (7.7

Where U, is the relative velocity between the two phases and can be related to the vapor
drift flux velocity using the following relation:

V.=U, -j=(1-a)U, (7.8)

Vi

Substituting Equations 7.6 and 7.7 into 7.5, the force balance can be written in terms of

velocities and friction factors.
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foUZ\E _( £AU U, (7.9)
2 a 2 wall

Rearrangement of Equation 7.9 yields the following expression for the relative velocity,

U? =£ij(&j[@jul|m|a (7.10)
Li\p )\ R

The liquid film velocity can be approximated using the relationship:

U =j/(l-a) (7.11)

U;, between the two phases

Substituting Equation 7.11 and 7.8 into Equation 7.10, the vapor drift flux velocity can be

72 _[ L) A B |, 2
(2] 2] B @12

The interfacial friction has been predicted by previous researchers in two-phase flow.

approximated as follows:

Wallis (1969) developed one of the original equations for interfacial friction and more

recently, Garimella et al. (2005) developed a formulation specific for condensing flow:

LZA.XaRef[ Ca, j (7.13)
| l-o

The interfacial friction factor ratio was defined by Garimella et al. (2005) as a function of

the Martinelli parameter, X =\/(dp/dz)ﬂl / (dp/dz),, , the liquid Reynolds number,

Re, = (1_x)'G'D/[ﬂ1 -(1+0{°‘5)] and the liquid Capillary number, Ca, =4, - j, /o . The

model in the present study uses the Garimella ef al. (2005) friction factor ratio while Ishii
et al. (1976) used the Hewitt and Hall-Taylor (1970) equation for predicting the liquid
friction factor and the Wallis (1969) correlation for predicting the interfacial friction
factor. Also, the model from the present study differs from the work of Ishii et al. (1976)

by yielding a modified closed form solution (Equation 7.12) for the vapor drift flux
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velocity that uses the non-dimensional terms for the friction factor ratio from Garimella
et al. (2005) with coefficients and exponents obtained from a regression analysis. The
friction factor ratio of Garimella et al. (2005) was used here because it was specifically
developed for condensing refrigerants in small channels. The resulting vapor drift flux

velocity equation can then be interpreted in terms of the parameters:

\ijf(x,Rel,cal, 12 @,\/E,]} (7.14)
p, \ R

It was observed that the bulk measured void fraction was not strongly dependent on
diameter, mass flux, or flow regime as discussed in Section 6.7. Therefore, the Reynolds
number, and perimeter ratio are not considered to be particularly significant, and are
excluded from the formulation. It was also deemed that any minor gains in accuracy by
retaining void fraction as a dependent variable would be offset by the requirement of an
iterative solution; therefore, the void fraction was also excluded from the formulation.
The vapor drift flux velocity should approach zero resulting in the void fraction
approaching the homogeneous model as the critical pressure is approached. To account
for this observation, an additional minus one is included in the density ratio term. As a
result, as the critical pressure is approached, the density ratio will tend to unity and the
drift flux will approach zero. The formulation is simplified based on these idealizations

to yield the following vapor drift velocity equation:

d
‘7vj=A-Xb-Ca;‘( /%_ ] j (7.15)

Using this equation as the basis, a regression analysis was conducted only on data in the
annular flow regime (23% of data) because the physical considerations are based on this
flow mechanism, and the results were extrapolated to the data from the other regimes.

The analysis yielded the following expression.

0.81
v, =O.336-X°‘25-Cal°'154-[ ﬂ—l] j (7.16)
P,
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The resulting vapor drift flux velocity correlation differs from the Ishii er al. (1976)
model in several ways. The present model includes the effects of surface tension, while
the properties accounted for in the Ishii er al. (1976) model are phase densities and
viscosities. The present model is also simple to use because it does not need iterative
computations, and accounts for the effects of properties at near-critical pressures. As the
critical pressure is approached, the drift flux velocity approaches O and the void fraction
tends to the homogeneous model prediction. The vapor drift flux velocity is related to

void fraction as follows:

B

A

(7.17)

It is important to note that the drift flux distribution function C, = 1 was found to yield
the best agreement over all flow regimes for the data from the present study. The void

fraction predictions from this model are shown in Figure 7.2. The model predicts 92.3%
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3
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Figure 7.2: Overall Void Fraction Prediction
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Figure 7.3: Void Fraction Predictions for 7, = 30, 40, 50 and 60°C

Table 7.2: Void Fraction Model Predictions

Regime AAD AD Data <25%
g % % Deviation
Intermittent 31.4 16.0 57.1
Intermittent/Annular 8.3 -5.8 91.4
Intermittent/Discrete 16.3 5.8 88.2
Wave
Discrete Wave 11.4 4.1 88.9
Disperse Wave 5.1 0.4 100.0
Annular 5.6 2.2 100.0
Total 10.3 0.2 92.3
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of the all the data from the present study within + 25% with an AAD and AD of 10.3 and
0.2%, respectively. The R? value of the model is 88.4%. The predictions for each
saturation temperature are shown in Figure 7.3. A summary of the average deviations is
shown in Table 7.2. The model predicts all data in the annular, disperse wave, and
intermittent/annular regime very well. The model predicts these flow regimes well
despite being developed using annular flow as the basis. It was observed that other than
intermittent flow at low qualities, the flow regime did not have a significant influence on
the measured bulk void fraction values. In the present study, a thin film of condensate
was always present along the top surface of the tube during wavy flow. Therefore, the
differences in shapes between annular and wavy flow interfaces for the conditions for the
present study are not substantial, leading to good predictions using the same drift flux
model. The model over-predicts 4 data points from the discrete wave, 1 data point
intermittent/discrete wave, and 1 data point from the intermittent regime by a substantial

margin. These data points were measured at low qualities and have high uncertainties.

The void fraction model is able to represent the trends in data well. The slight
discontinuity observed in the model curves is a result of the transition that occurs from
laminar to turbulent flow in the liquid phase. Here the Martinelli parameter transitions
from X — Xy As quality approaches unity, the model tends to unity, representing the
vapor phase. At high qualities (x > 0.95,) although the void fraction tends to 1, the
inflection in the predicted void fractions is not supported by data, which were generally
limited to x < 0.95. Therefore, this model is only recommended for qualities ranging
from 0.05 to 0.95. As the saturation temperature is increased (Figure 7.3,) void fraction
decreases. This is also illustrated in Figure 7.4(a), where increasing saturation
temperature results in a diminishing difference between the vapor and liquid properties
(e.g., density,) reducing the average velocity differences between the two phases. As the

critical temperature is approached, the void fraction model approaches values
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corresponding to the homogeneous flow values.

This is observed mathematically in

Equation 7.16, in which the vapor drift velocity approaches 0 as the density ratio

approaches unity. The effects of mass flux on void fraction are shown in Figure 7.4(b),

where it can be seen that the mass flux does not appreciably influence the void fraction,

as was also the case with the measured data.

The predictions of this void fraction model are also compared with the void fraction data

obtained by Winkler ef al. (2012). A comparison of their data and the predictions of the
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Figure 7.4: Illustration of Void Fraction Prediction Trends for Different (a)

Saturation Temperatures and (b) Mass Fluxes
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present model is shown in Figure 7.5. The present model predicts 70% of the R134a data
of Winkler et al. (2012) within 25% with an AAD and AD of 15.6 and -4.0%,
respectively. The present model under predicts the data of Winkler ef al. (2012) in the
discrete wave flow regime with an AAD and AD of 9.1 and -8.0%, respectively. This
under prediction may be due to their measured void fractions not accounting for the upper
liquid film. The present model does not predict the data of Winkler et al. (2012) in the
intermittent-discrete wave and intermittent flow regimes well. The AAD and AD of the
present model when compared to their data in the intermittent flow regime are 30.6 and
8.3%, respectively, while the AAD and AD of the present model when compared to their
data in the intermittent-discrete wave region are 21.3 and -5.3%, respectively. In the
present study, the highest uncertainties in measured void fraction were at low qualities
due to the sensitivity of the void fraction to quality. The difficulty in measuring void

fraction in these regions may have led to the low agreement.

A comparison of the predictions of the present model for void fractions of refrigerants
R404A and R134a is shown in Figure 7.6. At low qualities, the void fraction of R134a is
greater. For example, at x = 0.2, the predicted void fraction for R134a is a = 0.57, while
for R404A, the corresponding value is a = 0.49. The predicted void fraction for R134a is
15% larger than that of R404A, and as quality decreases, the deviation in predicted void
fraction between R134a and R404A increases. While the model predicts the void fraction
of R404A to be greater than that of R134a at high qualities (x > 0.5), the resulting
predictions are very similar with a maximum deviation between the two of 4.1% at x =
0.87 (for R134a, a = 0.87, for R404A, a = 0.90) indicating that the model is predicting
similar film thicknesses for both fluids. As quality increases, the homogeneous void
fraction model for both fluids approaches one. The larger difference in phase densities of
R134a results in a larger vapor drift flux velocity and therefore, a slightly lower predicted

void fraction at higher qualities.
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7.2 Pressure Drop Model

This section describes the multi-regime pressure drop model for condensing flow
developed from the data taken in the present study. The model is divided into an
intermittent regime, and a continuous vapor core (CVC) region that encompasses annular
and wavy flow. The annular and wavy flow model is presented first, followed by a
discussion of the intermittent regime model. The predictions of the resulting model are

then compared with the data from this study.

7.2.1 Annular and Wavy Regime

Annular and wavy flow regimes in this study were observed to have a liquid annulus film
around the entire circumference of the tube and a fast moving vapor core. A schematic of
the vapor and liquid distribution in these regimes is shown in Figure 7.7. The approach is
based on the model presented by Garimella ef al. (2005) and assumes that the flow is

steady, that the liquid film is uniform, the pressure gradient across the vapor core and

/S S S S S S SSSSSS
AnnutarFim UL

Us Gas Core

TAnadlar Film
LSS
Figure 7.7 Schematic of Vapor-Liquid Distribution as the Basis for the Pressure
Drop Model Adapted from Garimella ez al. (2005)

liquid film are equal and that there is no entrainment of liquid droplets in the vapor core.
Applying a force balance on a finite segment of the vapor core results in the equation:

Az
{@j _4 (7.18)
dz f D.

1
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The interfacial shear stress can be evaluated in terms of an interfacial friction factor, f;,

and the vapor density and velocity.

1
z =5fivaf (7.19)
Substituting the interfacial shear stress, 1;, from Equation 7.19 to the numerator of

Equation 7.18 results in:

_(‘CZZ_’Z’J :% £oUD (7.20)
)

The interfacial diameter, D;, and vapor velocity, Uy, can be written using void fraction, a,

hydraulic diameter, D, and superficial gas velocity, j.

—(d—PJ _1 fpjia®D! (7.21)
dz); 2

This interfacial friction factor, f;, is modeled by relating it to the single-phase Churchill

(1977) liquid friction factor.

/12

(8/Re)” +

-L5

F=8. (7.22)

16
2.457-In ! +(37530/Re)"*
0.9
(7/Re) +0.27-(¢/ D)

The interfacial roughness increases with increased liquid momentum, and is dampened
out by gravitational, viscous and surface tension forces. Therefore, the interfacial friction

factor is approximated by:

d e
S qx .Re;.(&j (ﬂj (7.23)
1 l_a pv

where the liquid Reynolds number, Re, =(1—x)-G-D/ [,ul -(1+0:°'5)}, and the liquid

Capillary number, Ca, = [ - (1-x)- G] / (p, - o) The interfacial friction factor for annular
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fv

flow is a function of the Martinelli parameter, X =\/(dp/dz)fl / (dp/dz).. , the liquid

Reynolds number, Re, =(1—X)-G-D/ [,ul-(1+a°‘5)], and a modified version of the

liquid capillary number, Ca,/(1-a)=[g, j] / [O'(I—a)] which was first presented by
Lee and Lee (2001) to account for surface tension forces. The density ratio term was
included to account for the variation in fluid properties for varying saturation
temperatures. For the wavy flow regime, in which there is a significant stratified liquid
pool, gravitational forces can be considered to be the dominant force for surface wave
dampening. The interfacial friction factor then takes the form of:

Lo p.x" RefFil, (ﬂj (7.24)
f p

1 v

The modified Froude number, Fr, , = G-x/ \/D-g o, (p - pv) , replaces the capillary

number for wavy flows because gravity becomes dominant. For the pressure drop
measurements in the present study, vapor core flows were all in the turbulent regime,
while liquid film flows were laminar, transitional, or turbulent. The Reynolds number
dependence in laminar (Re; < 2100) and turbulent (Re; > 3400) film flows is expected to
be different. Therefore, a separate regression analysis was conducted for cases with
laminar and turbulent flows for the annular and wavy flow regimes. In the transition
region, a linear interpolation between the lower limit of the turbulent region and the

upper end of the laminar region is used to obtain the interfacial friction factor.

Reiun—RE Re,—Re_,, ..
.= crit.tur A —+ crit.lam . (725)
f; [ Re _ Re f;,cnt,ldm Re _ Re f;,crlt,turb

crit.turb critlam

crit.turb crit.Jlam

In this equation, Recit b = 3400, and Reitjam = 2100, and the liquid Reynolds number,
Rey, is used to interpolate between the two values calculated at the respective limiting

Reynolds number values. Figure 7.8 shows the representative transition region between
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Figure 7.8: Typical Transition Region For Interpolation Between Laminar and
Turbulent Liquid Reynolds Number Values

Table 7.3: Empirical Constants for Predicting Pressure Drop During Annular
and Wavy Flow with Laminar and Turbulent Liquid Phases

Annular
-0.258 0.1
[ L~ 0.0007. x4 . Re". (&j (ﬂj
f —a) (n
0.07 05
Turbulent L =1.72- X% 'Rel_o‘m' (&j {ﬂ}
1 l-a pv
Wavy
0.6717
Laminar S =0.0001- X **7 - Re; *"- Frl%* (&]
1 v
0.614
fi _ 0.49 02 1.-00%| O
Turbulent —==1.634-X""-Re;"-Fr | —
1 Iov
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laminar and turbulent liquid Reynolds number values. This approach allows for a smooth
transition between predicted laminar and turbulent pressure drop. A summary of the

regression constants for annular and wavy flow is shown in Table 7.3.

7.2.2 Intermittent Regime

The pressure drop in the intermittent regime is modeled using an approach based on
previous work by Fukano et al. (1989), Garimella et al. (2002), and Chung and Kawaji
(2004), where the two-phase flow is divided into two distinct regions. The regions
consist of a film/bubble and liquid slug region as presented in Figure 7.9. Both regions
are assumed to be axi-symmetric. Vapor bubble symmetry was always observed in the
0.508 and 1.00 mm diameter tube data; however, some of the 3.00 mm diameter tube data
exhibit some stratification of the bubbles due to the increased importance of gravity on

liquid-vapor distribution at such diameters.

Film-Slug

TranSition\ |_|qu|d Vapor

Region
[ S S KA S SN

N L

WT a
D. | Doubbie Ububbe <—Us'”9 '
q X

=~ Ufilm

S S SSSSSSSSSSSSSSSAS S S

* L oubble g leug 7

Figure 7.9: Schematic of Unit Cell During Intermittent Flow (Garimella et al.,
2002)
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The pressure drop is modeled for a unit cell consisting of a single vapor bubble and liquid
slug. The total pressure drop within a unit cell is due to the sum of the pressure drop in
the film-vapor bubble region, (dP/dz), the liquid slug, (dP/dz)q.e, and the transitions
between the film/bubble and slug regions, AP.,,. Thus, it accounts for the acceleration of
the liquid as it flows around the bubble and deceleration as it flows from the bubble
region to the liquid slug region downstream. The average pressure drop per unit cell can

be predicted by:

L
(d—Pj = (d—Pj Do +(d—P) ML+ AP, L (7.26)
dz f dz )y, Lyc dz slug Ly Ly

The details of the intermittent regime model are presented in Appendix D and a summary
of the equations and methodology is presented below. In the pressure drop experiments
conducted in the present study, only four out of all the data points were predicted by the
Nema (2007) flow regime map to be in the intermittent regime. The other observed
intermittent data points from the present study were predicted to be in either the
intermittent-annular or intermittent-discrete wave flow regimes. It was found that using a
model specific to the intermittent flow regime for predicting pressure drop instead of
using the annular/wavy flow model described above yields a small improvement in
accuracy in predicting the data from the present study in the intermittent and transitional
regimes. Thus, applying only the annular and wavy flow model to all the data from the
present study results in an AAD and AD of 12.7% and 1.3%, respectively, and predicts
85.5% of the data within 25%. When applying the intermittent model in combination
with the annular and wavy flow model, the AAD and AD are 12.5% and -0.9%,
respectively, with 86.9% of the data predicted within 25%. Given the fact that the
intermittent flow model could only be validated with four data points, it was deemed that
adequate confirmation of its modeling of intermittent phenomena had not been achieved

in this study. In addition, the marginal improvement in the overall predictions did not
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warrant the added complexity of using the intermittent flow model. If additional pressure
drop data in the intermittent flow regime are obtained for such operating conditions and
geometries by future researchers, the model outlined here can serve as a starting point,

and can be refined and validated further.

A summary of the equations for this preliminary intermittent pressure drop model is
shown in Table 7.4. First, the unit cell parameters are obtained using Equations D.4, D.7,
D.12 and D.16-D.18. The pressure drops in each region of the unit cell can then be
calculated using Equations D.2 and D.13. The solutions to the interface velocity
(Equation D.12) and the film/bubble pressure gradient (Equation D.13) are obtained
iteratively. The pressure loss from the transitions around the vapor bubble is calculated
using Equation D.14, and the overall pressure gradient for a unit cell is predicted using

Equation 7.26.

7.2.3 Summary of Predictions

The pressure drops predicted using the models described above are compared with the
measured values in Figure 7.10 categorized by tube diameter and in Figure 7.11
categorized by flow regime. Predicted and measured pressure drops for all data points
are also shown in Figure 7.12 as a function of quality and mass flux for the different
tubes and saturation conditions investigated in this study. The model is able to predict
values and trends of the pressure drop for each tube diameter and saturation temperature
well, with 85.5% of the data predicted within £25% with an AAD of 12.7%. The R?
value of the model predictions to the data from the present study is 98.4%. A summary
of the deviations for the different tube diameters is displayed in Table 7.5, while the
deviations categorized by saturation temperature are shown in Table 7.6. In addition, the

predictive capabilities for each flow regime are shown in Table 7.7. Agreement between
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Table 7.4: Summary of Equations for Predicting Pressure Drop in the

Intermittent Flow Regime

Unit Cell Parameters

Bubble Diameter

Rbubble = V abubble Rtube

0.5 0.1 1 0.9
Xslug =0.3521= (&J (&J ( Xtran j
pl /UV xtran

Where opubble 1 predicting using Equations 7.16 and 7.17 with X, from

D.16

Unit Cell Length

% —0.19. Bo™"% . R4

slug

D.18

Vapor Bubble Length

2
o= (Lbubble J[ Rbubble j
LUC Rtube

D.17

Slug Velocity

__J
slug l—a

D4

Bubble Velocity

Ububble = 2.4 . BO_O'132 . Rel_O'IOS. j

D.7

Interface Velocity

—R?

bubble )

R2

tube

_(de
_ dz f/b(
interface

o
Ufilm = l]imerface/2

D.12

Pressure Loss Components

Pressure Gradient in Liquid Slug

dP 1,
(d_jsmg: slug EplUslugD

fsug 1s calculated using the Churchill (1977) correlation (Equation 7.20)
where Re = Regue = p1 Usiug ,Ul-l

D.2

Pressure Gradient in Film/Bubble Region

2
(d_Pj _ f pv (Ububble B Uinterface)
— Jfilm

dz f/b 4Rbubb1e

friim 1s calculated using the Churchill (1977) correlation (Equation 7.20)
where Re = Regiim = p1 Usiim (D-Doubble) ,Ul_l-

D.13

Transitional Pressure Loss

2
R
APtran =P [1 - (%J jl(Ububble - Ufilm )(USIUg - Ufilm )

tube

D.14

Pressure Drop Per Unit Cell

(2] ~(£2) Do (£]) Euppp, L
dz ), dz )i Lyc dz ) Luc Ly
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Figure 7.10: Frictional Pressure Gradient Predictions Categorized by Tube
Diameter

the predictions and the data is best for the smallest tube diameter (D = 0.508 mm) where
the flow is mostly predicted to be annular, and pressure drop is the greatest. The
agreement with mist, annular and disperse wave flow regimes is very good with each
resulting in an AAD of 11.4, 11.8, and 11.3%, respectively. The agreement in the
discrete wave, discrete wave-intermittent, and intermittent flow regime is lower. There
were very few data points predicted by the Nema flow map in the intermittent flow
regime (4 data points.) The discrete wave (45 data points) and discrete wave-intermittent
transition (16 data points) regimes were typically encountered at low qualities and low
mass fluxes during large diameter tube (D = 3.05 mm) experiments. In these ranges,
experimental uncertainty was the highest. Despite over-predicting much of the data in

this region, it can be observed in Figure 7.12 that most of the predicted values fall within
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Figure 7.11: Frictional Pressure Gradient Predictions Categorized by Flow
Regime

the experimental uncertainty. There are several discontinuities and slope changes in the
model lines plotted in Figure 7.12. These discontinuities and slope changes are in part
due to deviations in the actual mass flux for the particular data point from the nominal
value, and not because of changes in any fundamental mechanisms for pressure drop. A
representative example of such deviations from the nominal values can be seen for the
case when the nominal condition is T = 30°C, D = 0.508 mm and G = 800 kg m2st

For this case, at x = 0.69, the mass flux is G = 780 kg m? s'l, while at x = 0.76, G = 821
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Table 7.5: Pressure Drop Model Predictions by Tube Diameter

D (mm) AAD AD Data < 2-5%
% % Deviation
3.05 11.7 3.8 89.7
1.00 15.5 -8.3 77.6
0.508 10.0 0.9 90.8
Overall 12.7 1.3 85.5

Table 7.6: Pressure Drop Model Predictions by Saturation Temperature

R AAD AD Data <25%
T (°C) % % Deviation
30 11.6 -1.4 92.2
40 12.7 -1.1 84.3
50 14.8 3.3 77.5
60 11.9 0.9 87.5

Table 7.7: Pressure Drop Model Predictions by Flow Regime

Regime AAD AD Data < 25%
g % % Deviation
Intermittent 28.4 28.4 50.0
Annular-
Intermittent 13.9 4.2 89.3
Discrete-

Intermittent 19.7 3.7 333
Discrete Wave 14.8 1.4 86.4
Disperse Wave 11.3 3.2 87.9
Annular Film 11.8 -2.8 86.2

Mist 114 2.3 92.2

kg m?s’, resulting in a sharp local increase in predicted and measured pressure drops.
The 0.508 mm diameter tube has the largest pressure drop, which can influence the
experimental mass flux that is achieved for a given nominal mass flux. Therefore, these
types of variations are observed more frequently for data at this tube diameter and at high

mass fluxes.
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Application of the annular flow model to the transition region results in reasonable
agreement (Table 7.7.) The agreement in the annular-intermittent transition region is
good with an AAD of 13.9% and 89.5% of the data being predicted within 25%.
Agreement is not as good for the discrete wave-intermittent transition regime (Table 7.7),

which is due to the high experimental uncertainties.

Trends predicted by the pressure drop model are shown in Figure 7.13. The top plot
demonstrates the effects of mass flux and quality on predicted pressure drop. As quality
and mass flux increase, the predicted pressure drop increases. However, there is a
discontinuity observed at each mass flux. This is due to the discontinuity in predicted
Martinelli Parameter, where the liquid phase transitions from laminar to turbulent flow.
As the mass flux decreases, this transition occurs at lower qualities where more liquid

inventory is needed to achieve turbulent flow in the liquid phase.

The effects of saturation temperature are shown in the center plot in Figure 7.13. As the
saturation temperature increases, the predicted pressure drop decreases. As previously
discussed, the density ratio approaches 1 as saturation temperature is increased. This
decreasing difference in phase velocities results in a decrease in interfacial shear. As
saturation temperature is increased, the liquid density and viscosity decrease. The
decrease in these properties results in a larger liquid Reynolds number at a given mass
flux and quality. This causes the discontinuity associated with the Martinelli Parameter
to occur at increasing qualities for increasing saturation temperatures.

The influence of tube diameter on predicted pressure drop is displayed in the bottom plot

in Figure 7.13. As expected, pressure drop increases with decreasing tube diameter.
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7.3 Heat Transfer Model

This section details the heat transfer model developed for microchannel condensation
based on the experiments conducted in this study. A majority of the experimental data
(65%) are predicted to be in the annular regime with the remaining data being predicted
to be in the wavy flow regime. There were no data points in the intermittent regime
based on the Nema (2007) flow regime map. The annular flow model is presented first,
followed by the wavy flow model and then the comparison of the predictions from the

model with the measured heat transfer coefficients.

The model was first developed using the R404 A data from this study, and is subsequently
used to predict ammonia (NHj3) condensation data obtained by Fronk and Garimella
(2012). In addition, this model, developed for circular tubes based on data from the
present study was modified using condensation heat transfer coefficients measured by
Fronk and Garimella (2010) in rectangular geometries to extend the range of applicability

of the model.

7.3.1 Annular Model

The annular flow model is based on the two-phase multiplier approach of Thome et al.
(2003). In this approach, the focus is on the annular film characteristics instead of the
bulk liquid flow. The model of Thome et al. (2003) was adapted from previous flow
boiling work for refrigerants reported by Kattan et al. (1998b). In a similar manner, the
Nusselt number for the present study can be written based on the film thickness, 0,
instead of the tube diameter. The film thickness is assumed uniform around the entire
tube. The film Nusselt number depends on the liquid Reynolds and Prandtl numbers,

analogous to single phase flow, coupled with a two-phase multiplier, ¢.
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h,.o0
k,

Nu=

=A-Re/-Py"-¢ (7.27)

where the liquid Reynolds number is defined as Re, =(1-x)-G-D / [,ul -(1+0{0'5)] , and

the Prandtl number is defined as Pr, =c,, - & /k, . The film thickness is deduced using the

void fraction model from the present study described above (Equations 7.16-17.)

5=%(D—Di)=§(1—\/5) (7.28)

The film thickness is assumed to be uniform and smooth but it was observed that there
are significant disturbances throughout the condensation process resulting in a dynamic
film thickness. Thome et al. (2003) used the two-phase multiplier to account for the
increase in heat transfer area, and reduction in film thickness, as a result of the vapor-
liquid interface being roughened by the difference in phase velocities and liquid
properties. Therefore, in the present study, it is assumed that the two-phase multiplier

depends on the difference in phase velocities.

I o [

The average phase velocities are displayed in more convenient terms to show the

influence of the respective parameters on the two-phase multiplier. The first two terms,
the quality and density ratio, are similar to what Andresen (2007) used for his annular
flow model. The product of these terms accounts for the effect of reduced pressure. For
example, as the reduced pressure is increased, the difference in phase velocities decreases
because the liquid and vapor densities approach each other. This results in a decrease in

interfacial disturbances, and therefore a decrease in heat transfer.
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A regression analysis was conducted to obtain the empirical constants for the Nusselt
number correlation. Exponents n and m were assumed to be 0.8 and 0.4. Although m =
0.4 should be used for heating in the Dittus and Boelter (1930) equation, previous
researchers Dobson and Chato (1998) and Shah (1979) recommend its use for
condensation. The regression analysis yielded the empirical constants A = 0.0049 and b

=0.69. The resulting Nusselt number equation becomes:

h 5 U 0.69
Nu = =22==0.0049 Re!*-Pr’* [1 + [ u J } (7.30)

1 1

The constant b, is very similar to that predicted by Thome et al. (2003) which was 0.72.
Although other properties, e.g., surface tension, are expected to influence the interface,
they do not appear explicitly in this equation. However, surface tension is used implicitly

through its use in the expression for void fraction, a.

7.3.2 Annular Condensation in Noncircular Geometries

Several different microchannel shapes are employed for heat exchanger design. In an
effort to increase the applicability of the microchannel heat transfer model developed
here, an attempt was made to extend its applicability to account for different channel

shapes.

In square channels, surface tension pulls liquid into the corners resulting in a locally thin
film along much of the channel wetted perimeter. At low qualities, there is a large
amount of liquid present, and the film thickness is predicted reasonably well using the
hydraulic diameter and Equation 7.28. As quality increases, the liquid inventory
decreases and a more substantial portion of the liquid volume is pulled to the corners.

This results in an increased thinning along a large portion of the rectangular walls, with a
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film thickness significantly lower than that predicted by Equation 7.28. Wang and Rose
(2006) investigated this behavior in square geometries computationally. An example of
the film profile for condensing R134a in square channels from their study is shown in

Figure 7.14.

The thinning of the liquid film becomes significant for qualities, x > 0.6, as observed by
Wang and Rose (2006). This effect is shown in the film thickness plots from their work
in Figure 7.14, starting from the upper left plot where x = 0.98, to the lower left plot
where x = 0.60. The thinning of the film thickness results in a decreased thermal
resistance, increasing heat transfer coefficients. With this understanding as the basis, the
film thickness, o, in Equation 7.30 can be adjusted to account for this thinning effect.
The effective film thickness, Jes, is a function of surface tension, phase densities, and

quality. To account for these influences, an effective film thickness equation was
developed using the Bond number, Bo=(p —p,) g-D’ /0', and the ratio of phase
velocities.

1 1
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Figure 7.14: Film Profile for Condensing R134a in 1 mm Square Channels from
the Computational Study of Wang and Rose (2006)
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%:1_A.Bob.(ﬂj (7.31)

1

All experiments in the present study were conducted on circular tubes. To determine the
empirical constants for Equation 7.31, a regression analysis was conducted on
condensing carbon dioxide data through rectangular microchannels presented by Fronk
and Garimella (2010). This yielded empirical constants A = 0.025, b = -0.471 and ¢ =

1.1, resulting in the following effective film thickness equation:

1.1
Ot =1-0.025-Bo™"" (&j (7.32)
o U

1

The effective film thickness, d.s, approaches d, as quality decreases and thins as quality
increases. As surface tension increases, the thinning increases as predicted. The

effective film thickness correlation should only be applied to rectangular channels.

7.3.3 Wavy Flow Model

Heat transfer in the wavy flow regime is typically addressed based on two regions, the
liquid film on the upper portion of the tube, and the lower stratified pool portion. A

cross-sectional schematic of the wavy flow regime is displayed in Figure 7.15.

The overall wavy flow Nusselt number can be predicted as a sum of the film and pool

components.
Nuwavy :ENuﬁlm-i_(l__)Nupool (733)

The wetted perimeter in contact with the liquid pool and film condensate is determined
using the angle, #, which is predicted using the void fraction model from the present

study.
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(1—a)=(1—iJ——sin(27z—6) (7.34)

The film and pool contributions are determined using the approach presented by
Andresen (2007). The film condensation analysis was derived analytically assuming no

shear at the vapor liquid interface. The derivation yields the following film Nusselt

1/4
Nug, =(%j[1¢a {JL-'_I}J (7.35)
q,

— D3gpl (Iol _pv)cp,l
Hhk,
Cp,l (T;at _Ti'nner Wa]l)

Ja, = : (7.37)
b

number.

where

Ra (7.36)

\%

The contribution of the liquid pool is approximated using a two-phase multiplier applied
to a single-phase turbulent flow correlation. The approach is similar to that of Andresen

(2007), Cavallini et al. (2002) and Dobson and Chato (1998) with the only difference

—----.

N u pool

Figure 7.15: Cross-Sectional Schematic of the Wavy Flow Regime
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being the two-phase multiplier. The two-phase multiplier presented by Andresen (2007)

b c
Nu,,, = A-Rel Pr/* [1+[ X J {ﬂj
—x) Lp,

where the liquid Reynolds number is defined as Re, =(1—x)-G-D / 4, , and the Prandtl

is used here.

(7.38)

number is defined as Pr,=c -4 / k, . Regression analysis on the wavy flow regime data

from the present study yielded the empirical constants to be A = 0.0066, b = 0.74, and ¢ =
1.5. Inserting Equations 7.55 and 7.38 into Equation 7.33 results in the overall wavy

flow regime Nusselt number model.

174
h,..D
Nuwavy :&:(@j Ra L_}.l
k, 2 Ja,

0.74 151 0
+0.0066- Re"* Pr* [1 + (LJ (ﬂJ ](1 ——J
I-x P, 2z

7.3.4 Summary of Predictions

(7.39)

The heat transfer model predicts 94% of the data from the present study within 25%, with
an AAD of 11.4%. The comparison of predicted versus experimental heat transfer
coefficients is presented in Figure 7.16 categorized by tube diameter and in Figure 7.17
categorized by flow regime. A summary of deviations categorized according to tube

diameter and saturation temperature is presented in Tables 7.8 and 7.9, respectively.

The predicted and measured heat transfer coefficients are plotted versus quality and mass
flux for each tube diameter and saturation temperature under consideration in Figure
7.18. The model is able to predict the trends in the data for each tube diameter and with
saturation temperature well. In Figure 7.18, there are some discontinuities and slope

changes in the model prediction line that are explained by differences in the nominal
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Figure 7.16: Heat Transfer Coefficient Predictions for R404A by Tube Diameter

operating conditions. For example, at Tg, = 40°C, G = 800 kg m> s"l, there are a few
data points (x = 0.43, and x = 0.52) where the heat transfer coefficient values and
predictions are much lower than those adjacent data points. In these cases, the mass flux
for the experiment was G = 775 kg m? s for x = 0.43 and G = 785 kg m? s for x =
0.52, while the adjacent point at x = 0.65 is at a mass flux of G = 804 kg m?s”. Overall,
the model slightly over predicts the measured heat transfer coefficients (AD = 4.6%),
with the largest discrepancies at the highest mass fluxes. The R” of the model for heat
transfer data from the present study is 93%. The experimental uncertainty at high mass
fluxes is the highest, which may explain the lower degree of agreement in this region.
The model predicts the trend of increasing heat transfer coefficient with decreasing tube
diameter well. Similarly, the trends in increasing saturation temperature are captured by

the model.
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Figure 7.17: Heat Transfer Coefficient Predictions for R404A by Flow Regime

To evaluate the range of applicability of the model, its predictions were compared to data
obtained for different fluids. Fronk and Garimella (2012) investigated condensing
Ammonia (NH3) in a round, microchannel tube (D = 1.435 mm) at reduced pressures
ranging from 0.1 < p; < 0.23 and mass fluxes of 75 and 150 kg m?s”'. The Nema (2007)

flow regime map predicts all of the data from these operting conditions in the annular and
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annular-intermittent flow regime. Overall, there is good agreement between the heat
transfer coefficients predicted by the annular flow heat transfer model from the present
study and their data with an AAD of 13.6%, with 84.8% of the data predicted within
25%. The R? value from the model developed in this study and their data is 85.3%. A
comparison of the present model and the data of Fronk and Garimella (2012) is shown in
Figure 7.19 and summarized in Tables 7.8 and 7.9. The results are also categorized by
flow regime in Table 7.10. The model slightly over-predicts their heat transfer
coefficients with an AD = 10.0% at the lowest reduced pressure (p, = 0.10), and slightly
under-predicts their heat transfer coefficients with an AD =-16.0% at the highest reduced
pressure (p; = 0.23.) Despite the drastically different properties of R404A and NHj3, and
mass fluxes almost an order of magnitude smaller than those of this study, the agreement
of their data with the present model is significantly better than with the models from the
literature with which Fronk and Garimella (2012) compared their data. They found the
best agreement of their data to be with the models of Bandhauer et al. (2006) and Dobson

and Chato (1998), both with an AAD of 28%.

Table 7.8: Heat Transfer Model Predictions by Tube Diameter

e e I
3.05 11.7 0.2 94.0

N LS 12.5 8.0 91.3
0.860 9.6 75 95.8
Overall | 114 4.6 93.6

NH; 1.435 13.6 -4.6 84.8
0.160 10.4 -8.0 100.0

0.150 11.3 47 97.7

CO, 0.133 11.2 7.3 90.4
0.100 8.9 23 100.0
Overall | 105 0.5 97.0

All 11.4 2.3 93.4
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Table 7.9: Heat Transfer Model Predictions by Saturation Temperature

. o AAD AD Data < 25%
Fluid | T (°C) Pr % % Deviation
30 0.38 11.9 4.1 94.0
40 0.49 11.9 8.7 95.7
R404A
50 0.62 11.1 53 90.5
60 0.77 9.6 -0.2 97.3
30 0.10 11.5 10.0 89.5
40 0.14 10.8 -1.1 97.3
NH;
50 0.18 15.2 -11.4 74.4
60 0.23 16.9 -16.0 78.4
15 0.69 8.9 0.4 100.0
CO, 20 0.78 9.1 2.7 100.0
25 0.87 13.2 3.8 914

Table 7.10: Heat Transfer Model Predictions by Flow Regime

Fluid Regime A%D 1}? D;g‘a;:
Deviation|
Intermittent
Annular-Intermittent 8.5 8.5 100.0
Discrete Wave-Intermittent|] 11.7 -6.2 86.4
R404A Discrete Wave 10.6 1.9 95.0
Disperse Wave 10.9 4.7 97.5
Annular 11.5 7.5 93.2
Mist 14.8 -3.5 83.0
Intermittent 18.6 -16.4 65.0
Annular-Intermittent 13.9 10.0 87.0
N Annular 12.6 5.6 88.0
Mist
Intermittent 2.7 2.7 100
Annular-Intermittent 8.7 -0.5 98.0
0: Annular 113 0.9 96.6
Mist
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Figure 7.19: Heat Transfer Coefficient Predictions for R404A, NH; (Fronk and
Garimella, 2012), and CO; (Fronk and Garimella, 2010)

The present model adapted for rectangular geometries was also used to predict the data

from Fronk and Garimella (2010) for condensing CO, in rectangular channels with

hydraulic diameters ranging from 100 < Dy < 160 um, reduced pressures from 0.69 < p, <

0.87, and mass fluxes from 400 < G <800 kg m2s?!

Agreement with the data is excellent, with 97% of data being predicted within 25% and

an AAD of 10.5%. The R* value of the model developed from this study and their data is

86.7%. A comparison of predicted versus experimental heat transfer coefficients of
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Fronk and Garimella (2010, 2012) for CO; and NH3 is shown in Figure 7.19. A summary
of the results is presented for varying hydraulic diameter and saturation temperature in
Tables 7.8 and 7.9, respectively. The model is able to capture the effect of decreasing
hydraulic diameter. Similarly, the heat transfer model predicts changes in saturation

temperature well.

Trends in the heat transfer coefficients predicted by the present model are shown in
Figure 7.20. The top plot demonstrates the effects of mass flux and quality on predicted
heat transfer coefficient. As expected, heat transfer coefficients increase with increasing
mass flux and quality. The model predicts a decrease in heat transfer coefficient with
increasing saturation temperature, as was seen in the experiments. In the annular flow
regime, this decrease is a result of decreased interfacial shear. In the wavy flow regime,
the conductivity and latent heat decrease with increasing saturation temperature, resulting
in a decrease in heat transfer coefficient. The effect of tube diameter on predicted heat
transfer coefficient is demonstrated in the lower plot and follows expected trends. A
comparison of model predictions for varying fluids is presented in Figure 7.21 For the
same tube diameter and mass flux, the predicted heat transfer coefficient for R404A (Ty
= 30°C, p; = 0.38,) NH;3 (T, = 30°C, p; = 0.10,) and CO; (Tsy = 18°C, p, = 0.75) are
plotted for the entire condensation process. The heat transfer coefficient of NHj is
significantly higher than that of R404A and CO,. This demonstrates the superior
transport properties of NH; compared to those of R404A. Heat transfer coefficient
predictions for R404A and CO; are similar with CO, heat transfer coefficients being
slightly higher than those of R404A. For example, at x = 0.90, the predicted heat transfer
coefficient for R404A is 4549 W m? K! while for CO,, the heat transfer coefficient is
4927 W m2 K. The reduced pressure of R404A is about half of CO; in this case, which

counteracts the poorer thermophysical properties of R404A compared to those of COs.
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Figure 7.20: Illustration of Heat Transfer Model Trends

Overall, the model developed here was in good agreement with data from the present
study, and on microchannel condensation for three different fluids; R404A, NHs, and

CO; from Fronk and Garimella (2010, 2012). The model predicts 93.4% of data from

242

www.manaraa.com



the present study and from Fronk and Garimella (2010, 2012) within 25% with an AAD

of 11.4%. The circular tube model was developed solely from R404A data from this

work and was found to predict NHs data from Fronk and Garimella (2012) well. To

account for the varying film thickness along the channel perimeter in rectangular

geometries, an effective film thickness model for rectangular channels was developed and

fit to the CO; data of Fronk and Garimella (2010) with very good agreement.

< 60000
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Figure 7.21: Prediction of Heat Transfer Model for R404A, NH3, and CO;
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CHAPTER 8: CONCLUSIONS AND RECOMMENDATIONS

A comprehensive investigation of flow regimes, void fraction, pressure drop, and heat
transfer for condensation through microchannels was conducted. Experiments were
conducted on refrigerant R404A throughout the entire condensation range at varying
mass fluxes (200 < G < 800 kg m™ s™) and saturation temperatures from 30 to 60°C. At
these saturation temperatures, condensation occurs over a wide range of mid-to-high
reduced pressures (0.38 < p, < 0.77.) High speed video recordings of the condensation
process at high pressures were obtained in three tube diameters, D = 0.508, 1.00, and 3.00
mm. Four major flow regimes were observed (annular, stratified, intermittent, and
dispersed) and the observed flow transitions were found to agree well with the Nema
(2007) flow regime map. An image analysis program was developed to measure void
fraction from the high-speed video data. The void fraction data agreed well with the
Baroczy (1965) correlation, but a new model based on physical insights from the present
study was developed. This model agreed well with the data from the present study (AAD
=10.3%, AD = 0.2%), predicting 92% of the data within 25%. The model also predicted
void fraction data obtained for condensing R134a reasonably well (Winkler et al., 2012),
AAD = 15%, AD = -4%.) Also, the model predicted the trends with respect to tube

diameter and saturation temperature well, and converges to the homogeneous model as

the reduced pressure approaches unity.

The void fraction model and the Nema (2007) flow regime map were used as the building
blocks for pressure drop and heat transfer models. A multi-regime pressure drop
correlation was developed from pressure drop data on 0.508, 1.00, and 3.05 mm diameter
tubes. The intermittent regime model developed using the approach used by Garimella
et al. (2002). However, only four pressure drop data points from the present study were
in the intermittent regime, thus not providing adequate validation for the model. In

addition, the improvement in overall model predictions offered by including the
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intermittent model was not substantial enough to warrant the added complexity. If
additional data are available in the intermittent regime in the future, this model can be
used as a starting point and refined further based on those data. The void fraction model
was used to obtain the vapor-liquid interfacial perimeter for the wavy and annular
pressure drop model. For wavy flow, gravitation forces were assumed to dampen waves,
resulting in a smooth vapor-liquid interface. For annular flow, surface tension forces
were assumed to exert a dampening influence on interfacial waves. Therefore, the
Froude and capillary numbers were used to model the interfacial friction factors for wavy
and annular flows, respectively. A linear interpolation between the interfacial friction
factors in these regimes was suggested for the transition region. The model agreed well
with the measured pressure drop data with an AAD and AD of 12.7 and 1.3%,

respectively. It predicts 85.5% of the data within 25%.

A multi-regime heat transfer model was also developed based on data for condensing
R404A through 0.86, 1.55, and 3.05 mm diameter tubes. The wavy flow model was
developed based on the approach of Andresen (2007). The void fraction model
developed here was used to determine the area of the wetted perimeter in contact with the
gravity driven film condensate and the convective liquid pool. The annular flow model
was developed based on the two-phase multiplier approach of Thome et al. (2003) using
the film thickness as the characteristic length. The liquid film thickness was deduced
from the void fraction model developed in this study. The model agreed well with the
data, predicting 93.6% within 25%, with an AAD and AD of 11.4% and 4.6%,
respectively. The annular flow heat transfer model was also able to predict the data of
Fronk and Garimella (2012) for condensation of NHj3 at low reduced pressures (0.10 < p,
< 0.23) through a circular 1.435 mm diameter tube, with an AAD and AD of 13.5% and -
4.6%, respectively. It predicted 84.7% of the data within 25%. Based on observations

from the literature, the annular model was further extended to rectangular microchannel
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geometries. For this, the characteristic film thickness was adjusted to account for the
thinning of the film condensate in rectangular geometries at high qualities. The resulting
extended model for rectangular geometries was compared to condensing CO, data of
Fronk and Garimella (2010) in tubes with varying hydraulic diameters from 100 to 160
um. Agreement with their data was very good, predicting 97% of the data within 25%,

with an AAD and AD of 10.5 and 0.5%, respectively.

The findings and correlations developed from this work make an important contribution
to the understanding of condensation over a wide range of pressures, mass fluxes and
microchannel diameters. This increased understanding will yield more accurate and
efficient condenser designs, and yield better estimates of fluid inventories in two-phase
systems. In addition, the image analysis tool will result in accurate local and bulk
measurements of void fraction and vapor bubble parameters in future investigations of

two-phase flow and phase change phenomena.

Recommendations for Future work

This investigation has led to an increased understanding of condensation in
microchannels over a wide range of operating conditions. However, there are still several
key issues that require further investigation.

e The intermittent flow pressure drop model was not fully validated in the present
study. To assist in obtaining a better understanding of this regime, additional
measurements of intermittent flow during condensation are required.
Measurements of bubble/slug size and length variations and distributions are
some of the parameters that would help achieve this enhanced understanding.
Because intermittent flows often occur in small diameter channels at low

qualities, and mass fluxes, measurements of pressure drop and heat transfer
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coefficients in this regime are particularly challenging, and will perhaps require
different methods than those that were employed in the present study.

Optical visualization of flow parameters such as film thickness becomes
increasingly challenging at hydraulic diameters < 0.5 mm. In addition, in disperse
flows, interface tracking through direct optical flow visualization is not possible.
In such cases, measurement of secondary parameters such as electrical
capacitance/impedance to deduce these flow parameters could be employed with
increased accuracies.

Microchannel heat exchangers often use channels with noncircular geometries.
Visualization of condensing flows in such noncircular geometries, especially for
Dy < 1 mm, are needed to further validate and refine flow regime maps such as
those by Nema (2007). Such studies will also provide insights into the film
thinning in surface tension driven flows in channels with sharp corners, and the
associated increase in heat transfer coefficients.

The present study focused on understanding condensation in single, circular tubes.
Multi-port microchannel designs may experience flow maldistribution. An
example of maldistribution is shown in Figure 8.1. Maldistribution can
significantly influence the local flow regimes and void fractions, and in turn, the
local pressure drop and heat transfer. A better understanding of the effects and
causes of maldistribution, and development of methods to minimize it or mitigate
its effects will lead to better, more compact and efficient phase-change heat
transfer devices.

In the present study, high uncertainties in measured heat transfer coefficients were
observed at high mass fluxes, high qualities, low reduced pressures, and small
tube diameters. Under these conditions, refrigerant heat transfer coefficients are
expected to be large and ensuring that the refrigerant resistance is the largest can

be challenging. Future work should focus on alternative methods for measuring
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such high heat transfer coefficients across small temperature differences on the
order of 0.1 K during condensation in microchannels.

e Similar investigations of void fraction, pressure drop, and heat transfer should be
conducted on alternative condensing fluids, including zeotropic mixtures, which
will increasingly gain importance as working fluids, and will present additional
challenges through species transport and mass transfer resistances in one or both

phases.

e’ oY TN . VN "W coa- W T—

—w—

Figure 8.1: Observed Flow Maldistribution in Condensing R404A Through 1.00
mm Diameter Tubes
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APPENDIX A - UNCERTAINTY PROPAGATION
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Uncertainty propagation analyses were conducted using the Engineering Equation Solver
platform. A sample calculation for uncertainty in heat transfer and pressure drop
measurements is presented here following the examples presented in Chapter 4 and in
more detail in Appendix B.1 and B.2. The measured values for the representative data
point presented here can be found in Tables 4.1-4.3. The representative data point

presented here is for D = 3.05 mm Ty = 31.15°C, G = 806 kg m™ 5™, and X est.ave = 0.85.

A.1. LARGE TUBE TEST FACILITY HEAT DUTY UNCERTAINTY

The heat duty in the test section is measured using the thermal amplification technique

and requires heat duties from the secondary heat exchanger, Q heat losses to the

ec ?

ambient, Qloss, et » and heat additions from the pump, Q (Equation 4.16.) Heat loss

pump
and pump addition uncertainties are conservatively assumed to be *50% of calculated
values. The uncertainty in the measured heat duty in the secondary heat exchanger is a
function of temperature and pressure measurements used to determine the inlet and outlet
enthalpies, and the mass flow rate of the coolant. The resulting uncertainty in the
secondary heat exchanger is:

. 2 . 2 . 2
(U ) )2 — aQsec Um + a'Qsec U,‘ + -aQsec Ui (Al)
Oee amsec sec di wsec,in Ji wsec.out

w,sec,in w,sec,out

Differentiating for the respective terms results in:

2 . 2 ) 2 . 2
() =AU U U )
where
. 2

(v, )= (;;—U J =(e,u, ) (A.3)

2 aiw sec,out ’ 2 A4

(Vi) = 57200 | = (U ) (A4)
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The uncertainty in the mass flow rate arises from the uncertainty (0.15% of the measured

value) in the measured flow rate from the Coriolis flow meter, U, = 1.957x107° kg/s .

The uncertainty in the measured enthalpies is:

U =0,

Iw,sec,in ‘w,sec,out

= (4.19 kI/kg-K)(0.25 K) =1.05 kl/kg

Substituting the calculated values into Equation A.2 results in an uncertainty in the

measured secondary heat duty of:

U, =\/(47.45 KI/kg-1.96x10°° kg/s) +2(3.9x10° ke/s-1.05 k/kg)” =5.87 W

This uncertainty in measured secondary heat duty is 3.2% of the measured value

(Q.. =185.8 W.) The uncertainty in measured test section heat duty is deduced from

Equation 4.16 and is:

5 a . 2 a . 2 a . 2
(U ) ) — Q‘Iext U. + _ Qtext U. + .Qtexr U. (AS)
G a Qsec O a Qlosx ,ambient Ciows bt a qump lemp

Differentiating for the respective terms results in:
2 2 2 2
(UQiPSI ) - (UQaec ) + (UQIoss .ambient ) + ( Uqump ) (A. 6)

Substituting the result of Equation A.2, and assessing a conservative 50% for the
calculated pump addition and heat losses, the resulting uncertainty in test section heat

duty is:

U, =y(587 W) +(1.62W) +(11 W) =12.58 W

This uncertainty in test section heat duty is 7.8% of the measured value (0, =160.5 W .)

The pump heat addition in this example is the biggest contributor to uncertainty and is
about 6.8%. The ambient heat losses in this case are low (1%) due to the low saturation

temperature.

251

www.manaraa.com



A.2. UA

To determine the uncertainty in measured heat transfer coefficient, the uncertainty in UA
is required. The UA is calculated using Equation 4.19 and is a function of test section

heat duty and test section LMTD. Thus, the uncertainty in UA is:

2 2
(Uw) =(§QLAU%J +(85M%ULMTD) (A7)
Differentiating for the respective terrt::; results in:
2 . 2
(Uu) = (ﬁ% j +[%UMDJ (A.8)

The uncertainty in test section heat duty was calculated in Appendix A.l, while the
uncertainty in LMTD is a function of the measured coolant and refrigerant temperatures.

Equation 4.20 describes the calculation of the LMTD, the corresponding uncertainty is

given by:
2 2 2 2
JLMTD OLMTD JLMTD JLMTD
(ULMTD )2 ) ( aTref»i" UTM ] +[ aTmf’Ou‘ UTM ] " [ aTw,Pri,lest,in UT \J ’ ( aTw,Pri,tesl,out UT] (A.9)
Differentiating for the respective terms results in the following terms:
OLMTD _ 1 AT -AT, I 575
oT,,, W(AL/AT) [In(AT,/AT,)] AT
aLMTD:_ 1 N AT, - AT, : 1 — 04388
Tpou  W(AT/AT) [In(AT,/AT,)] ATy A0
OLMTD _ 1 L AT-AT, 1 e '
aTw,pre,in ln (AT; /ATZ) I:ln (A]-i /ATVZ ):'2 ATZ
OLMTD __ 1 N AT, - AT, 1 —_0.575

O, pewu  WM(AT/AT)  [n(AT,/AT,)] AT,
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The uncertainty in measured coolant temperatures is U, =0.25°C and the uncertainty in

measured refrigerant temperature is a function of measured pressure. The uncertainty in
measured refrigerant temperature is:

or
U,(P)=S2U, (A.11)

Approximating the differential results in:

T _T[P+U,1-T[P-U,] (A.12)
oP 2U, '

The uncertainty in measured pressure, U,, is 0.075% of the range (0.2586 kPa);

therefore, the resulting uncertainty in measured refrigerant temperature is:

303.7-303.7 K
2(0.2586 kPa)

U,(P) :[ J(O.2586 kPa)=0.1K

Substituting the respective values into Equation A.9, the resulting uncertainty in LMTD
is:

Uy = \/(0.575-0.1)2 +(0.439-0.1)" +(=0.575-0.25)" +(-0.439-0.25)° =0.189 K

This uncertainty in UA is calculated using Equation A.8:

1 ? w ? w
UUAz\/(O.IE(IZ.SSW)j +(—1.35F(0.189K)J =1.183E

This uncertainty in UA is 8% of the measured value (14.8 W K'.)

A.3. HEAT TRANSFER COEFFICIENT

The condensation heat transfer coefficient is deduced from Equation 4.28. The
uncertainties in measured heat transfer area, wall thermal resistance, and heat transfer in
the reducer and tee are neglected. The resulting uncertainty is a function of uncertainties

in calculated UA and coolant side heat transfer coefficient.
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> (oh > (on Y
(v,) =(ﬁUUAJ J{ahr thj (A.13)

Differentiating for the respective terms results in the following terms:

oh 11 1 ]
- . >=1188 m”

UA Aref (UA) (I/UA_l/thw _Rwull) (A 14)
oh A 1 1 '

T W 5 2 :—04339
ahw Aref (thw) (1/UA_ 1/hw14w - Rwall)

An uncertainty of 25% is assessed for the calculated water side heat transfer coefficient
and the uncertainty in UA was deduced in Appendix A.2. The resulting uncertainty in

heat transfer coefficient is calculated using Equation A.13.

U, :\/(1188 m?-1.183 W/K)2 +(—0.43-3419 W/mz—K)z =2027 Wim?-K

This uncertainty in the measured heat transfer coefficient is 18.3% of the measured value

(h, =10884 W/m>-K .)

A.4. FRICTIONAL PRESSURE DROP

The frictional pressure drop is deduced from the measured pressure drop, inlet
contractions and outlet expansions, and the deceleration of the two-phase flow during
condensation (Equation 4.30.) The expansion, contraction and deceleration terms are
calculated values and an uncertainty of 50% is assessed to these components. The
uncertainty in frictional pressure drop is:

2 2
2 OAP, OAP,
(UAPf ) = { aAP : UAPmeasured ] + [ aAP : UAPdece]eralion ]

measured deceleration

2
2N S O (Y
aAP AE:onlraclion aAP APexpam‘ion

contraction expansion

(A.15)
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Differentiating for the respective terms results in the following terms:

)2 +(UAPWM )2 (A.16)

(UN? )2 Z(UAPmsumd )2 +(UAPdmelemtim )2 +(UAP

contraction

The uncertainty in measured pressure drop is obtained from the pressure transducer

(0.075% of the range) and is U,,  =46.54 Pa. The resulting uncertainty in frictional

pressure drop from Equation A.16 is:

Uy, = \/(46.54 Pa)’ +(965.5 Pa)’ + (2366 Pa)’ + (804 Pa)’ =2679 Pa

This uncertainty in the frictional pressure drop is 18.5% of the measured value
(AP, =14465Pa.) A significant portion of the uncertainty comes from the inlet and
outlet losses of the test section. The predicted contraction uncertainty is 16% of the

frictional pressure drop, the expansion uncertainty is 5.5% of the frictional pressure drop,

and the deceleration is 6.7% of the frictional pressure drop.

A.5. SMALL TUBE TEST FACILITY HEAT DUTY

The uncertainty in heat transfer coefficient and pressure drop in the small tube test
facility follows the same approach as presented in Appendices A.1 to A.4. The only
difference in formulation is in the prediction of test section heat duty. The test section
heat duty in the small tube test facility is deduced using Equation 4.42 and is a function in
the difference in thermodynamic states at the inlet and outlet of the pre- and post-heaters,
the heat addition of the heaters and the heat losses through the system. The uncertainty in

test section heat duty is:

. 2 . 2 . 2
(U . )2 — (aQ[ES[ U j + aQ[CS[ U + aQ[CS[ U
Qn:.\-; N Vhr ; ir, re-heat,in ; ir. ost-heat,out
amr aqu pre-heat,in e alr, post-heat,out P (A 17)
) .

. 2 . 2 .
+ anre-heater U ) + aQtes[ U ) + aQtes[ U )
pre-hea st ss,ambi
aQ Opre-heater aQ prm heater aQ Qloss ambient
pre-heater post-heater loss,ambient
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Differentiating for the respective terms results in the following terms:

(U, )2 = (Ao Uy, )+, - )2 Hmou, )2

+Hu, )2 U, )2 o, )2 (A.18)

The uncertainty in ambient heat losses is assumed to be 50% of the calculated value. The
uncertainties in measured refrigerant flow rate (0.10% of reading) and heater inputs
(0.2% of reading) are determined based on vendor specifications for the respective
equipment and instrumentation. The uncertainty in the measured enthalpies is deduced
from the pressure and temperature measurements and the refrigerant property functions.

The resulting uncertainty in measured heat duty calculated by Equation A.18 is:

(161-1.125x10°)" +(1.125x107-0.3782) +(1.125x10°-0.335)’
U, = = 1154 W

N +(0.295) +(0.1474) +(0.931)’

This uncertainty in the test section heat duty is 3.0% of the measured value (

0., =38.15W.)
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APPENDIX B - SAMPLE DATA POINT CALCULATIONS
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Appendix B.1 - Sample Test Calculation for D= 3.05 (mm)

Primary Loop Refrigerant Loop Data Point
Ty e CC) | 20.19 P .. (kPa) 1475 Py 0.3926
Tw test, out ( ’ C) 2038 r test, in (kPa) 147 1 Cnuca_l (kPa) 3729

Vepm'ss) L2691 TR (P | raa9 | |G (ke/m’s) | 806
Secondary Loop B, post.ou (KP2) 1449 I);r fest ”gf 1(6)'25
T (C _(kPa . ate o ep

wreen(C)| 725 Frren (KP2) 15.66 Experiment 2010
Tw, sec,out(oc) 18'57 1’» pre, in ( C) 98'93 Rlln Of 55

. 3.92 T .. (°C) 31.55 Experiment
mW sec (kg/s) _3 1, pre, in,sat -

’ x10 . Assumed Variables
AT,y e CC) 67.38

Pre-Condenser : P, (kPa) 275.8
T (°C)| 923 T, pre, o (C) 32.99

w, pre, in . T ) 3145 amblent (kPa) 101.0

w pre, oul( C) 4642 r, test, in . & 085

Tr test, in,sat ( ’ C) 3 1 '40 =
(m*/s) 3.16

W o X10-6 EI’I’OI’; test, in

Post-Condenser “C) 0.05

Tw ost, in OC 56 N
S T o ('O | 30.85

Tw post, oul(oc) 145

Tr test, out, sat OC 30-95
1.83 Q)

x107 Error,

(m’/s)

w post

0.1

§®)
T, o (°C) 30.77
T, post, out (T C) 20.75
T, poston s C C) | 30.46
AT,y ot (CC) 9.71
m, (kg/s) 0.005881
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Heat Transfer Calculations — 16 September 2010 — Run 55

Inputs | Equations Results
Heat Losses in Pre-Condenser (Shell-and-Tube)
Dpre 0,8 = 381 mm ln Dpre, o8 Rwall =
D, i =34.8 mm (D) 2.104x107° K/W
Dpre, e 109 mm Izwall 27z-kpre sl'pre s
k. .=149 Wim-K
’ D R =7.764 KIW
k. =0.043 Wm-K I
Lo = 460 mm R = D pre, 0, s
8ins =0.85 ‘ 2ﬂ.klnSLpl'C s
0= radiation — Rradialion =1.356 K/W
5.67x10° Wm~ K™ 1 T,. =25.09°C
T'ambjem = 24720 C ginsﬂ.Dpre, ins, stre s (711?@ + Tafnblenl ) (Ylns + Tamblenl
Pa.mbient = 101 kpa
¢ =9.81 m/s* Tye = (Tog + Toppien ) 1 2 T,,=249°C
Tw pre, in = 923 ° C Prair ’ Vair ’ pair ’ kair ’ ﬁair = Tavg > })amblent ) Prair = 071
Tw, pre, out = 46420C Vair =
1.56x107 m*/s
P, =1.188 kg/m3
k. =0.026 W/m-K

B, =34x107 1/K

. . . T =27.83"
By assuming a negligible convective imner wall 83 °C
resistance in cooling lines:
inner wall = (Tw pre, in + Tw pre, out ) / 2
Ra =35152
3
Ra — gIBair (Y;ns - Tambiem ) pre, ins, s
Vﬂll'aall'
Nu =5.94
2 —
nat. conv.
2
By cone i 0.387Ra"® 1559 W/m®-K
nat. conv. ns - 0.60 +

Nu =

air

0.559

9/16 \8/27
Prair ]

g

(Churchill and Chu, 1975)
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Heat Transfer Calculations — 16 September 2010 — Run 55

Inputs Equations Results
— 1 Rnat. conv. = 4438 K/W
nat. conv.
hnat. conv.jz.l)ins Lpre, S
Q — (Tinner wall _Tambient) Qloss, pre — 0.353 W
loss, pre
R R . .
Rwaﬂ + Rins +[ nat. conv.” "radiation
Rnat. conv. + Rradiation

Heat Losses in Post-Condenser (Shell-and-Tube)

Dot 0. =38.1 mm
Dpost, s = 34.8 mm
Dpost, s = 100 mm
Koosi s =14.9 W/m-K
k.. =0.043 W/m-K
Lot o =206 mm

£, =0.85

O =

5.67x10° Wm~K™
T iene = 24.72°C

P i =101 kPa

2 =9.81 m/s’

Ty posiin =9:6°C

T =14.51°C

w, post, out

D R, =4.7x107 K/W
1n post, 0, s
RW _ D post, i, s
all —
272«']( post, s post, s
D R =17.34 KIW
ln post, 1ns, s
_ Dpost, 0, S
‘ 27z.kins Lpost, S
radiation — Rradiation =3.06 K/'W
1 T. =23.13°C
ins ﬂ-Dposl, ins, stost, so- (Yﬁq + 7;12nbient ) (ans + T;imbienl
Tan = (’Tins +Tambient)/ 2 Tavg = 23.930C
Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg ’ })ambient ) Prail— = 071

v, =1.56x107 m’/s
P, =1.188 kg/m’
k, =0.026 W/m-K

B, =34x107 1/K

’1;nner wall = 1 0 1 ’ C
By assuming a negligible convective
resistance in cooling lines:

71inner wall = (Tw, post, in + Tw, post, out ) / 2

Ra =152513
3
Ra — gﬁair (Tins - 7;1mbient ) Dpost, ins, s
Vairaair
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Heat Transfer Calculations — 16 September 2010 — Run 55

Inputs Equations Results
N nat. conv.” ins Nu =8.689
u =" =
kair hat. conv, —
2 2.279 W/m’-K
0.387Ra"®
0.60+ —
0.559
1+
Prair
(Churchill and Chu, 1975)
— 1 Rnal. conv. = 6781 K/W
nat. conv.
hnat. conv.jz.l)ins Lpre, S
Q — (znner wall _Tambient) Qloss, post — -0.75 W
loss, post R R .. (implies heat gain)
Rwau + I{im + nat. conv.” "radiation
A Rnat. conv. + Rradiation

Heat Losses in Refri

erant Tubing from Pre-Condenser Qutlet to Test Section Inlet

D, =10.2 mm

D e v o =12.7 mm
=100 mm

Kube.: =15.5 W/m-K
k.. =0.043 W/m-K
L =1016 mm

T, pre-to-test

tube, 1, i

S

r, ins

Es = 0.85

O =

5.67x10° Wm~K™
]—;mbienl = 24720C
Pambient = 101 kpa
2=9.81 m/s’

T =31.49°C

I, pre, out
T =32.99°C

1, test, in

_ -3
m(D‘“"Wj R, =2.22x10"° K/W
Iewaﬂ _ D tube, 1, i
Zﬂk tube, rlf, pre-to-test
D R =7.52 KIW
ln 1, ins
_ D tube, 1, 0
2ﬂ-kins Lr, pre-to-test
Rradialion = Rradiation = 06135 K/W
1 T. =25.19 °C
ginsﬂ-Dr, ins Lr, pre—to-testo-(zwir?s + Tafnbient ) (Tivns + ];mbient )
T..= (TmS +Tambiem)/2 T, =2472°C

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 })ambient

)

Pr, =0.71

v, =1.56x107 m’/s
P, =1.188 kg/m’

k,. =0.026 W/m-K

B =3.4x107 1/K
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Heat Transfer Calculations — 16 September 2010 — Run 55

Churchill and Chu, 1975)

Inputs Equations Results
By assuming a negligible convective Linerwar = 32.74°C
resistance in tubing:
7—;nner wall = (T; pre, out + T; test, in ) / 2
Ra = 44670
Ra — gﬁair (T;ns - T;mbient ) l)r3 ins a
Vairaair
Nu — _'nat. conv. ins — Nu = 6_316
kdll‘ nat. conv.
2 1.657 W/m*-K
0.387Rda"*
0.60+ S
0.559
1+
Prajr

. I Ron con = 1.89 KIW
nat. conv.
hnat. conv. D iner, pre-to-test
(’Z;nner wall _Tambienl ) QIOSS» pre-to-test 1.005 W

Qloss, pre-to-test

R R . .
Rwall + Rins +[ nat. conv.” ‘radiation
+R
Rnal. conv. radiation

Heat Losses in Refri

erant Tubing from Test Section Qutlet to Post-Condenser Inlet

D, =10.2 mm

D e v o =12.7 mm

D, ;.. =100 mm

e r =15.5 W/m-K
k.. =0.043 W/m-K
=1016 mm

tube, 1, 1

t~

T, test-to-post

hILDtube,r,o j
_ D tube, 1, i
27k

tube, r T, test-to-post

Rwall

R . =22x10"° K/IW

wall

( Dr ins J
h’l __Lms
Dtube, r,o

27k

ins Lr test-to-post

&HS =

R. =7518 KIW

e, =085
o= radiation — Rradiation =0.614 K/W
5.67x10° Wm~ K™ 1 T, =2508C
T'ambiem = 24720 C ginsﬂ-Dr, iner, lest—lo-poslo-(jzrfs + 7:jnbienl )(Y;ns + 7;mbienl )
Pambient = 101 kPa
Tavg = (Tins + Tambienl ) / 2 Tavg = 249 OC
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Heat Transfer Calculations — 16 September 2010 — Run 55

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 Pambient )

Inputs Equations Results
g=9.81m/s’ Pr, =0.71
Tr,[es[,ou[ =30890C Vair :156X10_5 mz/S
T;*, post, in =30.77"C pair = 1.188 kg/m3

k,. =0.025 W/m-K
B =3.4x107 1/K

By assuming a negligible convective T =30.83C
resistance in tubing:
inner wall = (7;, test, out + 7;, pre, in ) / 2
Ra= gﬁair (T;ns _T:lmbient)DrS:ins Ra =34546
Vairaair
2\Nu =592
hnatA conv. = 155 W/m2 _K
1/6
Nu — hnaL convADins — 060+ 0387Ra —
k. 9/16
( (0.559} J
1+
Prair
(Churchill and Chu, 1975)
— 1 Rnat. conv. = 2018 K/W
nat. conv.
hnat. COnV.”DinS Lr, teSt-tO-pOSt
- _ (Ti'nner wall _Tambienl) Qloss, test-to-post 0.76 W
Qloss, test-to-post
Rwau + Rins +( nat. conv.” radiation j
Rnal. conv. + Rradiation
Heat Losses In Secondary Heat Exchanger (Shell-and-Tube)
D R, =64x107 K/W
D,..,=254 mm In| —=>%°
D, =229 mm R, :i
’ 4 omk I
D,.. i, =100 mm sec”%ec
k. =149 WimK
k.. =0.043 W/m-K 1| Prcns R, =29.32 KIW
L. =173 mm D,
e =0.85 R = ok L
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Heat Transfer Calculations — 16 September 2010 — Run 55

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 })ambient )

Inputs Equations Results
o= radiation R[adiatign = 3629 K/W
5.67x10° Wm~ K™ 1 T . =23.76°C
]—;mbienl = 24720 C ginsﬂ.Dsec, ins Lseco- (7111 + Tarznbient ) (Ywins + Tambient )
Pmbient =101 kP T, = (T + Tyion )/ 2 T, =24.24°C
g =9.81 m/s* Pr,_ =0.71
Tw,sec,oul =18.57°C Vair :1.56X10_5 m2/S
Tw, sec, out = 725 ’ C

P, =1.188 kg/m’
k,. =0.026 W/m-K

B, =34x107 1/K

By assuming a negligible convective T . =1291°C
resistance in tubing:
7—;nner wall = (T; test, out + 7—; pre, in ) / 2
Ra: gIBair (Y;ns_j;mbient)D:ec,ins Ra =92451
Vairaair
2\Nu =7.617
h .. =1998 W/m?-K
1/6
Nu _ _nat. conv. ins — 060+ 0387Ra
k. o116 \8/27
( (0.559} J
1+
Prair
(Churchill and Chu, 1975)
1 R o =9.211 KIW
et eom - nat. conv. l)lﬂS LSCC
Qloss, sec = _037 w
Qloss = ( inner wall _Tambient) (implies heat gain)
Rwaﬂ + Rins +[ nat. conv.” ‘radiation J
nat. conv. + Rradiation
Heat Losses In Primary Loop
D,pe.r.; =10.2 mm D R, =3.452x10™ K/W
T kl tube, r, 0
D, ., =127 mm D
o tube, 1, i
D .. =76 mm R =
' 27[]( tube, rl‘prim‘ equiv.
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Inputs Equations Results
kop. . =15.3 W/m-K D R =1.456 K/W
k. =0.043 Wim-K n\ — i
tube, 1, 0
Lovim. cquiv, = 4-548 m R, = 270K L e
£ =0.85 -
O : radiation — Rradiation = 01811 K/W
1 T =24.43°C
-8 214 ins :
567X10 W orn K ginsﬂ.Dsec ins Lseco- (7111 + Tarznbient )(Ywins + Tambient )
]—;mbienl = 2472 C A — A A
Pa_mbiem — 101 kPa Tavg = (’Tins + Tambient ) / 2 Tavg = 24‘53 C
Pr. =0.71
¢=9.81 m/s’ Ty =0
T —20.19°C v, =1.56x107 m’/s
w, test, in o - =1.1 k 3
TW’ test, out 20.38°C Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg ’ Pambient ) pall’ 88 g/m
k. =0.026 W/m-K
_ —3
B. =34x107 1/K
By assuming a negligible convective T, .oy =2029°C
resistance in tubing:
7vinner wall = (Tw, test, out + Tw, test, in ) / 2
Ra:gﬁair(zns_j;mbiem)DrS:ins Ra =15956
Vairaair
2|Nu = 4.891
hnatA conv. = 169 W/m2 _K
1/6
NM — _‘nat.conv."7ins _ 060+ 0387Ra
k. /16 \8/27
[ (0.559J J
1+
Prair
(Churchill and Chu, 1975)
. 1 Ry con. = 0.5456 K/W
nat. conv.
hnat. conv.ﬂ’.D ins Lprim. equiv.
- _ (’Tinner wall _Tambienl ) Qloss, prim = T2T8S W
Qloss, prim
Rwall + Rins +[ nat. conv.” "radiation j
Rnat. conv. + Rradialion
Water Heat Transfer Coefficient in Test Section Annulus
Tw, test, in =20.19°C Tw, test, avg = (Tw, test, out + Tw, test, in ) /2 TW' test, ave =2029°C
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Inputs Equations Results
Tw, test, out = 20380C Prw == 6945
P, =275.8 kPa v, =9.96x107" m’/s
Prw’vw’pw’kw:f(theslavg’Pw) 3
Dannulus,i = 102 mm o pw = 9982 kg/m
D, ,=635mm k, =0.599 W/m-K
w, prim = Aunaes = (7/4) (D} iss = Do) A =502x10"m’
1.269x10™* (m’/s) Vi rim Ve = 2.537 m/s
annulus =
Aannulus
Dhydraulic = annulus, i - Dtest,o Dhydraulic = 385 mm
Re o Vot D Re e = 9801
annulus
w, prim
* " =0.6225
ro= Dlesl,o/Dannulus,i "
o014 Nu e =879
Nuturbulent = 025 Regrlzilus Pr348 (r ) e
(Garimella and Christensen, 1995)
h = _Nutllrbulcntkw hannulus =13677 W/ m2K1
annulus
Dhydraulic
[Heat Losses in Test Section
h . =13677 W/m’K' . .
Lannulus = 1524 mm annulus, o = Ranmﬂusv ° - 15 % 10 K/W
Dannulus,i — 102 mm annulus annulus, i “annulus
D s, =127 mm D R, =1.54x10" K/W
Dtest, ins = 100 min ln D ’
k. . =14.9 W/m-K R, = annulus |
27z'kannu1us ‘annulus
ki =0.043 W/m-K D R, =50.12 K/W
test, Ins ns
. =0.85 In| et
o= _ Dannulus,o
8 xr . 2 R = L
5.67x107 Wm K ins ~annulus
]—;mbienl - 24720C radiation = Rradiation = 4105 K/W
Pambient = 101 kPa 1 T;ns = 24450(:
ginsﬂ-Dlest, ins Lannuluso- (eri + 7:112nbient ) (Ywins + Embient )
Tavg = (Tins + Tambienl ) / 2 Tavg = 2459 OC
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Inputs Equations Results
g=9.81m/s’ Pr, =0.71
Ty ein = 20.19°C v, =1.56x107 m’/s
Ty tes.om = 20.38°C Pri Vies P Kuies B = S (Tygs Prsient) Py =1.188 kg/m’

k,, =0.026 W/m-K
B =3.4x107 1/K

w, pre

Ooss. e =0.353 W

T o =98.93°C
P on=1475kPa

m, =5.881x107° kg/s

pw,pre, in = f(Tw,pre, in’Pw)

Tw, test, avg = (Tw test, out + Tw, test, in ) / 2 TW» test, avg = 2029 ’ C
R gﬁair (];ns_];mbient)DSins Ra =25586
a = —
Vairaair
2INu =5.492
h oo =1.44 W/m’-K
nat. conv.” ins 0‘387Ra1/6
Nu = ZtensZes = 0,60+ s
it [ (0.559J J
1+
Prair
(Churchill and Chu, 1975)
R, _ 1 R o =14.51 K/IW
at. conv.
hnat. conv‘jz.D test, ins —annulus
Q = (T;nner wall _Tambiem) Qloss, test -0.08 W
loss, test X R N I{[ N RnaL conv4Rradiali0n (1mplles heat galn)
o v " Rnal. conv. + Rradialion
Average Test Section Quality
P, =275.8 kPa vy =Ty oo nsPy) iy e = 39:03 kl/kg
Tw’ pre.n =0 ¢ iw, pre, out = f(Tw pre, out ? Pw) lw,pre, out = 194.6 kJ/kg
T ore out = 46.42°C
V :3.2X10_6 m3/S pw,pre,in =999.4 kg/m3

14

mw, pre = pw,pre, in " w, pre

i =3.16x10" kg/s

W, pre

= mw, pre (lw, pre, out - lw, pre, in ) + Qluss, pre

Qpre

0,. =0.492 kW

1, pre, in, sat = f(Pr, pre, in? X = 1) Tr, pre, in, sat = 3 1 5 5 ’ C
AT‘sup, pre — T, pre,in -4y pre, in, sat A’[;up, pre = 6738 K
ir, pre, in = f(’]:' pre, in ? Pr pre, in ) ir, pre, in = 45 3 6 kJ/kg
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Inputs Equations Results
Qoss re-to-tes = 1005 w '
et ir re, out ir re,in Q-pre ir pre, out = 370 kJ/kg
P, o = 1471 kPa e e m, o
Tw ost, in :5‘60C .
o ° ir test, in ir re, out QIOSS’ P're""’le“ lr test, in 369 8 kJ/kg
Tw, post, out = 145 C ' ' e mr
7 _ -5 3 .
‘/'W’ post 1 8 x 10 m /S xr, test, in = f (lr,test,in ’ Pr,test.in ) xr, test, in = 09456
Qloss. post = =0.754 W _ _ £ P iy o = 23.83 kI/kg
Tr, post. out =20.75°C lw, post,in w, post,in > * w
Pr, post, out = 1449 kPa . iw post, out = 6113 kJ/kg
lw, post, out = f (Tw post, out ? Pw ) ' '
Qloss, test-to-post = 0‘765 W
= . =1000 kg/m’
})r, test, out 1449 kPa pw, post, in — f(TW post, in 2 Pw ) pw, post, in g
Tvr,pre,in, sat = 31550C .
]"r! post, out,sat — 30450C mw,posl = pw, post, inVW post mw post = 0 01 83 kg/S
onst = mw, post (iw, post, out w post, in ) Qloss post onsl 0.683 kW
T =30.45°C
1, post, out, sat = f (Pr, post, out * x = 0) post ot st
ATsub, post = ’Tr post, out - ’I; post, out, sat ATsub, post =9.71°C
ir, post, out = f (’Tr post, out ? Pr post, out) ir, post, out = 2283 kJ/kg
i =(i +%J i . =344.4 kl/kg
T, post, in T, post, out . I, post, in *
m,
. . Qloss, test-to-post . _ 44 5 k /k
lr, test, out = lr, post, in + - . lr, test, out 3 . J g
m,
xr, test, out = f (Pr, test, out ? ir, test, out ) xr, test, out = 07588
xtest, avg = (xtest, in + xtest, out ) / 2 lest avg 0 8522
Refrigerant Heat Transfer Coefficient
— ° — 3
T, o on =18.57°C = (T P iy oo =78.2x10° J/kg
T, ein=1.25C
P, =275.8 kPa Iy seei = F Ty secin> Poy) iy we; =30.7x10° J/kg
_ 3 -
W see 3 92X10 kg/s Qsec = mw,sec (iw, sec,0 iw, sec,i) Qsec 185 8 W
Qloss, test - _008 w Qloss, ambient = Qloss, test + Qloss, prim + Qloss, sec Qloss, ambient = _324 W
. _ . 2
Qpump =9.0397V i epm 1 0. 1304Vw prim, gpm qump oW

+0.4034V}

w, prim, gpm
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tee

tee ( D35 4 D—3/5)
test, o
(Incorpera and DeWitt, 1996)

Inputs Equations Results
Qloss, prim = _279 w Qlesl = Qsec + Qloss ambient qump Qtest = 160 5 W
Qloss, sec = —0.37 W ’Tr test, in, sat f( 1, test, in ° ir test, in) ’Tr test, in, sat 31.55°C
Vw prim, gpm - 2012 gpm Errorr test, in = 1, test, in - r, test, in, sat Errorr test, in 006°C
i =369.8 kJ/k . o
T test. in g ’Tr test, out, sat = f ( r, test, out ? lr test, uut) Tr test, out, sat = 3085 C
P, o = 1471 kPa S
’ Errorr test, out = ’I; test, out Tr test, out, sat Errorr test, out =0.04°C
oot oue = 344.5 kJ/kg
' _ LMTD _ (7—; test, in - TWA, test, out ) - (Tr test, out - Tw, test, in )
I)r fest out 1449 kPa lnli(Tr test, in _TWA, test, out )/(T;' test, out _TWA, test, in ):| LMTD = 1087OC
Tr test, in = 3150C
T st on = 30.8°C UA=Q,,/(LMTD) UA=14.77 W/K
ktest =398.3 W/m-K D R —131x10° K/W
T, i =20.19°C In| —ee
° Dlesl,i
Tw test, out = 2038 C Rwdll 2 k ( 2 (L L ))
z +2- +
hannu]uq =13677 W /m2K1 test ‘annulus reducer tee
Dtesli =3.048 mm si = 1 Rannlﬂusvi =2.4x107 K/W
Dtest,o — 63 5 mm annulusﬂ-D test, 0° —annulus
Lannulus = 1524 mm Tw, test, avg = (Tw, test, out + Tw, test, in ) / 2 TWv test, avg =20.29°C
L.\ =22.86 mm Pr, =6.945
= v, =9.96x107 m’/s
lJt 1321mm PI'w’vw’/)w’kw f( w,test, avg ? ) " 3
D ier =925 mm P, =998.2 kg/m
D,. =10.41 mm k, =0.599 W/m-K
test avg 0 8522 % _ gﬁ ( wall, o w test, avg) %: S.SXIOIO m—3
VWdV/
4
Ra* _ |:h'l( reducer/ test, 0 )] (Raj
reducer — _3/5 _3/5 73 Ra =14.96
(D test, 0 + D reducer) L reducer
(Incorpera and DeWitt, 1996)
Ra* |: ( lee/ test, 0 )] na
L3 Ra,, =52.04

for: 100<Ra_, <10’
Pr /4
k... =(k,)-0.386| ———— Ra
effective, reducer ( W) (0861 +Prw] (

(Irvine and Hartnett, 1975)

5

reducer

)1/4
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Inputs

Equations

Results

for: Ra’

reducer

<100

K ettective, reaucer = Koy

(Irvine and Hartnett, 1975)

effective, reducer —

0.599 W/m-K

for: 100 < Ra,_ <10’

1/4
Pr N2
K oo e = (K, )-0.386| ————— | (R
effective, tee ( W) (0861"1‘]?1'“,] ( alee)

effective, tee

for: Ra,, <100 0.599 W/m-K
K otrective, requcer = Ko
(Irvine and Hartnett, 1975)
h’l Dreducer
l)test,o Rreducer = 437 K/W

I{reducer =

27z.keffective, reducer lfeducer

D test, 0

Rtee =

R, =9.94 K/W

Zﬂk effective, tee Ltee
-1 _ p-l -1 -1 _
Rconv, equiv. Rannulus,i + 2 (Rtee + Rreducer ) Rconv, equiv. 0024 K/W

-1
hr = |:((]A)_1 _Rwall _Rconv.equiv.:| ’

h, =10884 W/m?>-K

I:ﬂ-Dtest,i (Lannulus + 2 (Lreducer + Ltee )):'_1
R = ! R =0.0427 K/W
' hr” D test, i (Lannulus + 2 (Lreducer + Ltee )) ' ‘
R
. R, =1.711

Tatio =
Rwall + Rconv. equiv.

((Tr test, in, sat - Tr, test, out, sat )/2 - Twall, o )

Oy = T, o =24.09°C
Rr + Rwall
. T =T .
Qreducer — 2 . ( wall, o w, test, avg ) Qreducer — 1739 W
reducer
. T =T .
Qtee — 2 . ( wall, o w, test, avg) Qtee — 0765 W
Rtee
. T ...-T .
Qannulus = ( B nem e ) Qannulus = 1581 W
Rannulus, i

[)r, test, avg = (Pr test, in + Pr test, out )/2

P =1460 kPa

r, test, avg
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ir, fg = f(})r, test, avg ? 'xr, test, avg) ir, fg = 13286 kJ/kg
Ax = L Ax =0.2054
mrlr,fg
271
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Inputs Equations Results
Dlee - 635 mm 141' — Acontraction — D contraction ’ Aatio, 1T 06834
Dconlraction = 457 mm ato. 1 Iqtee Dtee
2 A =0.444
D, ,=3.048 mm A= A :{ D, j raio, 2
o atio, 2 A A D A
n',Lr — 5 .8 8 1 x 10’3 kg/s . contraction : contraction
_m m, G =806 kg/m’-'s
xr, test, in = 09456 141651 0'25.7[.1)535{,1
Pr, test,in 1471 kPa Gcontraction =G- Aratio, 2 contraction =
xr, test, out — 0.7588 354 kg/mz- S
Pr, test, out = 1449 kPa Glee = G ’ Aratio, 1" “ratio, 2 Gtee = 156 kg/mz‘ S
B=0.25 |
AP . ... =15.658 kPa Ce = — : 06774
L. =04572m 0.639[1—(A, )| +1 ¢ =0.
(Chisholm, 1983)
1
CC,2 = 1/2
0.639[ 1= (A )] +1 Ce , =0.6928

(Chisholm, 1983)

(pl’/ul )in = f(xr, test, in’Pr, test, in)

P =1014 kg/m’
t =1.2x107 kg/m-s

(pv’ﬂv )in = f(xr,test,in’Pr,test,in)

P =79.07 kg/m’
U, =1.5x107 kg/m-s

(pl ’ lul )oul = f(xr, test, out ? Pr test, oul)

Prow =1017 kg/m’
M o =1.2%107 kg/m-s

(pv ’ Iuv )oul = f ('xr, test, out ? [)r test, out )

Py ou =17.7 kg/m’
U, o =1.5x107 kg/m-s

l//H = 1 + (% - 1} 'xr, test, in

(Hewitt, 1994)

v, =122
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Inputs

Equations

Results

contraction, 1

(Hewitt, 1994)

2
G i ) 1
_ __ contraction 1 _ o + — 1
20,5, [ i Ce Vi

AP

contraction, 1

=0.715 kPa

(Hewitt, 1994)

2
G’ 1
AP(:on raction, 2 = 1_ Arzd io, 2 +( _1] l//H
e 2pl,m( o CC,Z

AP =4.02 kPa

contraction, 2

AP, ... =4.73 kPa
Af)contraction = Af)contraction 1 + APcontraction 2 contaetion
’ ’ (30% of AP__ )
ys =1+
pl, out 1 B 1 2 W = 8 51
p - 'xr, test, out ( - xr, test, out ) + 'xr, test, out S ’
v, out
(Chisholm, 1983)
AP _ GzAratio, 2 (1 - Aratio, 2 ) ')VS
expansion,2 p] ) APexpansion, ) = 134 kPa
(Hewitt, 1994)
G . A . (1-A_
A ' — contraction © “ratio, 1 ( ratio, 1 )I/IS AP . — 0268 kPa
expansion, 1 p expansion, 1
1, out
(Hewitt, 1994)
Af)expansion = 161 kPa
APexpansion = Af)expansion, 1 + Af)exapansion, 2

(10% of AP )

0.74 0.65 0.13
1 + 1 - xr, test, out pv, out lltl, out
xr, test, out p 1, out luv, out

(Baroczy, 1965)

ar, test, in =
0.74 0.65 0.3
1+ M pv, in /ul, in a,r! o = 0.9708
Xr, test, in pl, in lllv, in
(Baroczy, 1965)
O st out =
-1
ar, test, out = 09377
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,
G’ X + (=)
pv, outa pl, out (1 - a) =% et ot
) — o |APdece1eration = 192 kPa
deceleration 2
e X’ . (1-x) (12% of AP )
Pv, nl pl, in (1 - a) o= es.in
(Carey, 1992)
APmeasured = APf - |APdecelerati0n + APcontrac'rion - APﬁXPaHSion APf - 1446 kPa
(92% of AP_.....)
AP,
VP =1L VP =31.62 kPa/m
Ltest
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Appendix B.2 - Sample Test Calculation for D= 1.55 (mm)

Primary Loop Refrigerant Loop Data Point
Tw, test, in (OC) 324 Pr pre-heat, in (kPa) 1810 pr 04855
Ty o CC) | 328 P q.in(kP2) 1810 P._..(kPa) 3729
Vw, prim (m%/S) 3i%§5 I)r, test, out (kPa) 1780 G (kg/mz's) 597
Pre-Heat : Poponeon(kP2) | 1778 X, st ave 0.7323
re-Heater - test,
: AP, . (kPa) 29.50 Date of 14 June
Qpre,hea[ (w ) 147.4 -
T o tenin CC) 23.8 Experiment 2011
Post-Heater r pre-heat, in : Run of
QPosl—heal (w ) 73 7 Tr pre-heat, in,sat ( C) 399 Experiment 120
ATy pre CC) 16.1 Assumed Variables
Tr, test, in (OC) 396 Pw(kPa) 2758
T, o insa CC) 39.85 P o (KP2) 101.0
Errorr test, in gins 085
i Y 0.25
O
Tr,lesl,out(oc) 39-5
Tr, test, out,sat ( ’ C) 39-84
Errorr test, out
. Y 0.34
O
7—;, post-heat, out ( ’ C) 5 1 O
T;, post-heat, out,sat ( ’ C) 39 84
A’1—;ub,post(cc) 11.16
m, (kg/s) 1.125%107
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Inputs | Equations Results
Heat Losses in Pre-Heater

D eneat o = 15.24 mm D R, =44x107 K/W

hl pre-heat, o

D re-heat, i
Dpre-heat,i =10.16 mm Rwa]l = 2k ——
Dpre-heat e = 25.4 mm 7T pre-heater assemblylheater, equiv.
1n D pre-heat, ins Rins - 7764
kpre—heater assembly Rl _ Dpre-heat, o
— 153 W/m-K " 2’7Z.kins lheater equiv.
kins - 0043 W/m_K Rmdiation = Rradialion = 2586 K/W
=95

Lheater, equiv. mm 1 T'ins = 23 7 8 ° C
giHS = 0'85 ginsﬂ.D pre-heat, ins Lhealer, equivAo-(T;r%s + Tﬁnbient ) (Ti'ns + T:'Ambient )
O =
5.67x10° Wm K™ Ty = Ty + Tonpien )/ 2 T,, =24.85C
]—;mbient = 230 C Prair s Vair s pair s kair s ﬁair = f (Tavg > Pambient ) Prair = 071
P =101kPa v
g=9.81m/s’ 1.54x107° m’/s
Tr, pre-heat, in = 23 ‘8 ’ C pair == 1.188 kg/m3
Tr, test, in = 39 ‘8 ’ C kair - 0.026 W/l’Il-K

B, =34x107 1/K

. . . T =31.79°
By assuming a negligible convective imerwan = 31.79°C
resistance in cooling lines:
inner wall = (T; pre-heat, in + 7—; test, in ) / 2
Ra =5982
3
Ra — 8 ﬁ air (ans - Tambiem ) D pre-heat, ins
Vairaair
Nu =3.875
2 —
nat. conv.
3.98 W/m®-K

0.387Ra"*

)T

(Churchill and Chu, 1975)

hnat, conv,Dins — 060+

air

Nu =
0.559
Prair
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Qloss, pre-heater

Rnat. conv. Rradialion J

Rnat. conv. + Rradiation

Rwall + I{ins + (

Inputs Equations Results
= 1 Rnal. conv. = 33 * 1 3 K/W
nat. conv.
h’nat. conv.jz.D pre-heat, ins Lhcater, equiv.
(anner wall TZ—;\mbiem ) QIOSS» pre-heater 0.255 W

Heat Losses in Post-Heater

D
D
D

=15.24 mm
=10.16 mm
=25.4 mm

post-heat, o
post-heat, i

post-heat, ins

Koo inea =15.3 W/m-K
k. =0.043 W/m-K

Lheater, equiv. = 95 mm

e, =0.85

0=

5.67)(10_8 W m_zK‘4
T;mbient = 2300C

Pa.mbient = 101 kPa
g=9.81 m/s>

Tr,test, out — 39.69°C

T =50.95°C

r, post-heat, out

D R . =4.7x10" K/IW
ln post-heat, o wall
_ D post-heat, i
Ry =7 .
7T post—heatl‘heater, equiv.
ln Dpost—heat, ins Rins - 1734
Rl _ D post-heat, o
ins
27Z.kins lheater, equiv.
radiation — Rradiation - 25.2 K/W
— T =31.82°C
ginsﬂ'Dpost—heut, ins l’heuter, equiv.O- (T;ns + T;lmbienl )(T;ns + T;lmbiem )

Tavg = (T;ns + Tambienl ) 12 Tavg =27.41 ° C
Prair > Vair > pair > kair > ﬁair = f (Tavg s Pambient ) Pl‘air = 07 1

v =154x10" m*/s
p.. =1.188 kg/m’
k. =0.026 W/m-K

B, =34x107 1/K

’1;nner wall = 45 32 ’ C
By assuming a negligible convective
resistance in cooling lines:
inner wall = (’Tr test, out + ’Tr post-heat, out ) / 2
Ra =14238
3
Ra — gﬂaj (T;ns L ambient ) Dpost—heat, ins
Vairaair
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Inputs Equations Results
2|Nu =4.758
hat. conv. —
hna conv Dins 0'387Ra1/6 489 W/m2 -K
Nu = Zmsteone s — | ) 6+ e
ar [ [0.559J }
1+
1)rair

(Churchill and Chu, 1975)

1 R, o =26.99 K/'W

nat. conv. =
hnat‘ conv. D insl‘hcater, equiv.
Q — ( inner wall _Embiem ) Qloss‘ post-heat =0.677 W
loss, post-heat —
R +R + nat. conv.” “radiation
vl Rns [ Rnat. conv. + Rradiation ]

Heat Losses in Tee from Pre-Heater Outlet to Test Section Inlet

D,.;=3.175 mm
D, ,=9.525 mm
D, in, =25.4 mm
k. =15.3 W/m-K
k... =0.043 W/m-K
Lice. equivy = 799 mm
s = 0.85

o=

5.67x10° Wm K™
T, biene = 23.0°C

P et =101 kPa

g =9.81 m/s’

T e =39.8°C

11’1 D tee, 0
D tee, i

R,

R, ., =0.143 K/W

wall

all —
27[]( tee l’tee, equiv.
D R, =45.45 K/W
1 n tee, 1ns
_ Dtee, o
‘ 27[]( ins Ltee, equiv.
Rradiation = Rradialion = 3062 K/W
1 T =27.54°C
ginsﬂ.Dlee, ins tee, equivAo-(’I;js + 7:112nbienl )(Ti'ns + ’Tambient )
Tavg = (T;ns + Tambienl ) / 2 Tavg = 25 27 OC

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 })ambient )

Pr, =0.71

v, =1.54x107 m’/s
P, =1.188 kg/m’

k,. =0.026 W/m-K

B =3.4x107 1/K
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Inputs Equations Results
By assuming a negligible convective e wan = 39.8°C
resistance in tubing:
inner wall = Tr, test, in
Ra =7329
Ra — gﬂair (Tins - Tambiem ) Dtie, ins 4
Vairaair
hnat convDins Nu = 4.063
Nu = . ins R
kair hnaL conv. — 4.17 W/m”-K
2
0.387Ra"*
0.60+ Voo S
1+( : ] J
Prajr
(Churchill and Chu, 1975)
. I Ro com = 37.58 KIW
nat. conv.
hnat. conv. D insl‘tee, equiv.
Q = (Tinnerwan _Tambient) Qioss. tce.in = 0269 W
loss, tee, in
T R R ..
Rwall + Rins + nat. conv.” ‘radiation
Rnat. conv. + Rradiation
Heat Losses in Tee from Test Section Outlet to Post-Heater Inlet
D, =3.175mm D, R =0.1431 K/'W
D, ,=9.525mm I —==
tee, 1
D,. . =25.4 mm Ry kL o
k. =153 W/m-K
k. =0.043 W/m-K D, R =45.45 KIW
B In ee, ins
Ltee, equiv. 799 mm B Dtee, o
gins = 0.85 ins zﬂ-k Lt .
o= ins tee, equiv.
567)(10_8 W m_ZK_4 radiation — Rradiation = 3062 K/W
]—;mbient = 2300C 1 7—;ns = 27510C
2 2
Pambient = 101 kPa i ‘ﬂ.Dlee, insLlee, equivAo-(Y;ns + 7:1mbienl )(Ti'ns + Embient )
¢ =9.81 m/s®
Tavg = (Tvins + Tambient ) / 2 Tavg = 25‘25 OC
279

www.manaraa.com



Heat Transfer Calculations — 14 June 2011 — Run 120
Inputs Equations Results
T =39.69°C Pr, =0.71

v, =1.54x107 m’/s
P, =1.188 kg/m’
k.. =0.026 W/m-K
B =3.4x107 1/K

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 Pambient )

By assuming a negligible convective T owas =39.69°C
resistance in tubing:
inner wall = L, est, out
Ra = 8B (Tins = Linbient ) Die, ins Ra =7284
Vairaair
2INu = 4.057
B won =417 W/m*-K

1/6
Nu = hnaL convADins =| 0.60+ 0.387Ra

k. o016 \8/27
ar 0.559
1+
Pr.

ar

(Churchill and Chu, 1975)

R — 1 Rnat. conv. — 3764 K/W
e hnat. conv. ﬂl)ins I’tee, equiv.
) =027 W
Q' _ (Ti‘nner wall - Tambient ) Qloss, tee, out
loss, tee, out
R +R +[ Rnal. conv.Rradialion j
wall ins
Rnat. conv. + Rradiation

Heat Losses In Tubing From Tees to Heat Transfer Test Section
D —3.175 mm | (Dmbe ] R, =2.87x107 K/W

tube,o n| ——
D,p.; =1.549 mm .  (Duvei )
D tube, ins = 254 mm 27z.ktubel‘tee—to—test
k.. =398.3 WmK
k.. =0.043 W/m-K | D,. .. R =77.12 KIW
Llee»lo»test = 998 mm n Tbe,o
e =0.85 Ro= i 1

1ns " tee-to-test
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Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 })ambient )

Inputs Equations Results
o= diction = R ... =24.75K/W
5.67x10° Wm~ K™ 1 T =25.6C
T iene = 23.0°C EnsTD e, insLlee—lo-testo-(Y;js + Y;fnbienl )(Y;ns +Y;mbient) |
P i =101 kPa

2 Toe = (T + Tonpient )/ 2 I, =2431°C

g =9.81m/s
T o =39.8°C Pr, =0.71 o
T oon =39.7°C vV, =1.54x107 m"/s

p.. =1.188 kg/m’
k. =0.026 W/m-K

B =3.4x107 1/K
By assuming a negligible convective T e v =39-74°C
resistance in tubing:
inner wall = (7—; test, in + 7—; test, out ) / 2
Ra =4242
Ra — gﬁaj (];ns - Tambient ) Dt3ube, ins
Vairaajr
2INu =3.581
hnaL conv. = 368 W/m2 _K
1/6
Ny = —nat.conv.7ins 1| () () 4 0.387Ra
k ) 9/16 8/27
[ (0.559J J
1+
Prair
(Churchill and Chu, 1975)
1 Rnal. conv. = 3413 K/W
e nat. conv. l)ms Lsec
( ) Qloss tee-to-test = 0183 w
~ Ti'nner wall ’Tam ien ’
Qloss, tee-to-test = S plent
Rwall + Rins +[ nat. conv.” radiation j
Rnat. conyv. + R‘adialion
Water Heat Transfer Coefficient in Test Section Annulus
T, s =32.4°C T, estave =32.59°C
T o — 32 8 ° C Tw, test, avg = (Tw test, out + Tw, test, in ) / 2
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Inputs Equations Results
P, =2758 kPa Pr, =5.093
Dannu]us i = 4'57 mm VW = 7.59)(10_7 1’1’12/8
7 Prw’vw’pw’kw:f(theslavg’Pw) 3
D, =3.175 mm o P, =994.9 kg/m
w, prim = kw = 0620 W/m—K
3 68 X 10_5 m3 /S Aannulus = (7[/4) (Daznnulus,i - thest,u ) Aannulus = 849 X 10_6 m2
Vw rim Vannulus = 433 m/S
‘/annulus =
Aannulus
Dhydraulic = Dannulus,i - Dtest,o Dhydraulic = 1395 mm
Re o Vot D RE s = 7963
annulus —
Vw, prim
. " =0.6947
ro= Dlesl,o annulus, 1 "
1014 Nu, e = 603.43
Nuturbulent = 025 Regrllzilus Pr348 (r ) torbulent
(Garimella and Christensen, 1995)
h = _Nuturbulentkw hannulus = 28177 W/ m’-K
annulus
Dhydraulic
Heat Losses in Test Section
““““ e = 28177 W /m?*-K
L. .. =145mm _ 1 Rypne o = 1.7X107 K/W
) annulus, 0
D, annulus,i = 457 mm annulusﬂ'D annulus, i"—annulus
Dannulus,o = 635 mm D s Rwall = 2.36)(1072 K/W
D,y ins = 25.4 mm In 71;“““ s
K, e = 15.3 W/m-K R, = annulus, |
27z'kannu1us ‘annulus
k. =0.043 W/m-K
D R. =35.39 K/W
gins — 085 ln test, ins
O = Rl _ Dannulus,o
5.67)(10_8 \%Y m_ZK_4 27z'kinsLannulus
T . =23.0C
ambient radiation = Rradiation = 1708 K/W
Pambient = 101 kPa 1 o
. T =25.13°C
§= 981 m/S ins ﬂ-Dlest, ins Lannuluso- (eri + Y;Ianient ) (Ti'ns + Te’imbient
T, e =20.19°C
Tavg = (T;ns + Tambienl ) / 2 Tavg = 2406 OC
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Inputs

Equations

Results

T

w, test, out

=20.38°C

Prair ’ Vair ’ pair ’ kair ’ ﬁair = f (Tavg 4 })ambient )

Pr, =0.71
v, =1.55x107 m*/s
P, =1.188 kg/m’

k,, =0.026 W/m-K
B =34x107 1/K

Rnat. conv. =
h

nat. conv. test, ins " —annulus

TW' testavg (Tw, test, out +Tw, test, in ) /2 Tw, test,avg 20.29°C
Ra= 8B (T, _TMbieﬂl)D?est,ins Ra =3379
Vajraajr
2INu =3.401
hnatA conv. = 351 W/m2 'K
1/6
Ny = —hat conv. ins _ 0.60 + 0.387Ra —
k. 9/16
[ (0.559J J
1+
Prair
(Churchill and Chu, 1975)
1 Rnat. conv. = 2466 K/W

T,

(Ti'nner wall — % ambient )

Qloss, test =

Rannulus, o + Rwall + Rins + (

RnaL coanradiation
RnaL conv. + Rradiation

|

=0.211'W

Qloss, test,ann

Average Test Section

Qpre-heat = 1474 W
Qloss, pre-heat = 035 3 W

Trv pre-heat, in =23.8 ‘ C

R’, pre-heat, in = 1 8 10 kPa
Pl', test, in = 18 10 kPa
Qloss, pre-heat = 026 w

Qloss, tee, in = 027 W
i, =1.125x107° kg/s
=0.677T W

Qloss, post-heat

Quality
T;, pre-heat, in, sat = f (Pr pre-heat, in * X = 0) r, pre-heat, in, sat = 3985 C
AT;ub, pre — “r, pre-heat, in, sat 4y pre-heat, in AT‘sub, pre = 1605 K
lr, pre-heat, in = f (T;, pre-heat, in * })r, pre-heat, in ) lr, pre-heat, in = 2327 kJ/kg
lr, test, in =
. + Qpre—heater - Qloss, pre-heat - Qloss, tee,in lr, test, in = 363 4 kJ/kg
lr, pre-heat, in .
mr
'xr, test, in = f (lr,test,in ’ R,test.in ) ‘xr, test, in = 0872
T'r, post-heat, out, sat = f (Pr post-heat, out ? X = 1) r, post-heat, out, sat = 3984 C
AT'sup, post = r, post-heat, out - ’Tr post-heat, out, sat ATsup, post = 971 C
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Inputs

Equations

Results

Qloss, tee, out = 0267 1 W
r, post-heat, out = 5 1 O ‘ C
P

1, post-heat, out —

1778 kPa
P =1780 kPa

r, test, out

P

lr, post-heat, out f (7—;, post-heat, out * © r, post-heat, out )

i =394.7 kl/kg

r. post-heat, out

lr, test, out

. onst—heater - Qloss, post-heat - Qloss, tee, out
lr, post-heat, out .
ml‘

|

i =329.4 kl/kg

T, test, out

xr, test, out f (Pr, test, out ? lr, test, out )

X =0.5925

T, test, out

X +Xx

test, in

X

test, out

)/2

test,avg (

X, =0.7328

test, avg

Refrigerant Heat Transfer Coefficient

P =275.8 kPa

Qloss, estann = 0.211TW

=0.183 W
O s prenens = 0.255 W
Qloss, posthear = 0-0677 W

0 oes. ce.in = 0.269 W

O e o = 0.267 W

i, o = 363.4 kl/kg

P, =1810 kPa

i =329.4 kJ/kg

1, test, in
T, test, out
P =1780 kPa

Qloss, tee-to-test

" test,out
T, um =39.6"C

T, o on =39.5°C
k.. =398.3 W/m-K
T, wom =32.39°C
T, o om =32.8°C

P, =275.8 kPa

Qloss, ambient Qloss, test, ann + Qloss, tee-to-test + Qlos&, pre-heat

+Qloss, post-heat + Qlos&, tee, in + Qloss, tee, out

Qloss, ambient = 1 ‘86 W

Qtest = mr (Zr, post-heat, out - lr, pre-heat, in ) - Qpre—heater

_onst-healer + Qloss, ambient

0., =38.15W

’Tr, test, in, sat f (Pr test, in ° lr, test, in )

T

1, test, in, sat

- 7—‘r, test, in

Error

1, test, in 1, test, in, sat

=39.85°C
Error

71, test, out, sat f (Pr, test, out ? lr, test, out )

1, test, in = 0250C
Tr, test, out, sat = 39840C

Errorr, test, out = Tvr, test, out - 7—;, test, out, sat Erro’;, test, out = 034OC
LMTD — (T; test,in TW, test, out ) - (’Tr test, out TW, test, in )
111 I:(’Tr test, in - Tw, test, out )/(T; test, out - Tw, test, in ):| LM TD = 7 ° 1 5 OC
UA=0,,/(LMTD) UA =5.336 W/K
D R, =1.40x10~ K/W
ln test, o
Dlesl,i

R =
wall 27Z'ktest ( L

‘annulus

+2-(L

teducer

+L

tee

)

= 1 Rannulus i = 2‘45X1072 K/W
annulus,i D 3
annulusﬂ' test, 0" —annulus
T =32.59°C
TWq testavg (Tw, test, out + Tw, test, in ) 12 W, test, avg

Prw’Vw’pw’kW = f(Tw,test,avg’Pw)

Pr_ =5.093

v, =7.59x107" m?*/s
p. =998.2 kg/m’

k. =0.6197 W/m-K
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Inputs Equations Results
Lreducer _185 mm &_ gﬂ ( wallo wtest avg) &23.26X1010 mfs
L =11.5mm r v, L
D, e =4.57 !
reducer mm * _ |:h'l ( reducer/ test, o )] &
D —_— 4.8 mm areducer - (D_3/5 D_3/5 ) 143 Rareducer - 5.06
x[e“ we =0.7323 test, 0 reducer

(Incorpera and DeWitt, 1996)

LN mﬂ“(ﬁj

tee ( D35 4 D73/5)

test, o tee

Ra, =4.85x107

for: 100<Ra’ . <10’

reducer

/4
Pr . 14
. =(k,)-0.386| ——| (R
effective, reducer ( w ) ( 08 6 1 + Prw ] ( areducer )

(Incorpera and DeWitt, 1996)
for: Ra’ <100

reducer k
k

effective, reducer = Ky
(Irvine and Hartnett, 1975)
for: 100 < Ra,_ <10’

1/4
keﬁéctive, tee :( ) 0 386(L] (Ra;e )1/4

er = 0.620 W/m-K

effective, reducer

0.861+Pr, Kotreotve e = 0.620 W /m -K
for: Ra,, <100
K otrective, reducer = Ky
(Irvine and Hartnett, 1975)

ln reducer

D, . R ier =35.056 KIW
Rreducer = =
27[keffective, reducer l?educer
11’1 Dtee
% Dy, R, =9.23 K/W
ee =
Zﬂk effective, tee Ltee
R:ulnv equiv. = Rdnlnulusl + 2 (Rtee + Rre(llucer ) Rconv, equiv. = 0024 K/W

h’r = |:(UA )_l - Rwall - RconvA equiv4:|_l ’

. h, =6194 W/m*-K
[”Dtest,i (Lannulus + 2 (Lreducer + Ltee )):'
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1
R = _
“ 2D (Lumaee + 2 (Lo + L)) R =0.1618 K/W
R -
R[atio R"aﬂ + Rconv. equiv. Rmtio =6.328
Qlesl = ((Tr tost, in, saé T‘ test, out, sat )/2 B Twall, 0 ) Twau, 0o = 33.51°C

Rr + Rwall
. T -T .
Qreducer =2 ( b o a"g) Qreducer =0.3652 W
reducer
. T -T .
Qtee =7. ( wall, o w, test, avg ) Qtee _ 02001 W
Rtee
. T ...-T .
Qannu1us — ( wall, o w, test, avg) Qannul“s _ 3763 W
annulus, i
Pr, test, avg = (R', test, in + })r, test, out )/2 PL test, avg = 1795 kPa

ir, fg = f (})r, test, avg ? 'xr, test, avg )

i, =120.65 kl/kg

Qtest

mrlr,fg

Ax =

Ax =10.2812
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Inputs Equations Results
=4, 2 . =0.4375
Dtee 4 8 mm 141— ] — Acontraction — D contraction 14[}1[10, !
Dcontraclion = 3175 mm aio. 1 Iqtee Dtee
D._. . =1.549 _
‘ test, 1 ml;I’;l _ 14‘6St _ DteSt 2 Aratio, 2 - 0-238
. =1.125x107 kg/s Auio2 =7 =
contraction contraction
x .. =08721 : . 5
P, ’ 1810 kP _m m, G =596.8 kg/m”- s
plestin : Aest 025 T Dti,st i
xr, test, out = 05925 ’
Pr, test, out = 1780 kPa contraction G ’ ArﬁtiO, 2 Gcontraction = 142 kg/mz_ S
B=0.25
APmeasured = 29497 kPa Gtee = G ’ Aratio, 1 Aratio, 2 Gtee = 62 kg/mz_ S
L. =03048m
1
CC,l = 1/2
0.639[1—(A, )] +1 C.,=0.676
(Chisholm, 1983)
1
Ce,= 12
0.639[ 1= (A )] +1 Cc.,=0.6419

(Chisholm, 1983)

(pl’lul )in = f(xr, test, in’Pr, test, in)

Py =967 kg/m’
t =1.05x107 kg/m-s

(pv’luv )in = f('xr,lesl,in’Pr, lesl,in)

P =101.2 kg/m’
U, =1.6x107 kg/m-s

(pl 4 lul )oul = f(xr, test, out * Pr test, oul)

Prow =967 kg/m’
o =1.05%107 kg/m-s

(pv ? ILlV )out = f (xr, test, out ? I)r, test, out)

P, 0w =101.2 kg/m’
U, o =1.6%107 kg/m-s

WH = 1 + (% - 1) xr, test, in

(Hewitt, 1994)

W, =8.465
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Inputs

Equations

Results

210 1, in

(Hewitt, 1994)

G2
__ _— contraction A2
APcontraction, 1= 1 Aatio, 1 +

2
1
i

AP

contraction, 1

=1.618 kPa

expansion, 2

(Hewitt, 1994)

pl, out

2
G2
contraction, 2 = 2 L _Ar2al10,2 C .2J y/H APcontraction,Z = 195 5 kPa
(Hewitt, 1994)
APcontraclion = 354 kPa
APcontraction = APcontraction 1 + AP
* (12% of AP___ )
Yy =1+
Lh—lJ[Bx (1-x + J s =4.521
T, test, out T, test, out
IOV, out
(Chisholm, 1983)
G’A_. ,(1-A_ .
AP — ratio, 2 ( ratio, 2 )WS AP — 0‘302 kPa

expansion, 2

G vaction Avaio 1 (1= A
AP } — contraction © “ratio, 1 ( ratio, 1 )l//S AP } . — 0410 kPa
expansion, 1 expansion,
pl, out
(Hewitt, 1994)
AP_ . =0.711kPa
AI)expansion = APexpzmsion 1 + AP ’
’ (2.4% of AP,
ar, test, in =

(Baroczy, 1965)

0.74 0.65
1 + 1 - xr, test, out pv, out
xr, test, out p 1, out v

0.74 0.65
1{1—_} LP_J (_ ... ~0.93
xr, test, in pl, in
(Baroczy, 1965)
O est ot =
-1
ar, test, out 0.8175
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57
G’ x + (=)
pv, outa pl, out (1 - a) =% et ot
) — o |AP deceleration = 1 1 1 kPa
deceleration 2 ]
e X (1-x) (3.7% of AP, )
Pv, nl pl, in (1 - a) o= es.in
(Carey, 1992)
APmeasured = APf - |APdecelerati0n + APcontrac'rion - APﬁXPaHSion APf - 2775 kPa
(94% of AP, )
AP,
VP =—L VF, =91.04 kPa/m
Ltest
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APPENDIX C - PRIMARY LOOP PUMP HEAT ADDITION
CALCULATION
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The pump heat addition is required to determine the test section heat duty (Equation
4.16.) Andresen (2007) investigated the pump heat additions in the large tube test facility
by the coolant circulation pump (Micromotion 5000-750, S/N 365623.) A comparison
between the ideal pump work and the actual work obtained from the pump curves
required to achieve the primary coolant flow rate was used to determine a pump
efficiency. It was assumed that all of the inefficiencies resulted in heat additions to the
coolant lines. From this, Andresen developed a curve fit for determining pump heat
addition based on the volumetric flow of the primary coolant. The approach used by

Andersen is detailed below.

The pump efficiency was defined as the ratio of ideal work required to maintain a given

coolant flow rate and the actual shaft work.

W,
77 — .1ded1 (Cl)
‘/Vshafl
Assuming all the inefficiencies result in heat dissipation into the coolant:
QP p
=1 C2
W n (C2)

The shaft work was obtained by fitting the pump speed and torque curves provided by the

vendor to the following expressions.

0.8
7(Nm)=——AP . (kPa)+0.1 C3
(Nm)=28 AP, (kPa) €3
5 APn'm (kPa)
@(rpm) =860-V (gpm)+300- —==—= (C4)
220
The pump shaft work is then calculated by:
Wshaft =10 (CS)
and the ideal work is calculated as:
Wideal = A[)prim : W, rpim (C6)
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Pressure drop data from the primary loop and Equations C.3 and C.4 were used to
develop a cubic fit for pump heat additions. The regression analysis by Andresen (2007)

yielded the following correlation for the 3.05 mm test section set-up.

Q,ume = (9.0397)V,

pump

+(0.1304)V

V 2
w, prim, gpm

+(0.4034)V;

w, prim, gpm

(C.7)

, prim, gpm
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D.1 Intermittent Regime

As discussed in Section 7.2.2, the pressure drop in the intermittent regime is modeled

using an approach based on previous work by Fukano et al. (1989), Garimella et al.

(2002), and Chung and Kawaji (2004), where the two-phase flow is divided into two

distinct regions. The regions consist of a film/bubble and liquid slug region as presented

in Figure D.1. The relevant velocities and dimensions are provided in the schematic to

guide in the model development.
Film-Slug Liquid  Idealized
Transitio Slug Bubble Shape
Regions |
LA A
L[] | .
D | Doubbie <_Ub“bb'e <—US'"9 !
| J,- l—.]mferface |
* <— Usiin
VIV 4 VIIIIIY,
Lbubble < leug ™

Figure D.1: Schematic of Idealized Unit Cell During Intermittent Flow with
Relevant Dimensions, Adapted from Garimella ez al. (2002)

The pressure drop is modeled for a unit cell consisting of a single vapor bubble and liquid

slug. The total pressure drop within a unit cell is due to the sum of the pressure drop in

the film-vapor bubble region, (dP/dz)sp, the liquid slug, (dP/dz)q.e, and the transitions

between the film/bubble and slug regions, 4Py,,. Thus, it accounts for the acceleration of

the liquid as it flows around the bubble and deceleration as it flows from the bubble
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region to the liquid slug region downstream. The average pressure drop per unit cell can

be predicted by:

[S—

L
(d_P) :(d_Pj _Lhuhm(d—”j S AP, - (D.1)
dx ), \dx).;, Ly dx ). L L

vc vuC

To predict the average frictional pressure drop, the individual pressure drops and lengths
of these bubble and slug regions are required. The frictional pressure drop in the liquid

slug is approximated by the single-phase pressure drop equation.

dp 1 2 -l
(ajslug ) s EpZUSlMXD (D.Z)

Where Uy 1s the slug velocity and fqu, can be predicted using the Churchill (1977)
friction factor and slug Reynolds number, Regue= p1 Usiyg D ,u{l. The Churchill (1977)

friction factor is based on the Reynolds number and surface roughness, &.

1712

(8/Re)” +

f= (D.3)

8' 16
(2'457'11{(7/11 % 1027( y )B +(37530/Re) "
e) +0.27-(¢/D

The slug velocity is approximated in the same manner as Chung and Kawaji (2004).

U Ji (D.4)

To determine the pressure drop in the film-bubble region, the vapor bubble velocity and
interfacial velocity are needed. In previous studies, the vapor bubble velocity was
approximated based on the superficial velocity. For example, Garimella et al. (2002)
evaluated the vapor bubble velocity using the model developed by Dukler and Hubbard
(1975) but found that this resulted in a value ranging from 1.18j to 1.24j. They
approximated the vapor bubble velocity by Upypbie = 1.2 j. In this study, the vapor bubble

velocity is directly measured and can be used.
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Fukano and Kariyasaki (1993) compared their air-water data in capillary tubes (D =1, 2.4
and 4.9 mm) and found that there was an influence of tube diameter, which they
associated with surface tension, on the vapor bubble velocities. They found an almost
linear dependence between the volumetric flux j and their measured bubble velocities for

air-water data for each tube.

Upp =Cyj"™ (D.5)

For each tube diameter, they empirically derived the constant Ck, which increased with
decreasing tube diameter. They also observed that in smaller tube diameters, the
distribution of the vapor became axi-symmetric as compared to the stratified nature of the
vapor bubbles in larger tubes. In some of the larger diameter tube data, the vapor bubble
velocity was actually less than that of the volumetric flux. They attributed this to the
large vapor bubbles stratifying in the large diameter tubes and "sticking" to the tube
surface. These two key observations were also seen in the present study. Therefore,
Equation D.5 is used as the basis for predicting the measured vapor bubble velocity from

the present study.

The vapor bubble velocity for all intermittent for D = 0.508, 1.00, and 3.00 mm were
obtained from the high-speed video frame analysis in the present study. Whenever a
vapor bubble appeared during the analysis, the velocity was measured until the vapor
bubble exited the field of view and an average of all of the measured velocities for that
individual vapor bubble was calculated. Typically, at least five measurements of the
velocity of a vapor bubble were taken. For many of the analyses, several vapor bubbles
were present throughout the 500 frames analyzed. The number of vapor bubbles for each
frame range from 2 to 52. For each analysis conducted at a specific operating condition,

all of the vapor bubble velocity averages are averaged. This overall average of all the
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vapor bubbles is the representative value for vapor bubble velocity for a specific
operating condition. These vapor bubble velocities are compared to the volumetric flux
in Figure D.2. Average vapor bubble velocity follows a similar trend to that observed by
Fukano and Kariyasaki (1993) with respect to diameter. This is can be observed by
comparing the 3.00 and 0.508 mm diameter tube data. The 3.00 mm diameter data are in
general less than 20% of the volumetric flux, while the 0.508 mm data are close to 20%
greater. The vapor bubble velocities for 3.00 mm diameter tube data are typically less
than the total volumetric flux. This may be because the top portion of the vapor bubble is
slowed down by the thin film, while a major portion of the liquid flows underneath in the
stratified fluid region pulling the vapor bubble in the direction of the flow. Therefore, it
is clear that there is an influence of tube diameter on the parameter Cx from Equation
D.5. As aresult, a correlation for vapor bubble velocity was developed for data from the

present study as follows.

3.0
jvs.Measured U, -~
//
25 B - // A _
s P
- * i A -~
w 20+ P -
E - Ve P
= /// A :"/
"~ - oo
+ 1.5 .// A /i//
= rd -
=~ ® -./l ///
!L 1.0 .’ ,./’ D, mm
-~
m 7 e 300
05 P = 1.00
j A A 051
y ﬁ’/r ——— +-25%
0-0 1 1 1 1 1
0.0 0.5 1.0 1.5 2.0 2.5 3.0
. -
Experimental U, , m s

Figure D.2: Plot of Measured Vapor Bubble Velocity, Upuppie, as Compared to
Volumetric Flux, j
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The relative importance of surface tension to gravitation forces changes in the range of
tube diameters examined in this study. This is observed visually with stratification
occurring during condensation in the 3.00 mm tubes during intermittent and stratified-
annular flow, but not being seen in the 1.00 mm and 0.508 mm diameter tube data. The
Bond number expresses the ratio of surface tension to gravitational forces, and can be
used to differentiate between the Ck values for the different tube diameters. A
comparison of Bond number versus measured vapor bubble velocity is shown in Figure

D.3 for all intermittent flow data from the present study.

For each tube diameter, there is a variation in Bond number as a result of property
variations for each saturation temperature under consideration. For example, at T =
60°C, D = 3.00 mm, the Bond number is over 60 while for T, = 30°C, D = 3.00 mm, the
Bond number is about 25. The variation in Bond number due to fluid properties is lower

at smaller diameters, because the diameter contribution dominates. The relative effects of

3.0
Measured Ububb vs. Bo D, mm
A ® 3.00
25| = 1.00
"0 A A 0.508
£
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= 15
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E 1.0 F mm ]
z m, = ® .
1| - ™
05} T ° °
5] @
] [ )
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Bond Number, Bo = (g-p,) g D* &'

Figure D.3: Bond Number Versus Upubbie
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these forces are important in determining the local vapor-liquid distribution within the
tube where a vapor bubble is present. As Bond number decreases, the vapor bubble
becomes axi-symmetric, resulting in a thin film of constant thickness surrounding the
bubble. As Bond number increases, the vapor bubble becomes stratified with unequal

film thickness axially, and in general resulting in longer, slower moving vapor bubbles.

In the case of small tube diameter data (D = 1.00, 0.508 mm) where the vapor bubble is
axi-symmetric, the vapor bubble must “push” the liquid slug out of the center of the tube
and along the edges of the vapor bubble. The “pushing” requires an inertial displacement
of the liquid slug while the thin film induces a viscous drag along the bubble edges. A
series of photographs and a schematic of the vapor bubble and liquid slug interactions are
shown in Figure D.4. The vapor bubble in this case is traveling faster than the liquid
slug. The tail of the liquid slug is shed around the nose of the vapor bubble into the
liquid film. If the slug and vapor lengths are stable, an equal portion of liquid enters the
slug from the liquid film at the tail end of the vapor bubble. Similarly, in the large tube,
the lower stratified liquid “pulls” on the vapor bubble and is opposed by viscous forces in
the thin film coating the top surface of the bubble and the momentum loss in the
displacement of the liquid slug. A series of photographs and a schematic of the vapor
bubble and liquid slug interactions in the 3.00 mm diameter tube are shown in Figure
D.5. The stratification of the vapor bubble in the large tube is evident and the tail of the
vapor bubble exhibits a more gradual shape. In both cases, the motion of the bubble in
the liquid phase can be thought of as being similar to that of an object in submerged flow.
Drag coefficients for such scenarios are dependent on the fluid Reynolds number. The
liquid Reynolds number dependence can be seen in the vapor bubble velocity data as

shown in Figure D.6.
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t=0ms

Figure D.4: Photographs and Schematic of Vapor Bubble and Liquid Slug
Interactions in the Small Diameter Tubes (D = 0.508, 1.00 mm)

t=0ms

t=5ms

t=10ms

Ububble —»

Figure D.5: Photographs and Schematic of Vapor Bubble and Liquid Slug
Interactions for the Large Diameter Tube (D = 3.00 mm)

300

www.manharaa.com



There are distinct, almost linear, trends in the measured bubble velocity as a function of
the liquid Reynolds number, as would be expected with the idealization of the vapor
bubble as an object submerged in a fluid flow. This diameter influence can be related to
the Bond number, leading to the following expression for vapor bubble velocity as a
function of the total volumetric flux. Therefore, Cx (Equation D.5) can be modeled with
a dependence on the Bond number and liquid Reynolds number.

U,,,=a Bo” Rel - j (D.6)

-

Cx
This formulation accounts for the relative influence of surface tension and gravitational

forces, and the drag between the bubble and the liquid. A regression analysis was

conducted to determine the best fit for the empirical constants in Equation D.6.

U,,, =2.4-Bo™ """ .Re;"'”. j (D.7)

The AAD and AD for all measured bubble velocities was 13.8 and 2.8% respectively.
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Figure D.6: Liquid Reynolds Number Versus Measured Upypbie
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Liquid Reynolds numbers ranged from 1464 < Re; < 21367, while Bond numbers ranged
from 0.67 < Bo < 61.01.

It was not possible to measure film or interface velocities from the high speed video data;
therefore, an analytical solution is required to approximate the pressure drop in the
film/bubble region. The interfacial velocity, Uinerface, can be deduced based on a shear
balance at the interface as presented by Garimella et al. (2002) as follows:
du ilm
Tinlerface = Itll (d—flj = rbubble (r = Rbubble) (D8)
r 7= Ryupbie

Assuming that the vapor bubble is driven solely by the pressure gradient, the shear stress

in the vapor bubble can be predicted by:

R
) — _ __bubble (d_pj (D9)
2 \dx ),

The velocity profile in the liquid film can be modeled as combined Couette-Poiseuille

Toubble (r =R, 00

flow through an annulus. The resulting velocity profile and shear stress is:

7]
dx b
44

| 11’1 (Rmbe / r)
interface In (Rtuhg / Rhuhble )

In(R
U, (r)= {RZ rz—(R2 —-R? n( tuhe/r)

Z fube puoe ) ln (Rtuhe /Rhuhble ) :| (D 10)

Tint erface —

tube bubble

_(dpJ
dx i Rtu 4 R U €
" flb |:_2Rhuhble _ (Rz 2 )1 b / bubbl }

n (Rtube / R, e ) (D.11)

/'l Rtube/Rbubble
interface/"1
e ln (Rtube/Rbubble )

+U

Setting Equation D.9 and D.10 equal and solving for interfacial velocity yields:
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interface — - szubble ) (D 12)
The average film velocity will be half of the interfacial velocity for laminar flow, Ui, =

Uinterface/2.  The frictional pressure drop per unit length along the length of the vapor

bubble can be deduced by:

dx 4R

bubble

2
d pv Um 7e_Uimerace
(_Pj = fo (Ui =V (D.13)
f1b

The film friction factor, frm, is calculated by the Churchill (1977) friction factor
(Equation D.3) with the film Reynolds number, Regim = p1 Usiim (D-Doubbie) ,u{l. The
interfacial velocity, Uinerface, and vapor bubble-film frictional pressure drop, (dP/dz)gp,
have to be deduced iteratively. All vapor bubble conditions but one (Repypbie = 1571) in
this study were turbulent, with vapor bubble Reynolds numbers ranging from 2269 <
Repubie < 10717 while all liquid films were found to be laminar with 18.5 < Reg, <

848.6.

The model for the pressure drop during the transition of liquid from the slug to the film
region and the transition from the film to the liquid slug downstream is based on the work
of Dukler and Hubbard (1975) similar to the approach of Garimella et al. (2002). They
hypothesized that the difference in velocities in the liquid film and slug result in a
significant mixing region at the tail end of the vapor bubble resulting in significant
pressure losses and a flat bubble tail. Upstream of the bubble, the vapor overtakes the
liquid slug and liquid is shed uniformly from the faster moving liquid slug to the slower
moving liquid film surrounding the vapor bubble. They developed the following equation

for transitional pressure loss based on these considerations.
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2
| N T BT

tube

The first three terms represents the amount of mass gained in the liquid slug from the film

and the last term is related to the relative velocity between the slug and film regions.

A relation for vapor bubble radius, Rpubbie, and unit cell component lengths, Lyc, Loubbles
Lgug, 1s needed to provide closure to the pressure drop model. Garimella et al. (2002)
found that the ratio of bubble diameter to tube diameter varied from 0.899 to 0.911 and
estimated the ratio as 0.9 for simplicity. Chung and Kawaji (2004) also approximated
bubble radius as 90% of the tube radius. The bubble diameter in most cases was
observed to be smaller than this for the data in the present study. The diameter observed
in the present study was not appreciably influenced by mass flux or quality, but only by
fluid properties. Once the flow begins to transition to intermittent flow, vapor bubbles
form with a set bubble diameter, which did not change appreciably as quality decreases.
Therefore, determining the bubble diameter at the onset of intermittent flow can define
the bubble diameter throughout the rest of the condensation process until bubble
flow/dispersed flow is achieved. For the analysis, the vapor bubble is approximated as
having a circular cross section, with the local void fraction of the vapor bubble, opubble
used to approximate the bubble radius The local void fraction can be calculated using the
void fraction model developed in the previous section (Equation 7.16 and 7.17) using a
transition quality, xy,,. The transition quality is predicted based on the minimum amount
of liquid required for the intermittent regime to exist (Barnea er al., 1983) which
corresponds to a Martinelli parameter of X, = 0.3521. The transitional quality, Xn, can

be deduced by evaluating the Martinelli parameter for the slug:
0.5 0.1 1 0.9
X e =0.3521 = (&J (ﬂj (lj (D.15)
Iol ll'lv xtmn
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The local void fraction, ayupbie, can be evaluated using Equations 7.16 and 7.17 with the

transitional quality, X, to predict the vapor bubble radius.

R, e = \ Couiple R, (D.16)

The bulk void fraction, a, and vapor bubble radius, Ryupbie, can be used to deduce the ratio

of vapor bubble length, Lyypbie, to the unit cell length, Lyc based on a simple cylindrical

2
a = ( Lbubble J [ Rbubble ] (D. 17)
LUC Rtube

The frictional components of Equation D.1 can be predicted; however, the length of a

geometry idealization.

unit cell is required to predict the effects of the transitional component. The prediction of
unit cell length, Lyc, is predicted empirically based on the approach of Garimella et al.

(2002).

%:A'Bob'Rec (D.18)

] slug
A regression analysis was conducted using the pressure drop data to determine the best fit
for these parameters. Predicting the unit cell length using measured frequencies from the
high speed video data was attempted, but due to the stochastic nature of the process, it
was not possible to correlate the measured values accurately. Therefore, pressure drop
data from the present study were used instead of slug frequency data. This is similar to
the approach used by Garimella ez al. (2002). The empirical constants were found to be
A =0.19, b =-0.3353, and ¢ = 0.418. The length of the unit cell, Lyc, and vapor bubble
ratio for Equation D.17 are used to determine the lengths of each component and provide

the remaining values for the intermittent pressure drop model.
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D.2 Transition Reqgion

The transition region from Intermittent to Annular or Wavy Flow is predicted using a
linear interpolation between the pressure drop models predicted at the two transition
conditions. The transition conditions are predicted using the vapor Weber number.
Nema (2007) found that the transition from intermittent flow to intermittent-annular or
intermittent-wavy occurred in the range of 6 < We, < 35. The beginning of the transition
region is predicted at We, = Weyancve = 35, and the transition to intermittent flow is
predicted at Wey = Weganine = 6. Figure D.7 shows the general range over which the

transition region typically occurs. The pressure drop within this region is then predicted

(d_]?) — Wetran,cvc - Wev (d_pj + Wev - Wetran,int (d_pj (D. 19)
dZ f Wetran,cvc - Wetraminl dZ f.inttran Werran,cvc _Werran.inl dZ [eve,tran

The pressure drop (dP/dZ)sintwan 1S calculated using Equation D.1 for Wegyanine and

by:

(dP/d7)s cve iran 18 calculated using Equation 7.21 for Wean cve-

1000

-1

Flow Regime
Transition Region

-2

m S

Mass Flux, G

0
Average Quality, x 1
Figure D.7: Typical Transition Region for Interpolation Between Intermittent
and Annular or Wavy Flow

306

www.manaraa.com



D.3 Summary

The pressure drops predicted using the intermittent and transition region model described
in Appendix D compared with the measured values are summarized for each flow regime
in Table D.1. The agreement in the intermittent, annular-intermittent, and discrete wave-
intermittent regimes is better compared to that achieved using only the annular or wavy
flow regime models, respectively. However, when comparing the overall statistics of the
two models, using the annular and wavy flow model presented in Chapter 7 results in an
AAD and AD of 12.7% and 1.3%, respectively, and 85.5% of the data are predicted
within 25%. The model presented here in Appendix D predicts the entire data set with an
AAD and AD of 12.5% and -0.9%, respectively, and predicts 86.9% of the data within
25%. Therefore, the additional accuracy of the intermittent model does not warrant the
added complexity for predicting pressure drop for the data in the present study. More

intermittent flow regime data are needed for validation and refinement of the model.

Table D.1: Pressure Drop Model Predictions by Flow Regime

Regime AAD AD Data < 25%
g % % Deviation
Intermittent 17.5 2.5 75.0
Annular-
Intermittent 98 03 100.0
Discrete-

Intermittent 213 4.1 767
Discrete Wave 14.8 1.4 86.4
Disperse Wave 11.3 3.2 87.9
Annular Film 11.8 2.8 86.2

Mist 114 2.3 92.2
Total 12.5 -0.9 86.9
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APPENDIX E - VOID FRACTION MODEL
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Data Point

P . (kPa) 1884
P ... (kPa) 3729
D, 0.505
G (kg/m’-s) 804
X, test, ave 0.19
T, . ("C) 41.23
Exp. Date 4 Aug 11
Exp. Run 91
per. () 0.4989
VP, (kPa/m) 85.97
D (mm) 0.5083
Fluid R404A
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Condensation Void Fraction Model
Inputs \ Equations | Results
Variables and Properties
D =0.5083 mm Pty = (X, er Prrest) P, =957 kg/m’
P o« =1884 kPa 4, =1.02x10" kg/m-s
_ 2
G =804 kg/m’-s Porbty = F X, Pi) p, =105 kg/m’
xr, test, avg = 019 /UV = 1.60)(10_5 kg/m—s
Tr,sa[:4l-23c O-:f(Prtest) o =237x10"° N/m
(1-x)GD Re, =3237
Re, =————
H,
xGD Re, =4880
Re, =
M,
1-x)G
ca <A 1=2)G Ca, =0.0293
po
. (1-x)G _
Ji=——— J; =0.682 m/s
P
. _xG :
Jy=— J, =171 m/s
P,
j=jl+jv j=2.39 m/s
= .jv. B =0.7145
.]1 + .]v
Martinelli Parameter Calculation
D =0.5083 mm )
G =804 kg/mz—s if :Re <2000
n=1 n, =0.25
xr test, avg = 019
B B=16 B, =0.079
pr=oo e if :Re > 2000 n,=0.25
p, =105 kg/m n=025 B, =0.079
Re, =4880
f,=0.0105
f =B-Re"
f, =0.0095
2. f .2 dP/dz) =4187 Pa/m
(dP/dz),, = 2hada (ar/a),
’ Py D (dP/dz), =9093 Pa/m
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Condensation Void Fraction Model

1/2
X = M X =1.474
(dP/dz), '
Drift Flux Calculation
X =1.474
p= 957 kg/m3 72 0.2492 0.1535 P, e .
. =105 ke/m’ Vi = 03355 X Car P m ) T =081 mls
Ca, =0.0293
j=2.39 m/s
B =0.7145
B
05=1 Vi a =0.4953
+V,/J
exp -
Error = Error =1%
exp
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APPENDIX F - CONDENSATION HEAT TRANSFER AND
PRESSURE DROP MODELS
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Annular Data Point

P .. (kPa) 1460
P....(kPa) 3729
D, 0.393
G (kg/m’-s) 806
Xy test, ave 0.85
T, ..(CC) 31.16
T..0C0) 24.3
Exp. Date 16 Sep 10
Exp. Run 55
heyy (W /m?-K) 10882
(dP/dz), (kPa/m) | 31.63
D (mm) 3.048
Fluid R404A

Annular - Rect. Data Point
(Fronk and Garimella, 2010)

P . (kPa) 6460
P iiea (KP2) 7378
D, 0.876

G (kg/m*-s) 392.8
X, test, ave 0.72

T, ..(CC) 25.17
T.,C0O NA
Exp. Date NA
Exp. Run NA

hoy (W /m?-K) 14867
(dP/dz)exp (kPa/m) NA

D (mm) 0.160
Fluid CO,

313

Wavy Data Point

P, ., (kPa) 1421
P iiea (KP2) 3729
2 0.381
G (kg/m’-s) 200.4
Xy test, ave 0.3254
T, ..(CC) 29.92
L (O 23.1
Exp. Date 18 Sep 10
Exp. Run 13
hoy (W /m?-K) 2793
(dP/dz), (kPa/m) | 1.401
D (mm) 3.048
Fluid R404A
Intermittent Data Point
P, ., (kPa) 1418
FProitca (KP2) 3729
D; 0.38
G (kg/m*-s) 213
Xy test, ave 0.1762
T, ..(CC) 29.92
T,.CO NA
Exp. Date 14 July 11
Exp. Run 155
ey (W/m?-K) NA
(dP/dz), (kPa/m) | 595
D (mm) 1.0
Fluid R404A

www.manaraa.com




Condensation Pressure Drop and Heat Transfer Models
Inputs | Equations | Results
Variables and Properties - Annular
})r,test :1460 kPa pl’/’ll’Prl’cp,l’kl’ifg :f(xr,avg’Pr,lest) p1=1013 kg/m}
G =806 kg/m’-s 4, =1.18x107* kg/m-s
xr, test, avg = 085 Prl = 303
T..=312°C c,, =1.603 ki/kg-K
D =3.048 mm k, =0.0624 W/m-K
i, =132.6 kI/kg
pv’/’lv :f(xr,avg’Pr,tesl) pv =7822 kg/m3
4, =1.50x10" kg/m-s
sz(Pms[) 6 =337%x10"7 N/m
(1-x)G-D Re, =3081
Re, =———
H
x-G-D Re, =139935
Re, =
H,
1-x)G
ca <4 01=%) Ca, =0.00411
P o
2
we =GV D We, = 5450
4 pv . G
G-x
Froa = Fr,,, =14.69
JD-g-p.(p-p,)
. (1-x)G .
Ji=——— J; =0.118 m/s
P
. xG ,
L= J, =878 m/s
P,
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Condensation Pressure Droi and Heat Transfer Models

J=Ji+J j=8.90 m/s
=.J—V. B =0.9868
.]1 + JV
1/2
dP/d
X = (dP/dz), X =0.07763
(dP/dz),
0.809
7 _ 302492~ 01535 | | P ol
V,=0.3355-X Ca ( o 1J j 7, =1.471 mis
= f a=0.85
14V, /j ~
U, =—2 U, =0.7672 mvs
-«
U =L U, =1037 m/s
(l—x)GD
Re,, o Re,, = 1605
w(1+a”)
(8/Re,)" v
fl'v =8- . -in 1
+ [2457 : [(7/Rel'v)o'9+0.27-(£/D)H f,=0.0399
+(37530/ Rey, )
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Condensation Pressure Drop and Heat Transfer Models

Inputs | Equations

| Results

Pressure Drop Model - Annular

X =0.07763
Re,, = 1605

Ca, =0.00411
a=0.85
p,=1013 kg/m’
p, =78.22 kg/m’
f,=0.0399

D =3.048 mm
j, =8.78 m/s

&),
dZ exp

31.63 kPa/m

c d
fi=A-X° .Refa.(&) (ﬂ} - fi
l-«a
for :Re,, <2000
A=0.0007,a=0.481,b=09115

¢ =-0.2582,d =0.1007

f, =0.02248

1 D -
(dP/dZ)f ZEfi'pv‘Jvz‘&’z's'D 1

(dP/dz), =33.7 kPa/m

(dP/dz), . —(dP/dz),
(dP/dz)

Error =
foexp

Error =6.5%

Heat Transfer Model - Annular

a=0.85
D =3.048 mm
Re,, =1605

Pr, =3.03

k, =0.0624 W/m-K
U, =0.7672 m/s

U, =10.37 m/s

he, =10882 W/m*-K

6=1216x10" m

Nu =19.82

h=10169 W/m?-K

Error =6.6%

Variables and Properties - Wavy

P .. =1421kPa

r, test

G =200 kg/m*-s

X, rost, avg = 0.3254
Tr,sa[ =29.92°C
D =3.048 mm

pl’/’ll’Prl’cp,l’kl’lfg = f(xr,avg’Pr,test)

p, =1020 kg/m’

4, =1.20x10"* kg/m-s
Pr, =3.03

¢, =1.589 kJ/kg-K

k, =0.0628 W/m-K

i, =134.2 kl/kg
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Condensation Pressure Drop and Heat Transfer Models
Inputs Equations Results
pv’/’lv :f(xr,avg’Pr,[est) pv :7543 kg/m3
U, =1.49x107 kg/m-s
sz(Pmst) 0 =3.50x10"° N/m
(1-x)G-D Re, =3438
Re, =———
H
Re _x-G-D Re =13313
LA,
1-x)G
ca <4 1=)C Ca, = 0.00454
P o
2
We :M We, =49.1
o po
G-x
Friga = Fr,,,=1413
\/D'g'pv(pl_pv)
. (1-x)G .
J= J, =0.133 m/s
P
. xG :
Jy,=— J, =0.865 m/s
Py
J=it+7J j=0.997 m/s
='J—V. B =0.8671
.]1 +.]v
172
dP/d
X = u X =0.6683
(dP/dz),
0.809
= _ 02492~ 01535 | [P -
V,=0.3355-X Ca| o 1J 7, 202932 mis
B
a=—= a=0.67
1+V,/j
U =-I_ U, =04018 nvs
-
U =2 U, =1.29 m/s
o
(l—x)GD
Re,, = — Re,, =1890
u (1+a*)
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Condensation Pressure Drop and Heat Transfer Models

p,=1020 kg/m’
p, =75.43 kg/m’

A=0.0001,a=0.4773,b =1.0566
¢=0.064,d =0.6717

Inputs Equations Results
(8/Re,,)” v
fin =8 2.457-1 — !
+ [ n[(7/Re,vv)’ +O.27-(8/D)]] S, =0.03385
+(37530/Re,, )"
[Pressure Drop Model - Wavy
X =0.6683 A
Rela:1890 ﬁ:AX 'Rela'Frmod p_ J[1
Fr,,=1413 '
Fmod for :Re,, <2000 f,=0.04758
a=0.67

f, =0.03385 1 5 s (dP/dz), =1.197 kPa/n
D =3.048 mm (dP/dZ)f_Efi L |
j. =0.865 m/s
(Ej =1.401 kPa/m Error — (dP/dZ).flexp _ (dP/dZ)f Error =14.6%
% o (arlas),
Heat Transfer Model - Wavy
a=0.67 P2 1
D =3.048 mm (1-a)= 1-— —Esm(%—ﬁ) 6 =3.689
Re, = 3438
T,-T
p, =1020 kg/m’ Ja, = i (T , ) Ja, =0.08124
Pr, =3.03 't
c,; =1.589 kl/kg-K D3glol (Iol -p, )cpl
Ra= : Ra=5.65x10
k, =0.0628 W/m-K Mk,
i, =134.2 kJ/kg _
fg \ Nuwavy — (%j(Ra[Jall +1])0 25
p, =75.43 kg/m 2
T. .. =29.92°C AP =
o +0.0066 Rel® Pr* 1+[ij (&] [1—i) Nty =139-4
7—;nnerwall = 2310C - p" 2z
he, =10882 W/m*-K
X =0.3254
plese _ Ntk By, = 2872 W/m?-K
wavy D
exp _hwavy
Error = Error =2.8%
exp
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Condensation Pressure Drop and Heat Transfer Models

Inputs | Equations | Results
Variables and Properties - Annular - Rectangular Geometry
Pr, test 6460 kPa pl’/’ll’ Prl’ Cp,]’ kl’ ifg = f(xr, avg? Pr test) p] = 7079 kg/m}
G =393 kg/m’-s 4, =5.67x107° kg/m-s
xr, test, avg = 072 Prl = 480
T, ., =252°C c,, =5.994 kl/kg-K
D, =0.160 mm k,=0.0709 W/m-K
i,, =118.4 kJ/kg
pv’/’lv :f(xr,avg’Pr,test) pv =2447 kg/m3
4, =2.02x107 kg/m-s
o—:f(pms[) 6 =539%x10"* N/m
(1-x)G-D Re, =310.4
Re, =———
H
.G-D —
Re, = x-G Re, =2241
M,
1-x)G
ca =412 Ca, = 0.0164
PO
2
We _(xG) D We, =97.1
v pv . O_
G-x
Frga = Fr,,,=212
JD-g-p.(p-p,)
. _(1-x)G .
h=———— J; =0.155 m/s
P
. xG .
S = J,=1.16 m/s
Py
J=i+7J j=131m/s
=— Iy - B =0.882
.]1 + .]v
1/2
dP/d
X = (dp/dz), X =0.4844
(dP/dz),
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Condensation Pressure Drop and Heat Transfer Models

exp

Inputs Equations Results
0.809
7 _ 02492~ 01535 | [P L
V., =0.3355- X " . Cq ( /pv 1J 717 =0.1465 ms
B
a="= @ =0.793
14V, /j
U =-I_ U, =0.7503 nvs
-
U =2 U, =1.458 m/s
a
(l—x)GD
Re,, = — Re,, =164.2
u (1+a*)
- D>
BO:M Bo=0.2159
o
Heat Transfer Model - Annular - Rectangular Geometry
a =0.793 D
D =0.160 mm 5=5(1—\/E) 5=8.764x10" m
Bo=0.2159 1.0998
Re,, =164.2 S, = {1—0.0247-30‘0‘4706 [U—j J 8.; =7.839x10° m
Pr, =438 U,
k, =0.07087 W/m-K N = 0.0049 Re% Pro4| 1 u O\
U, =0.7503 m/s u Clo T'L U, Nu =1.403
U, =1.458 m/s . Nu -k,
he, =14867 W/m’-K TS, h=12687 W/m?*-K
exp _h
Error = Error =14.7%

Variables and Properties - Intermittent

P .. =1418 kPa

r, test

G =213 kg/m’-s

X, st ave = 0.1762
TLsal =29.92°C
D =1.0 mm

pl’/’ll’Prl’cp,l’kl’lfg = f(xr,avg’Pr,test)

p, =1020 kg/m’

4, =1.20x10"* kg/m-s
Pr, =3.03

¢, =1.589 kJ/kg-K

k, =0.0628 W/m-K

i, =134.2 kJ/kg

pv’/’lv = f(xr,avg’Pr,test)

p, =75.43 kg/m’
i, =1.49x107 kg/m-s

o=1(P )

6 =3.5%x10" N/m
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Condensation Pressure Drop and Heat Transfer Models
Inputs Equations Results
(1-x)G-D Re, =1466
Re, =———
H
.G-D —
Re, = x-G Re, =2531
H,
1-x)G
S Ut Ca, = 0.00590
PO
2
We _xG)D We, =5.35
- po
. (1-x)G
J= =0.172 m/s
P
. xG
Jy=— =0.498 m/s
Py
J=htJ, j=0.671m/s
—% P =0.743
.]1 + .]v
dP/dz
X =1.259
dP/dz
0.809 _
V, =0.3355-X "2 Cgl [ gl 1] V,=03734 m/s
IB =0.547
147,/ =
U= U, =0.3804 m/s
-
U =2 U, =0911m/s
o
— D’
Boz(’ol P8 Bo =2.646
o
[Pressure Gradient in Liquid Slug
U, =0.3804 ms Uy, =U, =2 Uy, =0.3804 ms
D =1.0 mm -
=1020 kg/m’ U -D
P gm Re,,, =2 Re,,, =3236
7
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Condensation Pressure Drop and Heat Transfer Models

Inputs

Equations

Results

4, =1.20x107" kg/m-s

(8 / Rey,, )]2

S =8 2.457-In
+ (7/ Re,,,)

+(37530/ Re,,, )"

16\"13

1
°’°+0.27-(s/D)D

1712

e = 0.04303

1 _
f;lug 'pl 'Uszlug D :

slug - E

(dP/dz)

(dP/dz),  =3174 Pa/m|

slug

[Pressure Gradient in Vapor Bubble/Liquid Film

Bo =2.646 ~ B _
Re, =1466 Uy = 2.394B0™" " Re, """ Upy, =0.6594 m/s
j=0.671m/s 0.5 0.1 ! 0.9
p, =1020 kg/m’ X, =0.3521= {&j (&j [—_ At j X, =0.4863
4, =1.20x10™* kg/m-s P K Xian
_ 3
P = ke C _A(1=%)G c = 0.00368
1, =1.49x107° kg/m-s % pubble = P a4, puppie = 0-
’ |
D=1.0 mm —
Rlube = 05 mm (dP/dZ)l
Kowbvle =| 775777 Kiuope = 0-4089
(dP/dz), !
o xlranG (1 - xtran ) G .
Joubble = + Jouppre =1.483 m/s
pv 101
‘7vj, pubble = 0-3355 - Xt?iﬁj ’ Cal(,)ﬁjs;e
( P 1]“‘” _ V. ounme = 0.3734 mys
Al LT " Jbubble
Py
Lowbbie =7 5 p . &, e = 0.7409
1+ ij,bubble / Joubble
D
Riiboie = N Couvpie 5 R =0-43 mm
Solve Iteratively
Uﬁlm = Uinlerface/ 2 Uﬁhn = 00371 II]/S
Rebubble — Iov ' (Ububble - Uinterface ) ' 2Rbubble Rebubble — 2560
H,
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Condensation Pressure Drop and Heat Transfer Models

Inputs Equations Results
(S/Rebubble)lz v
bubble — 8 . -ln L |
/ + [2 BT [(7/Rebubble ) +0.27-(e/ 2Rb“bble)D Sim =0.03658
+(37530/ Rey )"
dP/d
interface = M (Rtibe - Rt?ubble) Uinlerface = 00742 m/S
4u
U -U._. .
(dP/dZ) — fbubble Iov ( bubble 1nlerfd(,e) (dP/dZ )f/b — 549 Pa/m
" 4Rbubble
Transitional Pressure Drop
R, o =0.4304 mm ,
Rtube =0.5 mm APLran — pl Iil(ﬁubble j ]
Uﬁlm =0.0371 m/s tube Apmm =2822 Pa
Upup =0.6594 m/s .(Ububble Ui ) (Uslug Ui )
U, . =0.3804 m/
slug ®  (Dukler and Hubbard, 1975)
p,=1020 kg/m”>
Overall Pressure Gradient
Bo =2.646 Ly _ ~0.3353 0418 _
Re,, =3236 ——=0.19-Bo ‘Reg,, L. =6.14 mm
R, ... =0.4304 mm a= {—“bb}e j[—b“bble J L, e =4.54 mm
LUC Rtube
Ly = Lyjpe + leug leug =1.61 mm

R. =0.5 mm
dP dP Lbubble
4P 3174 pam dz ), \dz )y L,
dz )y ¢ . o (dP/dz), =5831 Pa/m
dP +(d_Pj ﬂ+ APmm L
(d_ =549 Pa/m dz slug Ly Lyc
%/ (dP/dz), . —(dP/dz),
APtran = 28.22 Pa Error = dé ; Error =2%
(dP/dz), .
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